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‘Forty-two’ yelled Loonquawl. ‘Is that all you’ve got to show for seven and
a half million years’ work?’

‘I checked it very thoroughly,” said the computer, ‘and that quite definitely is
the answer. | think the problem, to be quite honest with you, is that you’ve
never actually known what the question is.’

Douglas Adams, The Hitch Hiker’s Guide to the Galaxy



Abstract

The friction coefficient and the pad/disc stiffness, perpendicular to the friction force di-
rection, are considered important parameters for disc brake squeal. This is based on
theoretical considerations of the brake squeal excitation mechanisms and brake system
modeling. However, this is without experimental verification on a real brake system.

Because this work focuses on the disc/pad tribosystem parameter’s influence on brake
squeal, the friction coefficient and the pad’s normal stiffness have been investigated. Ex-
periments using different brake pads were carried out.

By analyzing the gathered data, the friction coefficient proved to have the most single
correlation to the brake squeal propensity, however counter-examples to the general trend
exist. The general trend of an increasing squeal propensity with increasing friction coef-
ficient is mainly supported by the European Metallic type friction materials, which also
tend to generate very high friction coefficient values during dynamometer testing.

In contrast to the friction coefficient, the pad’s normal stiffness is not in-situ mea-
surable with sufficient precision, so a model of the pad normal stiffness based on com-
pressibility measurements was developed. Using this model a clear trend of an increas-
ing squeal propensity with increasing friction coefficient and increasing stiffness can be
found. The local trends for the different friction material tests add up to a similar global
trend, but also produce counter-examples.

Linear squeal propensity regression models based on the friction coefficient and the
stiffness were built and used to calculate the squeal propensity for each test. The devia-
tions between the squeal propensity measurements and the calculated squeal propensities
from the models are in a suitable range to reproduce general trends. However, the models
are not able to precisely estimate the squeal propensity. This might indicate the existence
of additional (unconsidered) parameters.

Data mapping functions have been used to calculate characteristic values based on the
friction coefficient and the pad normal stiffness, one per brake application or one per test.



The correlation between the squeal propensity and these characteristic values, showed that
the measured squeal propensity trends can be maintained throughout data pooling. By
using specific characteristic values for squeal propensity models on the brake application
and test timescale, the squeal propensity models are not worse than the measurement data
based on squeal propensity models.

To judge the usefulness of the squeal behavior models, a “Model Quality Rating Mea-
sure’ was introduced. By using the squeal propensity regression models, the squeal
propensity of each test was calculated. The deviations between the calculated and the
measured squeal propensities were used to assess the model’s applicability. Additionally,
the Quality Rating was used to arrange the different models by usefulness.

One of the squeal propensity models with the smallest deviations between measured
and calculated squeal propensity for each test was built using a single characteristic value
per test. It was based on the percentage of friction coefficient values above 0.5 during the
test and on the modeled stiffness with a brake line pressure of 60 bar. This supports the
assumption that higher friction coefficient values drastically influence brake squeal and
that the squeal propensity is dependent on the pad normal stiffness, perpendicular to the
friction force direction.
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Variables

Symbol Description Unit
a Acceleration m/s?
A Area m>
c Stiffness N/m
Cp Brake pad bulk stiffness N/m
b0 Normal force independent part of the pad bulk stiffness ~N/m
Ce Contact stiffness N/m
Cleading Stiffness of leading spring in [49] N/m
Cirailing Stiffness of trailing spring in [49] N/m
d Compliance m/N
E Young’s modulus (direction see index) N/m?
f Numerator of stiffness model N2 /m?
freq Squeal frequency Hz
I Friction force N
g Denominator of stiffness model N/m
m Mass kg
Meenice  Amount of vehicle mass to be decelerated by the brake kg
M Torque N -m
Mg Braking torque N-m
n Number of measurements
N Normal force N
O Occurrence, number of data points for which noise

was detected
P Brake line pressure N/m?
Preshold 1 hreshold brake line pressure N/m?
P Suspected propensity (Bernoulli’s law)
Teff Brake’s effective friction radius m
Tdyn Dynamic running radius of vehicle wheel m

viii



Symbol Description Unit

Rﬁdj Adjusted multiple coefficient of determination, cp. [65]

ST Squeal index, squeal propensity

AST Difference between ‘measured’ and modeled %-age
squeal propensity points

SSE Sum of squared errors (cp. [65]) varies

t Time s

T Brake disc temperature °C

v Vehicle velocity m/s

z Displacement in axial direction (cp. fig. 2.1(a)) m

o) Characteristic value on different timescales varies

X parameter j, the absolute differential dz depends on varies

¢ Coefficient from regression model varies

n Brake’s efficiency

r Transformation to map data onto a different timescale

€ Absolute deviation between SI measurement
and true, but unknown squeal propensity

e Moment of inertia kg -m?

Ki Compressibility during i-th cycle um

A Coefficient of linear increase of stiffness with normal force 1/m

1 Coefficient of friction

o Standard deviation, statistic error of parameter according  varies
to index

T Time between two measurement points (equal to s
1/(sampling rate))

) Angle between trailing spring and friction force in [49] degrees

v Statistical confidence level

w Angular velocity 1/s




Indices

Index Type Describtion

upper Parameter value or dependence calculated by a
regression model

upper Average value of parameter

upper Mean value of particular parameter space

b lower Parameter related to the friction material bulk

ba lower Measured or calculated parameter value on the
‘one value per brake application’ timescale

B lower Parameter related to the brake

lower Parameter related to the contact at the
friction interface or stiffness
dynamometer lower Parameter related to a brake dynamometer

o

flywheel lower Parameter related to mechanical
inertia simulation with flywheels
fin lower Final value at end of brake application

i lower Number of measurement, characteristic value
or data mapping

ini lower Initial value at begin of brake application

Kin lower Kinetic (e. g. energy)

measured lower Measurand or parameter calculated based on
measured data

model lower Parameter related to a model

motor lower Parameter related to the electric motor
powering a dynamometer

M lower Parameter related to brake torque

p lower Parameter related to brake line pressure

pad lower Parameter related to pad

piston lower Parameter related to piston

real lower Theoretical or (unknown) true value

rt lower Measured or calculated parameter value on the
‘real-time’ timescale

rot Parameter related to a rotatory motion

sim lower Parameter related to dynamometer inertia simulation

T lower Parameter related to brake disc temperature

% lower Parameter related to vehicle velocity

vehicle lower Parameter related to vehicle




Index Type Describtion

tt lower Measured or calculated parameter value on the
‘one value per test’ timescale

wit lower Weighted model

X lower Tangential direction, as shown in fig. 2.1(a)

X,y lower Lateral, within the x-y-plane

y lower Radial direction, as shown in fig. 2.1(a)

z lower Axial direction, as shown in fig. 2.1(a)

i lower Parameter related to friction coefficient

Abbreviations

Abbreviation Description

ABS
EM
ESP
FE
FEM
FM
FRF
GFT
LACT
LDV
LM
MQRM
NAO
NS
OEM
SAE
SI

SM
SPL
SUV

Antilock Braking System

European Metallic Friction Material

Electronic Stability Program

Finite Element

Finite Element Method

Friction Material

Frequency Response Function

Gesellschaft fir Tribologie (Society of Tribology, German)
Los Angeles City Traffic (vehicle testing)

Laser Doppler Vibrometer

Low-Steel Low-Metallic Friction Material

Model Quality Rating Measure (as introduced in chapter 5.4)
Non-Asbestos Organics Friction Material

No-Steel Low-Metallic Friction Material

Original Equipment Manufacturer

Society of Automotive Engineers

Squeal Index

Semi-Metallic Friction Material

Sound Pressure Level

Sport Utility Vehicle

Xi



1. Introduction

Brake squeal phenomenon has been studied for nearly 70 years now. During this time
many researchers have contributed to solving parts of the problem, but until now, no
comprehensive solution is available.

For the brake industry, an intrinsic completely noise free brake system would be a
significant competitive advantage. Based on the consideration of the brake squeal excita-
tion mechanism, brake squeal generation is dominated by factors, which are part of two
different fields: structural mechanics and tribology. The recent research efforts more and
more focus on simulation methods, like the Finite Element Method. These methods in-
vestigate the structural components of the vibrating system in detail, e. g. the resonant
frequencies. However, parameters of the tribosystem, like the friction coefficient, are only
of secondary importance in these considerations.

On the other hand, different models with few degrees of freedom are mainly used to
explain the excitation mechanisms or to state general trends. Some of these models esti-
mate the friction coefficient and the stiffness perpendicular to the friction force direction
to be dominant parameters for the brake system instability.

So far, no experimental proof has been given, if the friction coefficient and the stiffness
are dominant parameters in brake squeal generation. Also, it is unclear if the stiffness
from small degree of freedom models can be easily related to the normal stiffness of the
brake system. For the investigated brake system, the stiffness perpendicular to the friction
force direction is mainly influenced by the brake pads. This stiffness will further also be
called (pad) normal stiffness. Unfortunately, it is not yet possible to measure the normal
stiffness of the pad during brake dynamometer testing. However, if it is possible to model
the pad normal stiffness, e. g. based on compressibility measurements, the correlation
between squeal behavior and pad normal stiffness can be investigated.

This work focuses on the tribological influence on brake squeal. From a tribological
point of view, it has to be experimentally verified, if the most important parameters of the
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brake/disc tribosystem, the friction coefficient and the pad’s normal stiffness, influence
brake squeal. Additionally it has to be investigated, whether these parameters are able to
dominate the squeal behavior in a way, that allows finding correlations.

A preferable way to estimate important contributors to brake squeal is to model the
squeal behavior and assess its dependence on the different input parameters. By so doing,
the influence of each single parameter and each parameter combination can be tested,
different tests can be compared and an overall picture of the squeal behavior dependence
on tribosystem parameters can be produced.

To judge the usefulness of the squeal behavior models, a “Model Quality Rating Mea-
sure’ (MQRM) must be found that allows the assessment and ranking of different models
according to their usefulness and applicability. Based on MQRM, it has to be determined,
whether a parameter influence on, and a correlation to, the squeal behavior exists and how
dominant this influence is.

Brake noise testing generates a huge amount of data. Therefore, it is common prac-
tice in the brake industry to pool the real-time data and calculate characteristic values.
A single so-called nominal friction coefficient is calculated from a whole dynamometer
test procedure’s data. It is unclear, if these characteristic values correlate to the squeal
behavior and which characteristic values are best for this purpose. However, by modeling
the squeal behavior based on characteristic values derived from real-time data, this can be
investigated.



2. Literature Review

In this chapter the present state of knowledge concerning the scope of this work is pre-
sented. After a short overview of the brake assembly, tribological aspects of brake systems
are shown.

Subsequently, a closer look is given to friction in general, leading consequently to
automotive disc brake friction materials in particular. The second focus of this work is on
elastic properties, their measurement and the role of the contact between brake pad and
disc on these elastic properties.

Thereafter, the brake squeal phenomenon is presented. This includes the squeal exci-
tation mechanisms and dependencies of brake squeal on various parameters and a section
about brake squeal measurement. The brake squeal analysis section is the connection
to the brake testing block. Here, different types of dynamometers as well as different
dynamometer operational modes and testing procedures are presented.

2.1. The Brake Assembly

2.1.1. Brake Components

The brake system can be divided into three subsystems. The mechanical subsystem, fur-
ther called the brake assembly, the hydraulic subsystem including the brake booster, mas-
ter cylinder and ABS pump, and the electronic subsystem with the control units of ABS,
ESP etc.

In this section the brake assembly and its common modeling approaches will be pre-
sented. For details on the other subsystems see Bosch’s Automotive Handbook [16].
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Disc brakes
\Y 1 a) Fixed caliper, b) Floating caliper.
i z 1 Friction pads, 2 Piston, 3 Brake disc,
4 Caliper, 5 Support.

Bearing
Knuckle Unit Caliper Disc

(a) Overview (b) Brake calipers (cp. [16])

Figure 2.1.: Brake Assembly

2.1.2. Overview and Coordinate System

An overview of the brake assembly is presented in figure 2.1 (a). The disc is mounted on
the hub bearing unit, which is carried by the knuckle. There are two categories for brake
calipers, fixed and floating calipers, as shown schematically in figure 2.1 (b). In the case
of a fixed caliper, the housing is rigidly connected to the knuckle and at least one piston
on each side of the brake disc forces the pad against the disc. For the floating caliper,
one or more pistons exert direct pressure on the inside friction pad. The floating caliper
then pushes the outer pad against the disc. Both, pad and floating caliper, are guided by
the anchor bracket. While fixed calipers are attached directly to the knuckle, for floating
calipers the anchor bracket is attached to the knuckle [16].

To ease the discussion of numerous motions, forces or elastic properties a coordinate
system will be presented here, as the directions of all these forces and motions are crucial
to the value. So, for this work, the z-direction is the axial direction, which is normal to
the disc surface. The tangential direction is indexed by x, and y is the radial direction
as shown in figure 2.1 (a). In-plane and out-of-plane are often used in the literature to
describe disc modes or motions within the xy-plane (in-plane) or perpendicular thereto
(out-of-plane). The edges of the brake pad are usually named inner edge (small radial
distance) and outer edge (large radial distance) in the y direction and depending on the
direction of disc motion leading edge (where a specific disc segment first touches the pad)
and trailing edge (where the segment touches the pad last). From the pad point of view,
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the rotation of the disc takes place from the leading edge to the trailing edge. The two
different pads are called inner or piston side pad and outer or finger side pad, respectively.
The inner pad, as the name suggests, is the pad on the piston side of the disc, which is (for
the floating caliper) the side more inside the wheelhousing.

2.1.3. Brake Disc

During the application of the brake, kinetic energy is mainly transformed into heat to
decelerate a vehicle. The main part of this generated heat is stored in the brake disc. Ac-
cording to Kemmer [58], pearlitic gray cast iron with 3 - 4 wg. % carbon has been settled
upon as the most widely used brake disc material, due to low cost, good machineability
and well-balanced properties (high heat conductivity and vibration damping due to the
flaky graphite, reasonable heat capacity and thermal stability).

According to Bargel and Schulze [6] the flake graphite is also the reason for different
behaviors under tensile and compressive stress. The compressive strength (~600 MPa to
720 MPa, according to Deike et al. [30]) is 3 to 4.5 times higher than the tensile strength
(~150 MPa to 300 MPa, [30]). This behavior forms a stress dependent Young’s modulus,
which decreases with increasing tensile stress. The compressive stress, usually generated
by brake applications, is less load dependent and in the range of 78 GPa to 113 GPa
(values according to Deike et al. [30]).

The brake disc consists of the friction ring, where the contact between brake pads and
disc takes place, and the hat section, where it is mounted on the hub bearing unit. For
lighter vehicles the friction ring is solid, while for heavier or high performance cars and
trucks vented discs, two friction rings are connected via vanes for better heat dissipation,
are used.

2.1.4. Brake Pads

Besides transforming kinetic energy into heat, there are various needs, which should be
met by the friction couple, namely by the brake pads and disc, in a disc brake. These
needs include low wear rates, good machineability, stability of the coefficient of friction
and low price among other things, as described by Blau [13], Kemmer [58] or Nguyen
and Taylor [69]. Changes to improve the friction couple are mostly made within the brake
pad.
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Table 2.1.: Typical ranges of the more common constituents of brake pads (cp. [13])

| Category | Constituent | Range [vol%] | Typical value [vol%] |
Binder Materials Phenolic resin 10 - 45 20-25
Fillers and Reinforcements | Barium sulphate 0-40 20-25
Fillers and Reinforcements | Fibers 5-30 n.s.
Fillers and Reinforcements | Cashew particles 3-30 15-20
Friction Modifiers Graphite 0-15 5-7
Friction Modifiers Metal sulphides 0-8 0-5
Friction Modifiers “Friction dust” 0-20 n.s.
Abrasives Abrasives 0-10 2-3

The mechanical strength of brake pads is mainly achieved by a metallic backplate.
In a complex process 10 - 20 different ingredients in powder form are pressed on the
backplate [69]. This part of the brake pad is normally referred to as friction material (FM)
or lining [58], while the mix of ingredients is called formulation within the brake industry.
To improve adhesive strength and damping of the friction material, an underlayer with a
different composition is inserted between the backplate and the friction material before
pressing. On the reverse side of the backplate often a shim (also called insulator) is
attached to the backplate to decrease emitted noise.

According to Blau [13] the ingredients may be grouped based on their expected func-
tions into abrasives, friction modifiers, fillers and reinforcements or binder materials. A
lot of different materials are used within each category as summarized by Blau [13] or,
within a more recent review of automotive brake friction materials, by Chan and Sta-
chowiak [23]. Typical compositions of industrial friction materials are shown in table 2.1.
While nearly all of the constituents are self-explanatory, ‘Friction dust” commonly con-
sists of processed cashew shell resin and may have a rubber base which includes some
additives used to reduce spontaneous combustion or help particle dispersion.

A common classification of disc brake pads is based on its ferrous and non-ferrous
metal content as shown in table 2.2. In some publications (e. g. by Chan and Stachowiak
[23]) the No-Steel Low-Metallic friction material type is also termed Non-Asbestos Or-
ganics friction material (NAO), which is a quite confusing term, because asbestos have
been banned in friction materials nearly throughout the whole world since the 1990s. Ac-
cording to Wiaterek [20, chap. 23] in Japanese friction material philosophy NAO refers
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Table 2.2.: Friction material type classification (analog to [22])

| Category | Abbr. | Metal content [wt %] | Metal type |
Semi-Metallic SM > 40 ferrous
Low-Steel Low-Metallic | LM <15 ferrous and non-ferrous
No-Steel Low-Metallic NS <15 non-ferrous
European-Metallic EM 15— 40 ferrous and non-ferrous

to friction materials with organic binders and without steel wool.
A broad survey of needs, composition, production and quality assurance of brake pads
is also given by Oehl and Paul [70].

2.2. Brake System Tribology

In this section, the tribological system of disc brakes is presented. After looking at the
definition of tribology and the tribological system, the contact situation in disc brakes,
friction and the elastic properties of brake friction materials are discussed.

2.2.1. Tribological System of Disc brakes

The first definition of tribology was stated by Jost [56]: “Tribology is the science and
technology of interacting surfaces in relative motion and related subjects and practices.”

According to DIN 50 323 tribology embraces the science and associated technology
devoted to the interaction of surfaces in mutually opposed states of motion (cp. tribologi-
cal concepts in [16]). It focuses on the entire range of friction, wear and lubrication, and
also includes the effects at the contact surfaces of solids as well as those between solids
and gases.

As shown in figure 2.2 and described also by Czichos and Habig [28], a tribological
system or tribosystem consists of the material elements, the properties of these elements
and the reciprocal effects between the elements. The elements’ properties and their recip-
rocal effects form the structure of the tribosystem. As the composite stress factor, e. g.
forces, motion and temperatures, acts upon this structure it is transformed into useful
quantities and loss quantities. This classification depends also on the particular system
- in figure 2.2 the friction is listed as a loss quantity, but for the brake system friction is
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Figure 2.2.: The tribological system (cp. [16])

both wanted and useful. Because tribological stresses are surface stresses, the previously-
mentioned properties must also be viewed as surface characteristics.

2.2.2. Contact Situation of Disc Brakes

Hertz was the first to solve the normal contact problem in 1881. According to Mao
et al. [64] Hertz’ theory is for perfectly smooth surfaces of elastic homogeneous and
non-conforming bodies and the surfaces are assumed to be frictionless, so that only a
normal pressure is transmitted between them.

Since then, various authors have expanded the understanding of contact mechanics,
which is far beyond the scope of the present work. A summary and further references are
presented by Willner [96].

Real surfaces are generally rough. Therefore the real area of contact, where the as-
perities of the opposing rough surfaces are in contact, is only a fraction of the nominal
macroscopic area of contact. According to Bowden and Tabor [17], if two solids are
placed in contact, the upper surface will be supported on the summits of the irregularities,
and large areas of the surfaces will be separated by a distance, which is large compared
with the molecular range of action. They expect that in most practical cases, for all types
and shapes of surface irregularities, the real area of contact will be very nearly propor-
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tional to the load. They found a linear load dependent area of real contact for steel and
silver surfaces by measuring load dependent electrical resistances.

While theoretical calculations of the true area of contact are acceptable for static con-
tact, there is no reliable theoretical or experimental method of determining this area during
sliding, according to Ibrahim [54]. Thomas [87] stated that the assumption, most engi-
neering surfaces would have a Gaussian summit height distribution, should be used with
caution and that the technical important process of grinding should not produce a Gaus-
sian height distribution. Nevertheless, Thomas stated that the Gaussian assumption is
rather robust, and even for undeniably non-Gaussian surfaces it yields statistical predic-
tions which are in good agreement with experiments.

Even though the theoretical details of these contact models are not necessary for this
work, the relationship between the contact stiffness and the normal load is crucial for
the stiffness model of the tribosystem presented later. Thomas and Sayles [88] showed a
load dependent contact stiffness dependence for a Gaussian height distribution of elastic
asperities using the model of Greenwood and Williamson [47]. This contact stiffness c..
shows a linear dependence on the normal force N with ). as a factor:

dN
——=
Sherif [82] confirmed for elastic contact, that on principle, the contact stiffness in-
creases with increasing load. He investigated the contact model of Greenwood and Will-
iamson as well as the one of Onions and Archard, which is based on the results of the
theory of Whitehouse and Archard. The behavior of contact stiffness variation with nor-
mal load is in both cases similar to that of a stiffening spring.

Ao N (2.1)

Ce =

According to Persson [75] every height distribution, in which the number of asper-
ities of a given height decreases rapidly with increasing height leads to an approximate
exponential force vs. axial-displacement relationship, thus leading to a A changing quite
slowly with axial displacement. Thomas and Sayles [88] showed a constant A to be a
good approximation as the axial displacement is only varied to a minor extent by the
usual applied normal forces during brake applications. This is especially true for for the
typical practical vibration condition of a relatively small periodic normal force variation
superimposed on a large static normal preload.

For disc brakes, multiple authors have done research on the contact situation in recent
years. Based on their experimental research Eriksson and Jacobson [38] introduced the
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Figure 2.3.: Schematic of the contact situation between an organic brake pad and a brake
disc (cp. [38])

theoretical concept of the disc brake contact situation processes, schematically shown in
figure 2.3: The primary plateaus are first formed, due to better wear resistance of some
ingredients (mostly fibers) with regards to the three-body abrasion generated by wear
debris [40]. Debris, in the form of small particles, piles up against the primary plateaus,
as observed in-situ by monitoring the contact of pads running against a glass disc [40].
The normal pressure, shear forces and the frictional heat combines to compact the debris,
forming secondary plateaus. The lateral size of the secondary plateaus varies with the
brake pressure, as described in [40] and [35]. The top layer of the secondary plateaus is
less than 1 um thick, more homogeneous (compared to the rest of the 5 - 10 um thick
secondary plateau) and has nanoindentation hardness values, which are in the same range
as the fibers, according to Eriksson and Jacobson [38].

Osterle and Bettge [71] investigated a brake friction material using topographic exam-
ination methods such as a confocal laser scanning microscope and an interference micro-
scope as well as micro-analytical and surface layer characterizing methods like scanning
electron microscopy, light microscopy and Focused lon Beam. They contradicted Eriks-
son and Jacobson [38] that the characterization of contacting surfaces as plateaus protrud-
ing from the surface is generally valid. However, they did confirm a lower roughness on
the contacting surfaces compared to the area surrounding them.

Kemmer [58] experimentally investigated the friction layer between pad and disc and
modeled it as a granular medium. In his simulations he found the contact stiffness of
the granular friction layer to be directly dependent on the particles’ diameter, the shear
modulus of the particles’ material, the friction coefficient for the interactions among the
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particles, the normal force, and inversely dependent on the friction layer’s thickness. With
his experiments, he showed that for one friction material, higher pressures lead to smaller
wear debris particles.

In various publications (e.g. [2],[46],[61] or [74]), the Finite Element Method (FEM)
is used to model disc brakes, mostly to investigate brake noise. In these studies, often
an extra look is taken on the contact situation by modeling the contact with different
elements. The stiffness or Young’s modulus at the contact is assumed to depend on (local)
forces, while for the rest of the friction material commonly constant elastic properties are
used.

2.2.3. Friction

Various authors, e. g. Bowden and Tabor [17], Dowson [32], Ibrahim [54] and Kemmer
[58] have summarized the history of friction. The very first recorded theory, that *Friction
produces double the amount of effort if the weight be doubled’, is attributed to da Vinci
[29], as described in [17] and [32]. In the following decades and centuries, numerous
researchers have improved our understanding of the friction phenomenon, e. g. Amontons
[4] and Coulomb [26].

While the exact history of friction and the achievements of each researcher can be
read in the cited sources, the most recent “definition’ of friction by the GfT (Society of
Tribology) states friction as an interaction between contacting bodies, which acts opposite
to relative motion [45]. Commonly, the terms friction and friction force are used in an
equal sense, while friction is the interaction and the friction force is the force resulting
from this interaction.

The friction coefficient 1 is commonly defined as factor between the friction force F,

and normal force N [15], namely
F,

=N

Today, it is common knowledge, although often disregarded, that friction is not an
intrinsic property of the two contacting materials, but a material- and a system property
[15]. According to Blau [15] the number of potential friction-affecting factors is large
and models for friction have used geometric arguments (surface roughness and asperity
interlocking), mechanical properties-based arguments (shear based properties of the solids
and of the substances between the surfaces), fluid dynamics approaches, considerations
of electrostatic forces between surface atoms, and chemical compatibility arguments.
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Czichos and Habig [28] classify the friction mechanisms into adhesion with shearing,
plastic deformation, plowing or abrasion, and elastic deformation with hysteresis and
damping. They further state that only under idealized simplified conditions there is a
correlation between friction mechanism and macroscopic friction force. In operational
systems the elemental friction mechanisms superpose in temporal and regional changing
fractions. This leads, according to Czichos and Habig [28], to an inability of theoretical
prediction of friction behaviors, which is also confirmed by Ibrahim [54] for many dry
extended contacts.

Blau [15] advises that the use of the friction coefficient is not appropriate in some
cases. He finds the term ambiguous for the “stick-slip’ phenomenon or in micro- or nano-
tribology, where the coefficient of friction during scratching becomes a strong function of
the tip geometry. An example of the friction phenomena in nano-tribological investiga-
tions with an atomic force microscope is given in [51].

For disc brake systems, the tribometer design is within the torque measurement cate-
gory, according to the classification given by Blau [14]. For most brake dynamometers no
direct measurement of the normal- or the friction force are implemented. The coefficient
of friction is calculated from brake torque M g and brake line pressure p measurements as
specified in the SAE J2521 standard [94] and shown in equation 2.2:

Mp
2- (p - pthreshold) * Teff Apiston N

p= (2.2)

The threshold pressure pnreshoid 1S Usually assumed to be 0.5 bar for disc brakes, the
effective friction radius re IS defined as the radius to the center of the piston, whose
area is Apision and the efficiency 7 is assumed to be 100 %, according to the SAE J2521
specification [94].

For automotive disc brakes, the friction behavior has been investigated by various
authors. A typical phenomenon for brakes is an increasing mean coefficient of friction per
brake application during the first brake applications with new brake pads and disc (cp. e.
g. [58]) or after a period of inactivity [92], called run-in behavior. Therefore, the number
of brake applications conducted with same controlled parameters, until a stable mean
coefficient of friction per brake application is reached, is called run-in period. Kemmer
[58] found a lower friction coefficient resulting from interventions against the tribological
interface, such as removing the particles between the pad and disc with compressed air,
which fully recovers to the previous value after a repetition of the run-in period.



2.2. Brake System Tribology 13

During the run-in period a third body is formed. According to Kemmer [58] a transfer
film is attached to the disc while a friction film forms on the friction material surface.
Trapped between these layers are wear particles mainly originating from the brake pads,
which are called a friction layer [58] and form the films (and plateaus [40]). The friction
film was also investigated by Filip et al. [43], who found no simple correlation between
composition of the friction film and friction material formulation. Gudmand-Hayer et al.
[48] found no transfer layer for stops with moderate energy and power (‘low duty’), while
there was a larger transfer layer after a test with ‘high duty’ stops. Osterle et al. [72] inves-
tigated friction and transfer films and showed that oxidation processes play an important
role in the development of the third body on a surface of friction-producing couples. From
his modeling of the friction layer as granular medium, Kemmer [58] found inverse depen-
dencies of the friction coefficient on the wear particle diameter, shear modulus and normal
force. While an increasing coefficient of friction among the particles, friction layer thick-
ness (for thin layers), disc roughness angle and height of pad plateau led to higher friction
coefficients. Kemmer [58] showed experimentally for one pad material that smaller wear
debris particles within the interface, which were generated with higher brake line pressure
during a run-in period, led to a higher coefficient of friction.

According to Eriksson et al. [37] the coefficient of friction is higher for decreasing
brake line pressure than for increasing normal load during an experiment with continu-
ously changing brake line pressure. Eriksson [34] states that the reason for the run-in
behavior and the increase of the friction coefficient during a brake application, normally
with decreasing velocity and thus called in-stop friction increase, is mainly correlated
to the formation and shape adaption of the contact plateaus. Eriksson and Jacobson [39]
confirmed the velocity dependence by making brake applications with increasing velocity.
They concluded, that the coefficient of friction depends on the absolute value of velocity
rather than on the velocity change. Stolz et al. [86] showed by conducting acceleration
brake applications that the in-stop friction increase is usually not dependent on tempera-
ture or a brake time effect, but is velocity dependent.

Ddorsch [31] investigated the periodic change of local contact variables. Using an in-
frared thermo-camera he observed nearly periodic radial oscillating temperature rings on
the brake disc. The oscillating frequency and peak temperature increased with increas-
ing energy per brake application. The radial size and peak value of the ring temperature
is also a function of the pad hardness. The oscillation of temperatures indicates an os-
cillating contact radius, which is supported by the measured in-phase oscillating brake
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torque. The measurement of local friction coefficients with a specially designed machine,
enabled him to detect increasing friction coefficients on the pad during the run-in period.
He also found areas with a similar local coefficient of friction in the circumferential di-
rection, while the coefficient of friction in the radial direction differs over the investigated
area. However, as the local friction coefficient could not be measured in-situ during brake
application, the test was interrupted and the brake pads’ friction coefficient was measured
with an external analyzer. As the friction coefficient is not only a material- but also a sys-
tem property the measured local friction coefficients might differ from the local friction
coefficients during brake application.

Kemmer [58] showed, that the history of a brake system, which consists of the collec-
tivity of all previous brake applications, modifies the tribological interface in a determinis-
tic way. The condition of the tribological interface determines the friction characteristics,
e. g. the value of the friction coefficient. For randomly varied brake line pressure, initial
and final velocity and initial temperature statistical regression models are not able to de-
scribe the behavior of the friction coefficient satisfactorily, because of friction coefficient
changes due to brake history, resulting in so-called history effects [58]. Nevertheless,
parameter dependency tendencies can be obtained from such models.

2.2.4. Elastic Properties of Disc Brake Friction Materials

The elastic properties of friction materials are anisotropic, temperature and history depen-
dent, and nonlinear, according to Richmond et al. [77]. They showed uniaxial stress/strain
curves (in the z-direction) of friction materials in tension and compression. In tension, the
material behaves as if it has a very low yield stress, but then hardens isotropically. In com-
pression, the results are very different, the material has a much higher strength, becomes
progressively stiffer as the normal force is applied and the load versus deflection curve
shows a hysteresis.

For brake pads, non-destructive testing is preferred, mainly because the brake pads
are normally tested before dynamometer tests are conducted. Therefore, the estimation of
material properties usually differs from the standardized tests, e. g. described by Bargel
and Schulze [6].

The procedure used for defining pad axial stiffness (ISO 6310) uses a widely known
compressibility machine, and is mainly used as an important factor for brake pedal feel,
e. g. as investigated in [50]. The brake pad is placed between a flat surface on its disc
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Table 2.3.: Elastic properties of brake friction materials (cp. [18])

| Physical value | Range | Unit |
Compressive strength (z-direction) 30-100 | MPa
Compressive strength (x-direction) 20-70 | MPa
Young’s modulus E, (Grindosonic) 2-15 | GPa
Young’s modulus £, (Ultrasound) 5-25 | GPa
Young’s modulus £, (Compressibility) | 0.3-3 | GPa

side and an adapter, which has the dimensions of the piston in the x and y directions.
While applying force, the compressive deformation is measured. From the measured
deformation, the (mainly) axial Young’s modulus or a stiffness in axial direction can be
calculated [5]. Augsburg et al. [5] found an increasing axial pad stiffness with increasing
normal force preload and with increasing frequency of a normal force oscillation.

Rinsdorf [79] also conducted measurements of the quasi-static elastic properties of
brake friction materials. By cutting out samples from the brake pad he was able to estimate
the compressive Young’s moduli in axial and tangential directions in a similar way as
described above. Additionally, he estimated the tangential Young’s modulus with a four
point bending test and found them to be 20 % less compared to moduli from compressive
or tensile tests. One explanation for this difference is the inhomogeneity of the friction
material, which influences the bending test a lot more than the compressive or tensile
material testing.

By using an ultrasonic test method, elastic moduli at a frequency of 1 MHz can be
determined. By fixing the samples between a transmitter and a receiver the Young’s and
shear moduli in all directions can be calculated from the time it took for the waves to
pass through (cp. [5] and [19]). During conducted ultrasonic measurements a transversal
isotropic material behavior is observed and a ratio between the lateral Young’s moduli
E,, = E, = E, and the axial Young’s modulus is £, ,/E. ~ 3.8, according to Brecht
[18]. He also presented the natural frequency technique, where the Young’s modulus is
measured by using a mechanical impulse to induce a bending vibration in a bar-shaped
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sample (Grindosonic). This very simple method calculates the lateral Young’s modulus
based on a linear isotropic material law. Brecht [18] investigated the temperature influence
on the lateral Young’s modulus, which has the lowest value of approximately 8 GPa at
400 °C during increasing temperature and the highest value of approximately 16 GPa at
300 °C (decreasing temperature).

Schmalful? [81] investigated the frequency dependence of brake pad damping with a
hydropulse compressibility machine in the frequency range up to 100 Hz. For a sinusoidal
external normal force oscillation, she found a decreasing energy dissipation per cycle
with increasing preload, which is the mean value of the normal force. With increasing
oscillation frequency, the energy dissipation per cycle increases.

An overview of typical ranges of elastic friction material properties at room tempera-
ture is given by Brecht [18] and shown in table 2.3.

2.3. Brake Squeal

In the last couple of years brake noise has become the leading cause of customer com-
plaints regarding brake systems. From a commercial point of view, solving the brake noise
problem would save a lot of money and be a competitive advantage. Brake noise does not
compromise the function and safety of the brake, but it has become a major comfort prob-
lem, because todays vehicles are becoming increasingly quieter. After classifying the type
of brake vibrations a short survey of the brake squeal mechanisms is given in this section.
The section closes with a summary of parameter dependencies of the squeal phenomenon
for both, modeling and experimental approaches.

2.3.1. Types of Brake Vibrations

According to Wallaschek et al. [95] brake vibrations and noise are usually named accord-
ing to how they sound (or feel) and are classified as following:

* Judder is a low frequency (< 100 Hz) forced vibration, excited by cyclic non-
uniformities of the friction force. The vibration frequency is proportional to the
wheel speed and often the amplitude of vibration varies due to the resonance am-
plification of suspension or vehicle structure modes.

» Groan, moan and howl are characterized by one or more single frequency pure
tones, whose frequencies are generally independent of wheel speed, temperature
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and pressure. The key feature of this type of vibration is that the energy flow into the
system gets synchronized in phase with a vibration mode of the structure, resulting
in a positive feedback loop. Groan and moan are usually associated with lower
frequencies (100 Hz - 500 Hz) than howl (500 Hz - 1 kHz).

» Low-frequency squeal is associated with frequencies between 1 kHz and 3 kHz.
High-frequency squeal covers the range from 3 kHz to 20 kHz. It is generally
accepted that brake squeal (as well as groan, moan and howl) are a result of self-
excited oscillations. Squeal frequencies are in general nearly invariant, because
they are strongly coupled to the resonances of the brake system.

» Wire-brush is a superposition of high frequency oscillations with randomly varying
amplitude. According to Crolla and Lang [27] it is often observed prior to the
occurrence of squeal.

 Squelch is a superposition of several high-frequency vibrations resulting in a low-
frequency amplitude modulation of the envelope. While the frequencies of the car-
rier waves are in general time-invariant, the lower modulation frequency is contin-
ually variable.

2.3.2. Squeal Mechanisms

The first sets of investigations on brake squeal were conducted by Mills [66]. As described
by Kinkaid et al. [59], Mills attempted to correlate friction pairs, showing a decreasing
friction coefficient with increasing sliding velocity, to the occurrence of drum brake squeal
without arriving at any definitive conclusions. Since then, a lot of research on the field of
brake squeal mechanisms has been done, which will be summarized in this section.

Although some of the shown squeal mechanisms are said to be not important for
squeal, some researchers (e. g. Chen et al. [25] and Mottershead and Chan [68]) con-
cluded that it is likely that there is no unique mechanism, which is solely responsible, but
that squeal may be triggered by any one of a number of mechanisms. Figure 2.4 shows a
categorization tree for friction induced vibrations in brakes as proposed by Hultén [53].
Please note, that this classification is not without controversy: For stick-slip to occur a
higher static than dynamic friction coefficient is necessary, but e. g. coupling mechanisms
can occur even if the friction coefficient is not constant.
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Figure 2.4.. Categorization tree for friction induced vibrations in brakes (cp. [53])

Stick-Slip

Stick-slip is the classical example for a self-excited vibration, which means the system is
fed as much energy per cycle as needed to maintain the vibration, e. g. as for a mechanical
clock [63].

Rinsdorf [79] showed the existence of a critical belt velocity for a one-degree-of-
freedom model, a single mass oscillator with damping on a moving belt with friction
interface. For belt velocities above the critical value, the mass does not achieve the belt
velocity, due to the damping. Therefore the motion dies out and no stick-slip occurs. For
belt velocities equal to or less than the critical value, a periodic stick-slip behavior is ob-
served after a tune-in cycle. This critical velocity decreases with increasing damping and
vibration frequency and increases with increasing normal force and difference between
static and dynamic coefficient of friction.

After verifying similar trends with multi-body systems, FEM and experiments Rins-
dorf [79] concluded that stick-slip only occurs for low-frequency noise at very low ve-
locities. From his diagrams one can estimate a friction interface velocity below 0.2 m/s
(correspond to less than 2 km/h vehicle velocity for the brake used in this work) for real-
istic masses, damping, normal forces and friction coefficients.
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Hammering

Rhee et al. [76] proposed a simple mechanical impact model for noise excitation, which
they called hammering. If the noise frequencies identified in a vehicle test of the same
brake also match those from modal analysis of the brake components or the brake assem-
bly, brake noise and vibration might be activated by a ‘hammering’ type of mechanism,
not dissimilar to the analysis where a hammer or shaker is used to induce brake compo-
nent vibration. Hammering during braking may be initiated by the rocking action of the
pads when they slide across the disc surface against “hills and valleys’, which are formed
by thermal distortion (so-called hot-spots) or by any other mechanical distortion. These
mechanical distortions can include uneven disc wear (resulting in disc thickness varia-
tions) or massive friction material transfer to the disc. The impacted pads might in turn
hammer the caliper or disc, and thus start a chain reaction of hammering among the brake
components.

The authors concluded that the model is not inconsistent with the flutter type theories,
although it differs from them in that it depicts the physical process by which the noise
and vibration are activated. Moreover, stick-slip can also be treated as a secondary mech-
anism of hammering, since a relative velocity of zero between the components is needed.
Hammering is not included in many of the recent models or investigations of brake squeal.

Negative u-Velocity Slope

A single mass oscillator can also become unstable due to a decreasing friction coefficient
1 with increasing velocity v, usually called negative slope (of the friction-velocity char-
acteristic). The du/0v < 0 characteristic can be taken as negative damping and if the
resulting excitation energy exceeds the energy loss due to damping, instability will occur
[3]. Hultén [53] states however, that the destabilizing effect of the ‘Negative p-Velocity
Slope’ is less than the stabilizing effect of the material damping of the parts.

Kinematic Constraint Instability

The combination of friction forces with certain geometries can lead to self-locking, often
called kinematic constraint instabilities in literature. If there, at any circumstance, exists
a contact pattern that can give self-locking (first introduced in the sprag-slip model by
Spurr [85]), the self-locked parts will deform until the geometry and/or the contact pattern
changes enough to result in a slip phase [53]. The slip phase persists until conditions for
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a new self-locking cycle exist. According to Flint and Hultén [44] kinematic constraint
models are very simplistic and by themselves not well suited to model a complex disc
brake.

Flutter Type Instability (Modal Coupling)

Chen et al. [25] summarized the mechanisms and causes of squeal. From their studied
references, they concluded that at low frequency (below the first in-plane mode of the
disc), squeal of a disc brake system is usually caused by modal coupling between rotor
and other brake components such as knuckle, caliper, anchor bracket, pad or even wheel.
Modal coupling between in-plane and out-of-plane modes of the disc, or modal coupling
between a disc out-of-plane mode and a pad mode is usually responsible for high fre-
quency squeal. Modal coupling requires the proper vibration phase relationship between
two modes.

Binary flutter is a term for the state oscillation, in which energy is exchanged between
two modes of vibration in a way that feed additional energy into the system [44]. Ac-
cording to Flint and Hultén [44] follower forces as well as lining deformation can lead
to binary flutter, however, modal coupling can also result without (the consideration of)
follower forces, if two-degrees of freedom are coupled by any other interaction.

Follower forces change their directions as the geometry changes (e. g. due to vibra-
tion), therefore, strictly spoken, normal and friction forces are follower forces [3], even as
models rarely consider. A rotation of the rotor segment will result in friction force com-
ponents perpendicular and normal force components parallel to the original (unrotated)
surface [53]. This coupling between rotational degrees of freedom and radial and tangen-
tial force components and the non-conservative character of the described follower forces
can lead to instability [3]. According to Mottershead and Chan [68] for a FE model con-
sidering follower forces, flutter instabilities in brake systems occur primarily as a result
of symmetry, when two normal modes coalesce at a critical frequency. In the general case
of flutter in structures, it is necessary to cause two modes to coalesce by the application
of load.

Hultén [52] developed theories regarding drum brake squeal, termed lining-deforma-
tion-induced instability, which are basically an extension and refinement of the binary
flutter mechanism. For drum brakes four mechanisms lead to generation of traveling
waves, which can couple and lead to instabilities [53].
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Flint and Hultén [44] investigated the effect of follower forces, as well as lining-
deformation-induced couplings with a disc brake model. While the effect of follower
forces is shown to be marginal, the lining-deformation-induced couplings can be of sig-
nificant importance, as a factor in generating instabilities. They also state, that the ob-
tained results from the model show good agreement with squeal measured in a vehicle
test, using the modeled brake system.

Allgaier [3] showed for a disc brake related pin-on-disc system, that the system insta-
bility was due to the coupling of a pin and a disc mode, while Lang and Newcomb [60]
showed the modal coupling squeal correlation for a drum brake.

2.3.3. Squeal Dependence on various Parameters

Automotive brake squeal depends on numerous variables. In engineering science there is
commonly a strict distinction between controlled variables, called parameters, and physi-
cal parameters being quantified by measurements, called measurands. As the definition of
the latter is commonly accepted for ‘parameter’ numerous definitions exist for different
areas, e. g. mathematics, computer science, engineering etc. Not all variables used in
this work are well-defined parameters or measurands. Some parameters, e. g. brake line
pressure, are controlled and measured, while others like temperature are only controlled
during some brake applications or in some dynamometer modes (cp. section 2.4.1). To
simplify this issue, all variables in this work will be called parameters. Furthermore, ‘pa-
rameter’ is used in the mathematical sense, being an argument of a function or, on a more
abstract level, an input variable (for modeling dependencies). Besides the purely theo-
retical distinction, the readability of this work greatly improves by not having to classify
each variable in each context.

Bergman, Eriksson and Jacobson investigated the influence of various parameters on
brake squeal, summarized in the doctoral theses of Bergman [7] and Eriksson [34]. They
also introduced the squeal index (SI), which is the number of registered squeal events
divided by the number of measurements, basically the squeal propensity.

Bergman et al. [11] showed a general reduction of squeal index as the nominal contact
area was halved, for all three tested surface geometries. By removing 5 % of the nominal
contact area along the radial outer edge of the pad, the ocurrence of squeal was reduced
by 40 %.

Bergman et al. [9] further showed, that (for their brake) there were no squeals gener-
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ated when the coefficient of friction was below a critical value and a very small friction
increase could lead to a dramatic increase in squeal generation propensity.

In publications [8] and [12] the influence of solid lubricants on friction and squeal
was investigated. Within the investigated three different organic pad matrix composi-
tions, there existed a strong relationship between the friction coefficient and the squeal
index, although no general trend for all three pad matrix compositions could be found. It
is clearly shown that none of the solid lubricant additives C'usS, PbS or SbySs by itself
possesses any general squeal or friction reducing properties. For their test, they concluded
that for a given friction material a higher friction coefficient will lead to the generation
of more squeal events. During a deeper investigation of C'u,.S within a single pad ma-
trix material, they found that the addition of C'u,.S consistently reduced the number of
generated squeals with a minimum of 4 - 8 vol % C'u»S.

Eriksson et al. [35] found an increasing size of contact plateaus with increasing brake
line pressure. For their conducted tests, there seemed to be a correlation between the
properties of the contact plateaus and the squeal generation. One type of pad, where the
contact plateaus grew with increasing brake pressure, was less prone to generate brake
squeal than the modified pads with almost non-growing plateaus. Osterle et al. [73] also
found smaller contact spots on a train brake pad after interrupting the test in a squealing
state, compared with the contact plateaus estimated after the pads were silent.

Eriksson et al. [36] further investigated the initialization and inhibition of disc brake
squeal. For this purpose they grit blasted a sector of the disc and concluded from their
experiments, that squeal is generated almost instantaneously when the contact conditions
are right and is maintained only if the contact conditions continuously promote it. Also a
high and evenly distributed friction coefficient is needed to initialize brake squeal, how-
ever it can be maintained with only a small part of the pad experiencing a coefficient of
friction high enough for squeal to be initialized.

Eriksson et al. [41] also showed that the tested pads show a larger in-stop friction
increase at low relative air humidity. Humidity has a stabilizing effect on the friction
coefficient for relative humidities between 20 % and 80 %. For relative air humidities
above 80 % the mean coefficient of friction per pad and test increased for some pads, while
it decreased for some other pads with respect to further increasing relative air humidity.
The correlation between air humidity and brake squeal generation was limited. One pair
of the tested pads displayed significantly higher squeal generation in dry atmosphere than
in humid. None of the pads showed lower squeal generation in dry conditions.
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Eriksson and Jacobson [39] investigated the influence of speed and pressure varia-
tions at velocities below 4 revolutions per second (corresponding to vehicle speeds below
approx. 26 km/h). Within the limits of their test, an increasing squeal index with an in-
creasing mean coefficient of friction per test was clearly visualized. Their investigation
also suggests that the friction level is more important than the local slope of the u-v curve
for squeal generation. During their tests, the separation between the friction curves for
increasing and decreasing velocity was very small, which means that the coefficient of
friction depends on the absolute velocity only. For some pads a hysteresis was observed
in the u-p curves, which indicates that the sign of the pressure change slope is important
for the friction coefficient. However, a relationship between its hystereses and squeal gen-
eration could not be revealed. Nevertheless, squeal generation had some correlation with
brake line pressure, which can not be explained by a variation of the friction coefficient
with pressure. The coefficient of friction seemed to influence the level of the lowest brake
line pressure to generate squeal. This indicates that a critical friction force is needed for
the system to become unstable or just that the system in general is less prone to squeal at
low pressures, making the critical friction coefficient higher in these cases.

Brecht [18] tested two brake pad pairs of the same friction material with different
Young’s moduli. By slicing the friction material from a cube in perpendicular directions,
two pad pairs were manufactured which had exchanged Young’s moduli in normal and
lateral direction (£, ,, = E., = 145 GPaand £, ,, = E.; = 3.8 GPa respectively).
During a noise test the pad material number 2 with the higher Young’s modulus in the
normal direction generated 15 times more noise events with a significant higher sound
pressure level compared to the pad material with the higher lateral Young’s modulus. He
concluded that the directional friction material properties have great effect on noise levels
and judder.

Canali and Tamagna [22] investigated the noise dependence on several pad and disc
related parameters. They concluded that noise performance can be strongly affected by
modifying just one material of the friction couple, and therefore, the selection would be
better if disc and pad were defined together. In their tests, the magnitude of the friction
coefficient for different brake pads with similar discs has shown a great influence on
noise generation. Besides the friction coefficient, Young’s modulus and tensile strength
are properties of brake pad materials that presented the most significant slope coefficients
in multiple regression analysis, while hardness and porosity have a lower significance.

Allgaier [3] discussed the two-degree-of-freedom model of Hamabe et al. [49]. The
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model consists of a mass on a frictional belt, which is attached to two orthogonal springs.
For this model, the equations of motion are coupled. Allgaier [3] concluded, that for
unstable behavior a coupling of both possible directions of motion due to stiffnesses of
the structure is obligatory. For the exemplarily discussed case unstable behavior results
when the product of the friction coefficient and the stiffness perpendicular to the belt
exceeds a critical value.

Dunlap et al. [33] constructed a lumped parameter model to gain an understanding
of the relationships between the stiffness of the disc, the stiffness of the brake pad, the
coefficient of friction and the resulting normal and tangential direction response levels.
The model was used to generate a stability diagram of pad stiffness versus the coefficient
of friction for constant values of rotor stiffness. Based upon the diagram, reductions in
pad normal stiffness or increased rotor stiffness for the same friction coefficient will move
the operating point to a more stable region.

Based on more than one hundred literature references Chen et al. [25] concluded, that
friction processes at contact surfaces can be considered to introduce an instant dynamic
loading condition, which alters resonant modes of the friction system to form an instanta-
neous squealing mode. From analytical and complex eigenvalue analysis, it is certain that
higher friction coefficients will lead to higher squeal propensities. However, tests exist
during which squeal actually arises at relative lower friction coefficients instead of higher
ones. Using a whole brake system model with complex mode analysis, it is shown that
adding damping to a pad always helps to reduce high frequency squeal. Caution needs
to be exercised at low frequency, at which point the effect of adding damping may be
detrimental since brake pads may mainly act as a coupling media between other brake
components [25].

Shin [83] investigated the dynamical interaction between the pad and the disc for in-
plane and out-of-plane vibrations with two simple two-degree-of-freedom models. For in-
plane vibration of pad and disc dampening has to be increased to prevent instability. Even
worse, from his non-linear investigation of the in-plane model behavior he concluded that
increasing the dampening of a pad or disc alone may make the system noisier. His out-of-
plane vibration model shows, that the system is more stable as the stiffness of the system
increases. Also, in this case he states that both stiffness parameters of the pad and the disc
are equally important, and they must be large enough to suppress the effect of negative
stiffness 1 - c..

From a Finite Element analysis of a brake system, Liles [62] summarized, that higher
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friction coefficients increase the occurrence of squeal. In general, shorter friction mate-
rials in a tangential direction decrease squeal occurrence and, as friction materials wear
the probability of squeal increases. The occurrence of squeal is decreased with stiffer
lining assemblies. The likelihood of squeal can be decreased using a slightly softer rotor
and increased structural dampening reduces squeal. Liles also noted that some statements
may apply only for the brake system investigated in his research effort.

On a linear pin-on-disc model, Tuchinda [93] showed, if the contact stiffness increases
to a certain level, two modes merge to form one complex mode which becomes linearly
unstable. However, as the contact stiffness further increases the complex mode splits into
two modes, which become asymptotically stable again.

Conclusively, it can be said that the friction coefficient and the lining stiffness have
been mentioned quite often in recent brake squeal investigations. Therefore, they can be
assumed to play some role in brake squeal generation.

2.4. Brake Testing

The main focus of this overview of brake testing will be on dynamometer testing including
data acquisition, data analysis, and the resulting plots. Nevertheless, other techniques
used in this work, like frequency response function and compressibility testing, are also
discussed.

2.4.1. Dynamometer Testing

Even today, if a significant number of vehicle tests is needed to be performed for final ver-
ification of the brake design, dynamometer tests are used early in the development stage,
when representative vehicles are not available or during problem resolution stages, when
a better controlled design of experiment is needed, according to Chen et al. [24]. In au-
tomotive brake testing, three different types of dynamometers are commonly used, which
are summarized by Weiss [20, ch. 25]. One type, the chassis dynamometer, is used to test
the whole vehicle under well controlled environmental conditions. Inertia dynamometers,
the second type, are used to test the single brake assembly up to the whole mechanical
brake system, often also including suspension [24]. Reduced-scale or reduced-sample
friction testing, as used by Sanders et al. [80] and Kemmer [58], is within the third brake
dynamometer type. They are used to generate accurate friction material data for use in
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brake system design and lining screening, because friction materials can be tested easily
without vehicle specific fixtures and brake hardware [80]. Reduced-scale dynamometers
are not practical for brake noise testing as squeal does not depend solely on the friction
material behavior. Nevertheless, according to Sanders et al. [80] the agreement between
the test results of an inertia and a reduced-scale dynamometer test based on constant en-
ergy density scaling is excellent.

Dynamometers are used in different operational modes. During a test procedure, the
time between the brake applications is either firmly specified (time controlled mode) or
the next brake application is started when a specific (e. g. disc) temperature is reached
(temperature controlled mode), independent of the cooling time in the latter case. For
special test procedures, a combination of both operational modes is also possible. In the
same manner, the control parameter during a brake application is either brake line pressure
(pressure controlled) or the brake torque (torque controlled), besides the initial and final
velocity and in the case of temperature control also initial temperature. During cooling
time, the disc is usually slowly rotated to prevent the pads from becoming stuck on the disc
and to ensure a uniform cooling of the disc. For temperature controlled brake applications
also heating brake applications are carried out, if required. The control parameters of
these heating brake applications are normally specified in the test procedure (e. g. in
SAE J2521 [94]), but may vary between different test procedures. Also, it is obvious
that the frequency of the heating stops depend on the fed energy, as well as on the type
and amount of cooling and may therefore vary between different applications of the same
test procedure. As described before (cp. p. 14 and [58]) the brake history may alter the
friction behavior, so one would expect an impact of cooling time and velocity as well as
heating brake application frequency and control parameters on friction (and also on noise)
behavior.

For a dynamometer, two types of brake applications are generally differentiated. If
the initial velocity is higher than the final velocity, the brake application is usually called
deceleration or stop brake application (even if the final velocity is not equal to zero), while
a drag brake application is at constant velocity. In some special cases, also accelerating
brake applications are used, where the final velocity is higher than the initial speed [86].
For drag, acceleration and sometimes also stop brake applications, a predefined brake
application time is used, during which the velocity is changed linearly or kept constant
(for drag brake applications). For more realistic conditions, inertia dynamometers test the
braking system under inertia simulation conditions [24], for which the brake application
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time automatically results.

For most vehicles, the kinetic energy, resulting from the moving vehicle mass is much
larger than the kinetic energy from rotating parts like brake disc, wheel, driving shaft, etc.
As the dynamometer does not conduct a longitudinal uniform motion in order to rotate
the brake disc, the inertia simulation is either done mechanically, via inertia discs attached
to the driving shaft, or electrically, where the electric motor generates the needed torque.
For calculation of the needed dynamometer inertia a transformation of the translatory
vehicle inertia system to the rotatory dynamometer inertia system is done, using an energy
equivalence. So starting with

Ekin,vehicle - Erot,dynamometer

neglecting vehicle rotatory energy terms and using the amount of vehicle mass m.ice
which is decelerated by the brake

1 1 ,

* 2 o o
5 * Myehicle * Vvehicle — 5 - Osim Wp

results. As the brake rotational speed wp is linked to the vehicle velocity vyenice through
the wheel’s dynamic running radius gy,

Uvehicle = WB * T'dyn

the resulting rotatory inertia to be simulated by the dynamometer O, is

Osim = Myenicle * rgyn (2.3)

According to Thun [91] the mechanical inertia simulation is normally done with prac-
tical scaled flywheels while the fine adjustment is achieved by raising or lowering the
velocity to assure energy equality. With an electric inertia simulation not only the con-
ditions in a dynamometer are reproduced more precisely, but also changes in the axle
load during a brake application can be simulated [91], resulting in a vehicle equivalent
power characteristic during braking. The simulation of the additional torque can be done
based on the angular acceleration or based on the measured brake torque. The latter case
is generally preferable, because the first leads to a feedback which limits the dynamics
of the inertia simulation [91]. So for the commonly used combination of electric inertia
simulation and flywheels, the vehicle equivalent needed dynamometer inertia O, has to
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be the sum of the inertias from the flywheel ©xqywheer and the electric inertia simulation

Omotor:
@sim = @flywheel + @motor

The (measured) brake torque Mp causes an angular brake disc acceleration wg sjm depen-
dent on the vehicle equivalent needed dynamometer inertia O

MB - @sim : (/:)B,sim

Similarly, the brake torque needed to decelerate the dynamometer driving shaft and fly-
wheels, without applying any electric inertia simulation, is

Mflywheel = @flywheel : wﬂywheel
Using the required power equality, in terms of the same angular acceleration
wB,sim = (/:)flywheel

the electric inertia simulation must generate a torque Moo tO alter the brake torque, in
order to achieve vehicle equivalent angular acceleration values

Mp + Muotor = @flywheel * W sim

Using the equations presented above, the torque, which has to be applied by the dy-
namometer motor can be derived:

©
Mmotor - MB . ( féywheel - 1) (2-4)

sim

Basically, each vehicle manufacturer as well as each full brake system supplier has
his own dynamometer test procedures and the standardization is quite poor. Today, two
procedures are widely used and commonly accepted - the AK master (SAE J2522) for
performance tests and the SAE J2521 [94], which was derived from it [24], for noise
purposes. The SAE J2521 consists of an initial conditioning module after which the
evaluation section is repeated three times with an optional fade and recovery module at
the end. The evaluation module contains drag and stop brake applications as well as drag
brake applications in forward and reverse vehicle direction. A summary of the experience
with the procedure is given by Thompson and Fudge [89]. They state, that the procedure
has the potential to represent noise trends of the vehicle. Nevertheless, an integral part of
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the release procedure of a new brake system is vehicle testing in Los Angeles (LACT) for
US vehicles and in Mojacar for European vehicles, according to Mody et al. [67].

Even if every noise during a vehicle test is recorded with a data acquisition device, the
majority of the release procedures of a new brake system - at least in Europe - are based
solely on the subjective noise ratings of the drivers during a vehicle test [67]. In recent
years there have been efforts to develop an objective noise rating based on measured data
to overcome this dilemma [67]. During dynamometer testing the noise and vibration be-
havior is recorded with one or more microphones and often also additional accelerometers
attached to the caliper. Modern noise recording systems (as built by Briel & Kjer, STAC
or Roush) process the gathered data automatically and generate reports, e. g. as specified
in the SAE J2521 [94]. A standard SAE J2521 result report includes a sound pressure
level versus frequency plot for estimation of the dominant squeal frequencies. Also, a
plot of frequency versus brake application number is usually included to see when the
noise occurred. The test report normally closes with plots showing the distributions of the
measured noise as functions of test procedure section, brake line pressure, temperature
and initial vehicle velocity. If more specific plots are favored, like in this work, one must
post-process the data individually. Bergman et al. [10] used self-designed data acquisition
and analyzing tools for the analysis of their experiments.

With respect to the comparability of dynamometer test results, Thompson et al. [90]
state that despite the development of measurement standards such as SAE J2521 the corre-
lation of noise measurements between laboratories remains an issue. The possible sources
of variation are differences in rates of brake apply, temperature limits, cooling air appli-
cations, and alike. From their experiments they achieved a satisfactory correlation, even
if that was not a true data point to data point correlation in the classical sense. According
to Thompson et al. [90] correlation is achieved, if there is a general correspondence that
indicates similar trends. Tests at two laboratories indicating noise at exactly the same
amplitude and frequency is very unlikely.

2.4.2. Elastic and Modal Properties Testing

As described earlier (see p. 14), there are different ways to estimate the elastic properties
of friction materials. In this work, the compressibility testing procedure is used to estimate
the elastic properties.

The procedure used for the compressibility tests is specified in the ISO 6310 Standard
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[55]. Compressibility is the deformation of the specimen after applying a specific force.
During the procedure a brake pad is compressed between a massive steel plate and an
adapter, which has the piston diameter. For the so-called cold compressibility at ambient
temperature, the procedure is as follows: After an one second dwell time with a preload,
which correspondents to 5 bar brake line pressure, the force is linearly (normally at a
pressure rate of 80 bar/s) increased up to the maximum level. The maximum normal
force is also held for one second before the force is linearly decreased to the preload
again. This cycle is repeated usually six times according to 1ISO 6310 [55], even though
there are examples where only three cycles were conducted, e. g. by Hecht-Basch et al.
[50]. The deformation behavior of the first cycle allows conclusions about the quasi-
plastic deformation behavior of the friction material, while in general the 6th cycle is used
to estimate the elastic properties. For the so-called hot compressibility the steel plate is
heated up to 400 fC. The pad is pressed against it for 10 minutes, using the usual preload.
Thereafter, two cycles, as described above, are performed. Normally a maximum force
corresponding to 160 bar brake line pressure is used, but there are also examples where
different values (e. g. 100 bar [50]) are used.

Because of the nature of the compressibility test, the deformation is a sum of defor-
mations of friction material, underlayer and backplate. The uneven pressure distribution
on the backplate due to the use of the piston adapter also leads to bending of the pad.
Therefore the test is not suitable for estimation of the pure friction material Young’s mod-
ulus in normal direction, but a quite good approximation for the coupling between normal
deflection and normal force - at least for the piston side pad. For the estimation of a nor-
mal Young’s modulus one would prefer to use two steel plates to be pressed against each
other, possibly even two brake pads facing each other between the plates. Such a test is in
the Japanese Industrial Standard specification, according to Kaido and Sasaki [57].

According to Siller [84], the frequency response function (FRF) is perhaps the single
most used tool in the field of modal analysis to describe the input-output relation of a sys-
tem. Although its applications go far beyond the vibrations field, structural engineers use
it almost invariably as a first step for assessing the dynamic features of a structure [84].
After exciting the structure by an impulse hammer or a shaker, the displacement, veloc-
ity or acceleration is measured. The usually complex and frequency dependent response
function is calculated from the relation between excitation and measured value. The ab-
solute value of the response function plotted versus the excitation frequency is called FRF
spectrum. Abdelhamid [1] showed the measurement system used for a typical noise and
vibration measurement. The system used in this work was similar, except a manual im-
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pulse hammer was used for excitation. In this work, the shown FRF spectra are only used
to show similarities of parts, which are identical in construction, and therefore no modal
analysis is done. One should note that a resonance peak in the FRF spectrum not neces-
sarily indicates exact one mode vibrating at that frequency, as also the superposition of
more than one mode with close frequencies is possible. In general, the free-free modes of
the parts are not the same for the operating brake assembly. For further informations on
FRF and modal analysis, one is referred to the work of Ewins, e. g. in [42].



3. Scope of the Present Work

In this chapter, the motivation and goal of this work are presented. As described earlier,
the phenomenon of brake squeal has been intensively investigated so far and is found to be
a quite complex matter. Therefore, this work focuses on the tribological aspects of brake
squeal, while the structural parameters are tried to be kept constant. Irreversible intrinsic
processes of the brake, like pad wear and friction history effects, additionally complicate
the brake squeal investigation.

3.1. Motivation

As seen in the literature review in the previous chapter, a lot of research and progress in
the area of brake noise has been done during the past 70 years. In experimental stud-
ies, various parameters have been investigated and the coefficient of friction has been an
important tribological parameter concerning brake squeal. Nevertheless, examples exist,
proving that the friction coefficient on its own can not be the only relevant tribological pa-
rameter for the brake squeal generation. On the other hand, modeling approaches mainly
focus on structural parameters mostly assuming a relatively simple friction law. From
these models often the friction coefficient and the stiffness perpendicular to the friction
force are estimated as main contributors to brake squeal. Models with only few degrees
of freedom are well qualified to study the mechanisms of brake squeal, but their useful-
ness as model for the complete dynamic brake system is questionable. The stiffness of
the spring perpendicular to the friction force in two-degree-of-freedom models, for exam-
ple as discussed by Hamabe et al. [49], is often called contact stiffness, which is valid for
these models, but need not necessarily correspond to the contact in the real brake. In these
models, c.. is the coupling term of the out-of-plane displacement and the normal force. In
a similar way, the friction coefficient couples the normal force and the perpendicular fric-
tion force. The structural coupling of in-plane and out-of-plane degrees of freedom closes

32
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this loop, possibly resulting in instability. From this point of view, the stiffness in these
models would correspond to the stiffness of the disc, pad, piston, and caliper assembly
and the contacts between the components. In a series of stiffnesses, the overall stiffness is
dominated mainly by the lowest stiffness value. In this case, the low stiffness values are
the brake pad stiffness and the contact stiffness between disc and pad. Nevertheless, no
systematic experimental validation of the often proposed friction coefficient and stiffness
hypothesis has been done with a real brake system yet.

The friction behavior of the brake tribosystem is often reported by a single value per
test, even if no constant friction coefficient during the whole experiment is explicitly as-
sumed. Because the friction coefficient is not only a material but also a system parameter,
it usually changes when the system changes. Even if, for brake performance issues, re-
porting a nominal friction coefficient might be sufficient, a closer look with respect to
noise behavior is needed. So far, it is unknown to which depth data pooling preserves
possible squeal information and if some functions (like averaging, maximizing, etc.) are
better qualified to maintain correlations between tribosystem parameters and brake squeal
than others.

3.2. Goals

The main focus of this work is to clarify the question if it is possible to describe squeal
behavior with the most squeal relevant parameters of the tribosystem, consisting of brake
pad and disc. Additionally, the gquestion, on which timescale dependencies have to be
reported to find the best correlations, will be investigated.

As described before, the friction coefficient and the stiffness normal to the friction
force have been assumed to be the dominant contributors to brake squeal. The overall
normal stiffness of the tribosystem is a series connection of the disc and pad stiffnesses
and the contact stiffness between them. By using the identical caliper during all tests, the
stiffness of piston and caliper is kept constant. Using these considerations, the elastic and
the friction properties of the tribosystem are the main tribological contributors to brake
squeal.

Consequently, this work focuses on the influence of these tribosystem parameters on
brake squeal. By using different friction materials, the friction level and the elastic prop-
erties are modified. On the other hand, by using the same caliper and identical discs the
‘structure’ is kept as constant as possible. Always the same dynamometer is used and the
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investigated brake system is set-up without a knuckle to reproduce the same conditions
best possible.

Although often ignored, elastic properties and friction behavior in the brake tribosys-
tem are not constant. Therefore, the conducted tests are analyzed on three different
timescales. The measurement of brake torque, brake line pressure, vehicle velocity, brake
disc temperature and brake noise is recorded several times during a brake application.
This timescale (where data is taken very often during a brake application) is called real-
time timescale and discussed in detail in this work.

For second timescale investigated, the real-time data is reduced to one value per brake
application. The real-time data is reduced more for brake applications lasting longer,
and the reduced value strongly depends on the data reduction method. Different data
pooling functions will be investigated, exploring the correlations between brake squeal
and reduced friction coefficient and pad normal stiffness.

Thirdly, only a single value per test will be considered to investigate friction coeffi-
cient and stiffness influences on brake squeal.

Today, no in-situ measurement of the elastic properties of the brake tribosystem is
known. Therefore, a compressibility measurement of every pad is conducted prior to
each dynamometer test. It results in one stiffness value for each brake pad per test. To be
able to find dependencies on the timescale of one value per brake application and within
the real-time data, a model of the elastic properties, based on measured data had to be
developed.

To investigate the impacts of tribological parameters on brake squeal, the data is mod-
eled on all three timescales, using regression models. If the models are statistically signif-
icant, the correlations can be explored, and if no (reasonable) models can be built, there
might be no correlation at all.

To judge the model’s usefulness and correlation between squeal and the tribological
parameters a measure is introduced. Using the models, the overall squeal propensity for
each test is calculated and compared to the ‘measured’ squeal propensity. Using the de-
viations, the models are arranged by usefulness. In this way, one is able to assess the
applicability of each model and the possible correlations between squeal and the tribolog-
ical parameters can be estimated.

In chapter 4, the data generation approach and the conducted experiments are de-
scribed. Also, calculations and models, like the squeal propensity calculation or the pad
normal stiffness model, are presented.
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Subsequently, in chapter 5 the basic principles of different timescales, model building,
data pooling and model evaluation are discussed.

In chapter 6, the analyses and models on all three timescales are presented and the
tribological impact on brake squeal generation is investigated.

In chapter 7, a general discussion is presented, reviewing the presented models and
analyses to clarify the tribological influences on brake squeal, the usefulness of data pool-
ing and the model’s potentials and limits. The summary and outlook is presented in the
last chapter.



4. Data Generation and
Conditioning

In this chapter the conducted experiments are presented. After outlining the experimen-
tal approach, a deeper look on the experimental set-up, data acquisition and data post-
processing is done. Using the generated data, the squeal propensity calculation is dis-
cussed and the pad normal stiffness model, built on compressibility data, is presented.

4.1. Experimental Approach

The friction coefficient of the pad and disc couple can be varied by changing the control
parameters, like brake line pressure, velocity and temperature or by changing the pad or
disc. In general, the friction coefficient changes due to control parameter changes are
limited and, based on the previous discussed history effects, not independent of the order
of brake applications. In this work a change in the average coefficient of friction 7 and in
the average normal pad stiffness ¢ is mainly done by using different friction materials.

To investigate the influences of ;. and ¢ on brake squeal an equally spaced grid of pads
in the p-c parameter space is desirable. Unfortunately, the coefficient of friction as well
as the normal stiffness of the brake pad can only be controlled to a certain extent, because
these are not parameters which are directly accessible.

In a first series of tests, eight brake pad friction materials were tested. Five of them
were specified and manufactured for the brake, used in this works’ experiments. To be
more precisely, friction materials A and B were from an original equipment manufacturer
(OEM), and the remaining three friction materials (C - E) were from different manufactur-
ers in the automotive aftermarket. Although most likely different in formulation, the five
lining materials were European-Metallic type and due to the specification for the brake,
similar in friction level and pad normal stiffness. Thus, these friction materials were com-
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Table 4.1.: General information about the tested friction materials

| FM | FMclass | Shape | Vehicle | Specialty
, B EM original | original | pads from OEM
E

A

C EM original | original | aftermarket pads
F SM cutto fit | US No. 1
G

H

LM cut to fit | US No. 2 | one radial slot each
EM cut to fit | US No. 2 | one radial slot each

I, J NS original | none designed experiment
K, L NS original | none designed experiment, identical formulation
M, N NS original | none designed experiment, identical formulation
0-Q NS original | none designed experiment
R, S NS original | none designed experiment, identical formulation
T NS original | none designed experiment

plemented by three friction materials from two American sports utility vehicles (SUV)
each from a different friction material class, resulting in a Low-Steel Low-Metallic (G),
a European-Metallic (H) and a Semi-Metallic (F) lining material. The European-Metallic
and the Low-Steel Low-Metallic friction materials were taken from the same vehicle and
each one had, different from all other pads used in this work, one radial slot in the middle
of the friction material’s tangential direction. Throughout all tests the same caliper was
used, so the original pads from the SUV were cut into the same smaller shape to fit in.

For the second row of tests No-Steel Low-Metallic friction materials (identifiers | -
T) from a designed experiment were developed by Federal-Mogul, a brake pad manufac-
turer. These friction materials are based on a formulation from an US vehicle and use the
same ingredients for all friction materials, varying only in the particular amounts. Table
4.2 summarizes the relative volume amounts within each category for all different fric-
tion materials to give an impression of the formulation similarity. While most brake pad
ingredients should be self-explanatory, two categories need a few more words of explana-
tion: Premix consists of rubber and *“friction dusts’, and inorganics are fibers and fillers.
All in all, there are nine different friction materials based on the same formulation basis,
which indicates that six formulations of the 12 tested pad pairs in this set were pairwise
identical. Table 4.1 contains a more detailed overview.

The general goal of both sets of tests was to cover a wide range of the u-c parame-
ter space with the used friction materials, equally spaced if possible. In figure 4.1 one
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Table 4.2.: Summary of the relative volume amounts for each category for all friction
materials of the second row of dynamometer tests

Amount [vol%]
FM Binder | Premix Orgz?mlc M'etal Inorganic | Lubricant | Abrasive
Fiber | Fiber
I 15.58 | 25.00 2.86 | 3.86 41.36 7.36 4.00
J 21.28 | 15.00 457 | 5.62 39.52 4.00 10.00
K,L | 15.15| 16.68 1.00 | 355 4475 9.92 8.95
M,N | 2117 | 16.72 294 | 3.23 41.08 10.00 4.87
0] 17.74 | 25.00 1.00 | 2.95 33.31 10.00 10.00
P 22.00 | 15.00 1.00 | 4.82 46.06 5.60 5.52
Q 20.69 | 22.40 1.00 | 2.00 45.91 4.00 4.00
R, S 17.25 | 15.00 5.00 | 3.64 41.84 7.27 10.00
T 17.71 | 15.00 486 | 0.00 50.00 5.89 6.54
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Figure 4.1.: Mean friction coefficient and stiffness for tested pad pairs, more detailed
description see chapter 6.3
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marker indicates the position in the u-c parameter space for each conducted test, squares
indicating tests with pads produced for the used brake system, circles tests with the pads
of American SUV and diamonds for the latter mentioned specially developed brake pads.
Figure 4.1 shows the large range of covered stiffnesses at nearly the same mean friction
coefficient for the developed brake pads. The calculation of the stiffness values shown in
figure 4.1 is presented more detailed in chapter 4.4.2.

4.2. Setup and Implementation

4.2.1. Test Equipment

For brake noise testing, an inertia dynamometer manufactured by ITT Automotive Eu-
rope GmbH, including a control unit of Jurid, was used. The dynamometer has a fixed
flywheel, which has a mechanical inertia of Onywneel ~ 22 kg - m? and an electrical inertia
simulation via the 64 kW direct current electric motor. The dynamometer was originally
designed for friction evaluation purposes and has a maximum rotational speed of 1700
revolutions per minute. The maximum permanent permitted motor torque is 920 Nm,
even if temporary peak torque values up to 1472 Nm can be realized. These peak torque
values can be used during stop brake applications with rotational speed below 665 revo-
lutions per minute. The brake line pressure is generated with a relay valve, transferring
the incoming pneumatic pressure into hydraulic pressures up to 70 bar. The brake cooling
air volume is adjustable up to 15 m?3 /min, which corresponds to an average air speed of
approx. 32 m/s. To minimize background noise within the testing cabin, 70 % of the
maximum cooling air volume was used in this work and the cooling air temperature was
adjusted to approximately 5 °C. The measurement of the rotational speed is done by an
inductive sensor, generating 1024 impulses per revolution. This signal is also taken for the
electric inertia simulation, as described in chapter 2.4.1. The brake line pressure sensor
has a measurement range of 0 — 200 bar and is attached into the brake line near the caliper
connection point. Telemetry is used to transfer signals from rotational measurements to
the control unit. The transferred signals are up to four temperature sensors (k-type, O -
1000 °C) and the torque measuring shaft with a range of -2000 Nm to 2000 Nm. Due to
the limited cabin space, the microphone was placed closer to the brake than specified in
the SAE J2521 [94]. From the center of the friction ring, the microphone was placed 10
cm in radial, 10 cm in axial and 35 cm in upward direction (perpendicular to the floor),
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Figure 4.2.: Dynamometer setup and microphone position

as shown in figure 4.2 (b). Due to the smaller distance between microphone and brake
disc, the measured sound pressure level (SPL) is expected to be higher than that of a
standard SAE J2521 setup, and absolute values should not be compared to those of other
tests. Nevertheless, the microphone position has been retained unchanged throughout the
whole experiments. So, relative changes in SPL are significant within this work and can
be expected most likely to be similar to results from a SAE J2521 setup. The brake setup
on the used dynamometer is shown in figure 4.2 (a).

All compressibility tests were conducted on a Jurid compressibility machine. To min-
imize measurement errors by reason of pad misalignment, a positioning device was used
during the tests. All compressibility tests had a maximum brake line pressure of 100 bar,
which results in a normal force of approximately 18.1 kN and in a nominal contact pres-
sure of approximately 5.03 MPa. Under ambient conditions, six compression cycles for
every pad were carried out. The minimum brake line pressure (normal preload) between
each cycle was 1.1 bar for the first set of pads and 5 bar for the second row of experi-
ments with the especially designed friction materials. The lower preload pressure during
the first series of experiments was used to test how precise the contact deformation at
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small normal loads could be measured. As the measurement turned out to be very error
prone, 5 bar preload was used for the second row of tests. With the latter parameters the
compressibility was measured according to the ISO 6310 Standard, described in chapter
2.4.2.

In order to determine modal frequencies of parts (structural properties) the frequency
response function (FRF) testing was done with the SignalCalc Mobilyzer Dynamic Sig-
nal Analyser from the Data Physics Corporation. A one-dimensional accelerometer was
attached to the specimen and the system was excited manually with an impulse hammer.
For the brake pads, the accelerometer was attached to the backplate as far as possible on
the leading or trailing edge. On the disc, two locations were needed to measure axial- and
radial frequency response functions. For the axial measurement the accelerometer was
attached to the friction ring near the outer diameter of the disc, while for the estimation
of the radial FRF the accelerometer was attached to the radial outer edge of the disc. All
accelerometer positions during FRF testing and a typical set of parts, used in this work,
are shown in figure 4.3. The excitation done by the impulse hammer, was very close to
the accelerometer positions, consequently resulting in an axial excitation for axial disc
FRF measurement and a radial excitation for the radial disc FRF. Five impulses per mea-
surement were sufficient to get reproducible results. The disc was measured in free-free
condition and while they were mounted on the dynamometer. The pads were measured in
free-free condition only.

In addition, a couple of measurement devices were used on a more irregular basis to
estimate general trends in specimen behavior. A 1-D Laser Doppler Vibrometer (LDV)
was used to estimate the out-of-plane mode shapes of pad and disc. Pad wear was mea-
sured with a contact measurement length gage from Heidenhain.

4.2.2. Brake

For this work, a Bosch brake assembly from an European compact car was used. The
parts are shown in figure 4.3. During all tests, the identical left-front floating caliper was
used. It was not modified compared to the original condition, only an accelerometer was
attached (cp. fig. 4.3, marker 5) to measure brake vibration during dynamometer testing.
To keep the overall structural setup simple and minimize possible structural changes dur-
ing testing, a dynamomter setup without knuckle has been used. The brake caliper was
attached directly to the caliper mount via a flange, which is shown in figure 4.2 (a). Due
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Figure 4.3.: Parts used: marker 1 denotes the position of the 1D accelerometer during
FRF measurement on pad, marker 2 for axial FRF and marker 3 for radial
FRF on disc. Marker 4 points at the radial bore hole in the middle of the
friction ring, where the thermocouple was inserted. Marker 5 denotes the
position where the accelerometer during dynamometer testing was attached.

to the disc wear it was necessary to use more than a single brake disc for all tests. On the
other hand, using a new disc for each test increases the structural variety in an unwanted
way, which is more difficult to control, even though the discs are identical in design. To
make a compromise, six discs, identical in construction, have been used alternately. Prior
to each new test, the friction ring surfaces were finely machined to remove wear scars,
disc thickness variations, transfer films and thermal surface changes. However, as little
material as possible was removed to minimize structural changes. Through the friction
ring of each disc, a 1.1 mm diameter radial bore hole was drilled to situate the thermocou-
ple during dynamometer testing. The temperature measurement point in radial direction
was approximately in the middle of the friction ring. To test only the friction material
influence, the shims of all the used brake pads were removed, not to tamper squeal gen-
eration by the use of different or no shims. This removal also led to a higher overall
squeal occurrence, which is beneficial for the squeal propensity investigations. Similar in
shape, the pads were finely machined coplanar to minimize errors of the compressibility
measurement due to waviness, surface roughness or taper.

For the “tested vehicle’ it has been calculated, that 75 % of the gross vehicle weight
rating are decelerated by the two front axle brakes, which leads to a needed dynamometer
inertia Ogm = 45 kg - m?, according to equation 2.3. All relevant parameters of the
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Table 4.3.: Vehicle and brake assembly properties

| Physical value | Symbol | Range | Unit |

Gross vehicle weight rating Muehicle | 1587 kg
Relative front axle load distribution 75 %

Half front axle load Mienicte | 995 kg
Simulated dynamometer inertia for the brake | Ogim 45 kg -m?
Dynamic running radius Tdyn 0.275 m
Brake disc lateral diameter 0.247 m
Friction ring axial thickness 0.013 m
Effective friction radius T'off 0.103 m
Brake piston diameter 0.048 m
Brake piston area Apison | 0.0018 | m?
Nominal lateral brake pad area Apag | 0.0036 m?

vehicle and its brake assembly used in this work’s experiments are summarized in table
4.3. If throughout this document terms associated with a vehicle are used, it is referred to
this vehicle. The values used in dynamometer testing can be calculated using the stated
constants in table 4.3. For example, at a vehicle velocity of 69 km/h the rotational disc
speed is approx. 665 revolutions per minute (rpm). During dynanmometer testing this was
simulated by a rotational speed of the dynamometer driving shaft of approx. 665 rpm.

4.2.3. Procedures

To improve readability, the description of the measurement procedures is separated from
the presentation of the results. In this section the procedures are presented, while the
results will be discussed in the following sections.

Two kinds of measurement procedures have been used: various procedures used to
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Table 4.4.: Target values of dynamometer test matrix to investigate electrical inertia sim-
ulation

Section | application NO. | Oepicie | Vini  Vfin p T
No. |From| To kg -m?] | [km/h] | [bar] | [°C]

1 1 5 45 80 | 10 | 20 | 100
2 6 10 25 80 | 10 | 20 | 100
3 11 15 45 80 | 10 | 30 | 100
4 16 20 25 80 | 10 | 30 | 100

estimate general trends or ensure measurement correctness, while the main experiments
have been conducted according to a ‘standard operating procedure’.

Dynamometer Inertia Simulation

To produce comparable results using different friction materials (and resulting different
friction levels), the reliability of the electrical inertia simulation has to be investigated
first. For this purpose a dynamometer test matrix, the parameters of which are shown
in table 4.4, was conducted. This test matrix consists of four sections, each with five
repeated brake applications with identical controlled parameters. The whole test consists
of pressure controlled stop brake applications from 80 km/h to 10 km/h at an initial disc
temperature of 100 °C. Two simulated inertias, the needed target dynamomter inertia
value of 45 kg - m? and the approximate value of the collective mechanical inertia of
25 kg - m? (flywheel, driveshaft and brake disc), are tested at two different brake line
pressures to vary stop time. Using the measured brake torque and rotational deceleration
the simulated inertia can be calculated (cp. equation 4.2, p. 65).

Disc and Pad Deflection Shapes

Out-of-plane deflection shapes of a brake disc and a brake pad have been measured in
free-free condition, using a Polytec one-dimensional scanning Laser Doppler Vibrometer
(LDV). While an assignment of these deflection shapes to measured resonant frequencies
from pad FRF testing is possible, the high resonant frequency density complicates such a
classification for the brake discs. The brake disc mode shapes are shown in appendix B.1
to obtain a general impression which deflection shapes occur in free-free condition for the
discs used in this work.
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Standard Operating Procedure

The whole standard operating procedure for each friction material consisted of six suc-
cessive steps:

1. After brake pads are finely machined coplanar, compressibility measurements of
both pads with six cycles up to 100 bar brake line pressure at ambient temperatures
are conducted. Before proceeding to the next step, the pads are given a waiting
period of at least 24 hours. This is common practice in brake industry, to recover the
viscous behavior of the elastic properties. Although the usefulness of this method
has not been proved here, the waiting period has no known negative effects.

2. FRF measurements of brake disc and pads in free-free condition are carried out.
Each measurement consistes of five excitations by an impulse hammer. For the
brake disc measurements in axial and radial direction are done separately.

3. The disc is mounted on the driving shaft of the dynamometer and additional disc
FRF measurements are conducted. All fixing screws of disc and caliper are lubri-
cated and locked with a torque of 110 Nm.

4. The setup of the parts on the dynamometer is completed by fixing the caliper, in-
cluding the brake pads. Disc FRF measurements with applied brake line pressure
are conducted.

5. The dynamometer test procedure, which is discussed more closely below, is run
fully automated.

6. After the dynamometer test ends, the brake pads are removed from the caliper and
a FRF measurement of the mounted brake disc is conducted.

7. The disc is dismounted and FRF measurements of brake disc and pads in free-free
condition are carried out in the way described in step 2.

All noise-related data in this work has been gathered according to this standard proce-
dure. Most of the other data, like the brake disc free-free out-of-plane deflection shapes,
was measured differently.
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Standard Dynamometer Test Matrix

An overview of the target values of the used standard dynamometer test matrix is given
in table 4.5. The test procedure consists of 564 pressure controlled brake applications
grouped into nine sections. The whole dynamometer test is run in temperature controlled
mode, applying heating drag brake applications at 50 km/h vehicle speed and 20 bar brake
line pressure (as specified in the SAE J2521 specification) or unpressurized cooling at 10
km/h vehicle velocity, if required. The brake time of all deceleration brake applications
arises from the inertia simulation.

The first 150 stop brake applications have identical control parameters and form the
run-in section. During this section, the frictional run-in behavior can be observed and a
conditioning of the tribosystem for the following brake applications is achieved.

Sections two to four, seven and nine are taken from the SAE J2521 procedure un-
changed. The standardization of these sections makes it possible to compare them to
other SAE J2521 tests, even if it can be assumed that the first section modifies the friction
behavior of the second section.

The sections two and three are used to change the run-in brake line pressure to get a
more balanced conditioning of the tribosystem.

Sections four, seven and nine are generally used to evaluate the friction behavior dur-
ing a SAE J2521 test. This section was originally taken from the AK Master dynamometer
procedure and incorporated into the SAE J2521. The standardization of the section makes
it possible to compare the friction behavior of the conducted tests to standard SAE J2521
test results.

The sections five and six are based on the SAE J2521 procedure. The goal of the
modification is to balance the amount of drag and stop brake application data, resulting
in a balanced noise test matrix. This is done by using the same initial temperature steps
for both sections. Compared to the SAE J2521 the temperature steps in this test matrix
are larger for the drag brake applications, and the stop brake applications have a higher
maximum temperature level. The average stop brake time is higher as the mean drag
brake application duration. However, as the drag brake application section has two addi-
tional (unpressurized) drag brake applications at each temperature step, the best possible
balanced amount of measurement data points results.

The drag section consists of brake applications at two different (but constant) veloc-
ities with seven different brake line pressures at 11 different initial temperatures. Each
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Table 4.5.: Target values of standard dynamometer noise test matrix used in this work

Section Appl. No. | vini  Vfin, p Tivi
No. | Name |From | To | [km/h] [bar] °C]
1 | Run-In 1 150 | 80 | 30 20 100
2 | Break-In | 151 | 180 | 80 | 30 30 100
15, 30, 15, 18, 22,
38, 15, 26, 18, 34,
15, 26, 15, 22, 30,
3 | Bedding | 181 | 212 | 80 | 30 | 46, 26, 51, 22, 18, 100
42, 15, 18, 46, 30,
15, 34, 22, 18, 30,
18, 38
4 | p-Eval. 213 | 218 | 80 | 30 30 100
alternate 0, 30, 5, 25, 10, 50, 100, 150, 200,
5 | Drag 219 | 372 | 3 3 20, 15 250, 300, 250, 200,
10 | 10 for 8 seconds 150, 100, 50
30, 5, 25, 10, 20, | 50, 100, 150, 200,
6 | Stop 373 | 504 | 50 0 15, 30, 5, 25, 10, | 250, 300, 250, 200,
20, 15 150, 100, 50
7 | p-Eval. 505 | 510 | 80 | 30 30 100
5,5, 10, 10, 15,
Pressure alternate | 15, 20, 20, 25, 25,
8.A | (pads 511 | 558 | 50 0 | 30, 30, 35, 35, 40, 100, 200
A-H) 3 3 | 15, 45, 35, 50, 30,
55, 25, 60, 20
or
Pressure alternate | 5, 10, 15, 20, 25,
8.B | (pads 511 | 558 | 50 0 |30, 35, 40, 45, 50, 100, 200
I-T) 3 3 55, 60
\ 9 \,u-EvaI. \ 559 \564\ 80 \ 30 \ 30 \ 100 \

brake application lasts eight seconds and all control parameter combinations result in 154
drag brake applications.

There are main differences between the conceptional goals of the SAE J2521 and the
test matrix used in this work. The SAE J2521 covers the parameter space continuously
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not to miss a noise event. The matrix for this work generates large amounts of data at
specific points in the parameter space, which is needed to do scientific significant statisti-
cal analyses. Therefore the drag brake applications in this test matrix are conducted with
constant brake line pressure.

The order ot brake applications is shown in the parameter list in table 4.5, which
should be read as:

* The first brake application of section five is at constant 3 km/h vehicle velocity with
0 bar brake line pressure and an initial disc temperature of 50 °C.

 The following second brake application is at 10 km/h vehicle velocity with 30 bar
brake line pressure, also at 50 °C initial disc temperature.

 The third brake application is at 3 km/h with 5 bar brake line pressure again and
still at 50 °C initial disc temperature.

* This pattern is continued in the the way for the first 14 brake applications.

 After 14 brake applications the initial disc temperature is changed from 50 °C to
100 °C. At this initial temperature the next brake applications are conducted exactly
as described above. After another 14 brake applications the initial temperature is
increased again, and so on.

All stop brake applications of section six have an initial vehicle velocity of 50 km/h
and end at standstill. During each initial disc temperature block, two cycles of brake ap-
plications with different brake line pressures are conducted, as shown in table 4.5. Over-
all, section six has 132 stop brake applications with varying durations, due to the inertia
simulation.

The pressure section was added to investigate noise behavior at higher brake line pres-
sures. The SAE J2521 covers the brake line pressure range of interest to the automotive
industry, where brake noise e. g. during an emergency stop is not very important. How-
ever, this work investigates the influences of pad, disc and contact assembly stiffness and
the friction coefficient on the squeal propensity. With the nature of the brake assembly to
become stiffer with increasing normal load, a larger brake line pressure range leads to a
larger variation in the stiffness range (cp. chapter 4.4.2).

Section eight consists of drag and stop brake applications with pressures between
5 bar and 60 bar at two initial disc temperatures. During a stop brake application only
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a part of the brake torque has to be applied by the electric motor of the dynamometer
(electric inertia simulation) as the other part is brought up by the flywheel. For drag brake
applications the generated motor torque has to be equal to the brake torque in order to
maintain velocity. This limits the maximum applicable brake line pressure.

For the first series of tests (pad materials A - H) the friction level was higher than for
the second series which had specially designed brake pad materials. To use the largest
brake line pressure range available for both sets of tests, two alternative sections have
been used. Both sections have two initial temperature blocks with alternating stop and
drag brake applications. For the second series of tests (pad materials | - T, section 8.B
in table 4.5) the brake line pressure steps are constantly increasing from 5 bar to 60 bar,
using the same pressure for two successive brake applications - one stop and one drag
application. In section 8.A, for the first set of tests, the maximum brake torque of 920 Nm
was met for brake line pressures little above 35 bar, due to the partly very high friction
coefficients. Consequently, the brake line pressure of the drag brake application following
the 40 bar stop brake application was reduced. Instead of the drag brake applications at
40, 45, 50, 55, and 60 bar of the second test series, drag brake applications at 15, 35, 30,
25, 20 bar were carried out, respectively (shown in table 4.5). The brake line pressure
during the stop brake applications was the same for both sections (8.A and 8.B). The ten
different drag brake applications of the two versions of section eight lead to small changes
in the investigated parameter space and might lead to history dependent variations in the
friction behavior. On the other hand, the friction behavior has been measured and for the
present investigation the benefit of the enlarged parameter range justifies the small test
parameter variation.

All sections in the test matrix can be classified into three groups, according to their
purpose:

» The run-in and conditioning group, consisting of sections one to three, namely the
first 212 brake applications.

» The friction evaluation sections four, seven and nine, which also can visualize
changes in friction level (even not at noise relevant control parameters). They also
serve as intermediate conditioning sections.

» The remaining sections five, six and eight form the actual measurement group, from
which the most statistical data analyses were performed. These 334 brake applica-
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tions generate a sufficiently large number of data points per test (approx. 10°).
Brake applications of these measurement sections will further also be called mea-
surement brake applications.

The need to keep the structural changes as small as possible limits the pad wear.
To deal with his issue the test matrix is shorter as the SAE J2521 procedure because
no sections are repeated. The dynamometer test procedure used in this work generated
sufficient data for analyses, but is on the other hand short enough not to generate large
pad wear.

4.2.4. Data Acquisition

A STAC SPMulticompact Brake Noise Analyser was used to record all signals during
dynamometer testing. With the standard software ‘EventScan’ data is recorded while a
trigger signal is applied. During the recording periods up to eight ‘slow’ channels can
be taken with a sample frequency of 25 Hz. Additionally, the time signals of two ‘fast’
channels with a sampling rate of 51.2 kHz can be recorded. All channels record voltages
between -10 V and 10 V. By applying predefined calibration factors to the voltage signals,
it is possible to save the data already converted into the units of interest.

During the dynamometer testing, the two fast channels recorded time signals of mi-
crophone and accelerometer, the first converted into Pa, the latter into m/s?. The signals
of brake line pressure, brake torque, disc temperature and velocity have been taken from
the dynamometer control unit and recorded by the slow channels. The time lag (due to
telemetry, mechanical and electronic delays) of these signals has been estimated to be
less than 30 ms. Nevertheless, in the worst case there could be a false assignment of the
directly measured fast channels to the delayed slow channels. As the signal change of
brake line pressure, brake torque, disc temperature and velocity within 40 ms between
two measurement points is less than the estimated errors for the signals (in this work),
this worst case effect can further be neglected.

Prior to the first set of tests, a calibration of the dynamometer was done to ensure
correctness of the measurement values and estimate systematic and statistical errors. The
calibration of the accelerometer and microphone was done (and checked periodically)
by the manufacturers. The accelerometer error for frequency was well within the 50 Hz
validation interval (cp. subsection 4.2.5). Although the absolute amplitude of the ac-
celerometer was of minor importance, a maximum dB error of 1.8 % up to 7 kHz and
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4.0 % up to 10 kHz (based on the measured value) was estimated. For the microphone an
amplitude error of 1 dB has been specified for frequencies below 10 kHz and 2 dB above
10 kHz. The frequency precision was higher as the 50 Hz intervals used for analysis.

A closer look has to be taken on the slow channel signals, which are partly used to cal-
culate secondary values, like the friction coefficient. The two most important parameters
for these calculations are brake line pressure and brake torque.

The pressure was calibrated in two steps. First, an external pressure gage was used
to calibrate the pressure control. Then, the pressure was controlled by the dynamometer
with different target values and the response was recorded with the STAC system. During
these tests a systematic error was found. The rate of the pressure rise was not constant
as specified. It decreased drastically when the target pressure value was almost reached.
As as a result, applying a target pressure took more time than expected, but no pressure
overshooting occured. Thus, on the 25 Hz measurement scale the pressure is observably
lower than the target value during the first measurement points, because the measurement
is started when the pressure reaches 90 % of its target value. In the pressure range of
interest (O bar - 60 bar) the standard deviation of the measured brake line pressure values
is without functional dependence to the pressure target value as shown in figure 4.4 (a).
The statistical error was estimated from these tests to o, < 0.09 bar.

The brake torque calibration was done by placing masses on a shaft-mounted lever
arm. In this way, well defined torque steps were applied to the torque sensor and the
measured value could be recorded and used for error estimation. The torque was ramped
up in steps of 200 Nm and down again, before the procedure was repeated on the opposite
end of the lever arm, resulting in a torque in opposite direction. The measured torque as
function of applied torque shows a hysteresis behavior, mainly during the torque direction
change. During the experiments for this work, only positive vehicle velocities were tested,
so this effect is of minor importance here. All brake torque in this work is treated as
absolute values, knowing that a friction force acts in opposite direction to the (positive)
velocity. The standard deviation for the brake torque along the direction of interest is
shown versus applied brake torque in figure 4.4 (b), as absolute value with point-markers
related to the left y-axis and as relative value with ‘+’-type markers related to the scale on
the right y-axis. An increasing standard deviation of the measured torque with increasing
applied torque can be seen, while the standard deviations during increasing and decreasing
applied torque match. The relative standard deviation of the brake torque is less than 1.6 %
of the brake torque, resulting in a statistical error of o), < 0.016 - Mp.
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Figure 4.4.: Standard deviations of measurement signals, taken during calibration exper-
iments, for error estimation. Curves marked by ‘+” are scaled according to

the right hand axis.

The friction coefficient calculation was done according to equation 2.2 from the SAE
J2521 standard (cp. equation 2.2 on page 12), using a constant pnreshois = 0.5 bar. The
errors resulting from pinreshold, the piston area Ayiston and the efficiency » are mainly depen-
dent on the chosen value or caliper and are test matrix dependent. As neither these chosen
values nor the caliper or the matrix is varied for the different tests, the resulting errors can
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Figure 4.5.: Statistical error of the friction coefficient

be assumed to be systematical errors of the measurement. In this case, the errors affect
all tests in the same way, the results are comparable within this work and these errors can
further be neglected here. The effective friction radius r also leads to a systematic error,
further discussed below.

According to the Gaussian error propagation [21], the resulting statistical error of the
calculated friction coefficient is solely dependent on the friction coefficient, the brake line
pressure, the statistical error of the brake line pressure and the coefficient of the relative
statistical torque error according to equation 4.1:

_ o\, o 2
o _\/(aMB) '0M+<6‘_p 7

o [0-016 : (p - pthreshold)]2 + (0-09 ba'f’)z
= M . 2
(p - pthreshold)

(4.1)

To show the estimated statistical errors of the friction coefficient, the relative statistical
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error versus brake line pressure plot is presented in figure 4.5 (a), while the statistical error
distribution for all tests of this work is shown in figure 4.5 (b). It can be seen, that in 80 %
of all friction coefficient measurements the statistical error is less than 0.01.

Although the systematic errors of pressure and torque can be neglected during a brake
application, the errors of a torque based friction coefficient estimation depends also on the
effective friction radius. Due to the caliper shape deformation, the effective friction radius
increases with increasing brake line pressure. And, as shown before (cp. chapter 2.2.3),
the effective friction radius might change periodically with brake time. This effect would
be stronger for larger brake line pressures [31], as it is associated to the degradation of the
real contact area. These mechanisms lead to a systematic friction radius error. Based on
Dorsch [31], the real contact area for disc brakes is composed of numerous small regions
in radial direction, where contact exists. The change of real contact regions therefore
influences the resulting friction radius only to a minor extent, as no oscillation of a single
contact spot over the whole radial pad area was observed by Doérsch [31]. Based on his
findings, the amplitude of the oscillation can be expected to be not significantly larger as
0.3 cm, resulting in a friction coefficient error which is most likely below 3 %.

With the above calculations and considerations the relative overall error of the friction
coefficient is estimated to be less than 6 %. This constant relative overall error for the
friction coefficient causes different absolute friction coefficient errors, each depending on
the measured friction coefficient level. This would make it necessary e. g. to set friction
coefficient dependent histogram interval ranges, which is not done in this work. Instead,
the interval length is chosen appropriately, knowing that for low friction coefficients the
resolution could be better and for high coefficients of friction there is a tolerable chance
of measurement error effects.

The temperature shows a nearly constant statistical error of o < 1.8 °C, as shown
in figure 4.4 (c). However, in this work, only the disc temperature in the axial middle of
the friction ring is measured to show a general temperature level. The relationship be-
tween the temperature at the friction interfaces and the measured disc temperature is not
straight forward. For a quasi-static condition with constant heat generation at the friction
interfaces a constant temperature gap results, which is about an order of magnitude larger
than . For changing heat generation at the friction interfaces a time lag of the measured
temperature occurs due to the heat conduction. As a result, lower final rotor temperatures
at the end of the brake application are measured at higher brake line pressures for brake
applications with constant overall dissipated energy. Dependent on the brake application
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power, even different temperature variations in time are possible, which means the fric-
tion interface temperature versus time curves might have no functional relationship to the
measured disc temperature curves.

Similar to the brake torque the statistical error of the measured vehicle velocity is
velocity dependent. The relative error is below 2.1 %, while the absolute value is o, <
0.4 km/h. In figure 4.4 (d) the absolute error value corresponds to the scale on the left y-
axis and is indicated by the point-markers, while the ‘+’-type markers indicate the relative
velocity error (right y-axis).

4.2.5. Postprocessing and Analysis

The used software of the STAC SPMulticompact Brake Noise Analyser stores four differ-

ent files per brake application on the hard disc, of which two files per brake application

are used for analysis. In one file, the time signals of microphone and accelerometer are

stored with a sampling frequency of 51.2 kHz, while the other file contains the data of the

slow measurement channels. So, approximately 900 MB of raw data per test is generated.
The requirements on a data analysis tool were complex:

* It should be able to handle the large amount of data

» Every step from raw data to the final analysis should be comprehensible (with no
unwanted data filtering, averaging, etc.)

« Different statistical analyses (e. g. regression analysis) and customized plots should
be possible

» And to have it all done by a single software was preferable.

To fulfill these needs Mathworks’ Matlab, a mathematical programming language, was
chosen. With Matlab, all data postprocessing was done by developing new program mod-
ules, partly based on former work of American Bosch colleagues.

During a first step, the two files for a particular brake application are read, calculations
are done and one Matlab file per brake application is saved, including the processed data.
Besides unit conversions, the calculations consist of the friction coefficient calculation
(according to equation 2.2), the stiffness calculation (explained in chapter 4.4.2) and the
processing of the microphone and accelerometer signals to find brake noise.
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Figure 4.6.: Schematic process of the noise detection function. Starting in the lower left
corner, the microphone signal is segmented. Using a third order polynomial
fit the background noise of the signal is estimated (upper left figure). All
peak heights, which exceed 2.576 - o are checked to detect brake noise, as
seen on the right hand side

The steps of the squeal detection function are shown in figure 4.6. First, the micro-
phone and accelerometer signals are divided into sections, each 40 ms (2048 measurement
points) long and with the data acquisition of the slow channels occurring in the middle of
the time interval. With the one dimensional fast Fourier transformation, two power spectra
are calculated from each section, one for the microphone and one for the accelerometer.
Then a third order polynomial is fitted onto each dB-scaled spectrum to estimate the fre-
guency dependent mean background noise. The standard error of the fit residuals serves
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as frequency independent additional background noise. A peak in the spectrum has to
fulfill all of the four requirements:

» The sound pressure level (SPL) in the microphone spectrum at the peak frequency
has to be above 70 dB.

» The sound pressure levels at the neighboring frequencies have to be lower than the
SPL at the peak frequency.

» The sound pressure level at the peak frequency has to be at least 10 dB above the
frequency dependent background noise.

» The sound pressure level at the peak frequency has to be at least 2.576 times the
frequency independent additional background noise higher than the frequency de-
pendent mean background noise. If the third order polynomial fit residuals of the
measured sound pressure level is Gaussian distributed, this would correspond to
0.5 % of peaks with the highest SPL, because 99 % of a normal curve lie within
+2.576 - 0.

At last, if a peak in the microphone spectrum fulfills all four requirements, a peak in
the accelerometer spectrum fulfills the last three and the frequencies of both peaks are
within 50 Hz, brake noise is detected. Then, the squeal frequencies and sound pressure
levels are included as noise in the postprocessed data for the particular brake application.
If two noise events occur in the microphone spectrum within 100 Hz they are and treated
as one.

In this first step of postprocessing, one data set is calculated for every brake applica-
tion, where each measurement point of the slow channels is connected to the noise infor-
mation consisting of one or more squeal frequencies and related sound pressure levels.
In a second postprocessing step, all data sets (brake applications) of one test are merged
together to form one data matrix per test. During this merging process all information, e.
g. brake application number and brake application time, is maintained. The resulting data
set with a sampling rate of 25 Hz is further called real-time data.

Based on this real-time data set various data analyses and plots will be presented. They
are presented in the following sections and explained in more detail there. In general,
only measurement points where the related brake line pressure is above 90 % of the target
value for that brake application are considered. Even with this limitation, systematic
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errors might occur at the beginning of the brake application (due to pressure, see chapter
4.2.4). During the last measurement points, the real pad normal forces are usually higher
as calculated based on the measured brake line pressure. As the brake line pressure is
lowered at the end of a brake apply, effects like the brake fluid’s viscosity or the friction
between pad edges and caliper wronlgy lead to higher calculated friction coefficients.
To solve this matter, the first and last three measurement points within this 90 % target
pressure section are also not considered for data analysis and display.

The mathematics used to calculated the regression analyses can be found in the book
of Mendenhall and Sincich [65], while Matlab’s help provides a lot of additional informa-
tion on the other used functions and methods, including further references and formulas.

4.3. Application

In this section, results from the application of the previously described measurements are
presented. More precisely, the brake pad FRF measurements, the pad out of plane LDV
measurements, the dynamometer electric inertia simulation test and the exemplary pad
wear estimation are discussed. The squeal related dynamometer results are not discussed
here as they are presented in chapter 6.

4.3.1. Structural Analysis

Figure 4.7 (a) shows a typical pad Frequency Response Function (FRF) result plot. The
location of excitation and the measurement of the response function was as denoted by
marker 1 in figure 4.3 (p. 42). The complex values are plotted as absolute value and
phase reversal. A peak in the logarithmic spectrum indicates a resonant frequency. It can
be seen that not all peak values for all resonances are equal and that only a part of the
resonant frequencies are readily identifiable. To obtain an impression of the deflection
shapes, which arise at different resonant frequencies, figure 4.7 (b) contains a summary
of LDV measured out-of-plane deflection shapes of a brake pad with a friction material
similar to those of the R type brake pads. For clarity all bending modes are presented
in a quasi three-dimensional display, while the torsional deflection shape (second from
the bottom) is shown from a top view position. Because the resonant frequencies and the
according deflection shapes are dominated by the shape of the brake pad backing plate,
similar deflection shapes most likely will occur at similar resonant frequencies - even for
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Figure 4.7.: Exemplary results of Frequency Response Function testing of brake pads

different lining materials.

Table 4.6 summarizes the resonant frequencies from the pad FRF measurements. Sim-
ilar trends throughout all brake pads are visible, even if there are some differences in de-
tail. The brake pads of the US vehicle no. 2, which had a radial slot through the friction
material and had to be cut into the standardized shape for the used caliper, all show a
significantly lower first resonant frequency and also an additional resonance frequency
around 5.6 kHz or 5.9 kHz. For frequencies above 10 kHz not all resonant frequencies of
all pads could be clearly assigned to each other. Some brake pads show “additional’”” or
largely shifted resonant frequencies, even if the overall tendency appears to be similar for
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Table 4.6.: Resonant frequencies of brake pads from FRF measurements in free-free con-
dition prior to dynamometer testing

FM Resonant Frequency [Hz]
#1 | #2 | #3 | #4 | #5 | #6 | #7

A.l | 3866 6673 | 9318 | 11922 | 12492 | 16480
A.2 | 3866 6632 | 9481 | 11922 | 12492 | 16398
B.1 | 3581 6795 | 10050 | 11841 | 14364 | 16927
B.2 | 3581 6632 | 9928 | 12085 | 13835 | 16805
C.1| 3337 6429 | 9521 | 11759 | 13062 | 14974
C.2 | 3255 6266 | 9277 | 10457 15218
D.1 | 3621 5900 | 8260 | 11149 | 14771 | 17131
D.2 | 3703 6307 11556 | 15706 | 17741
E.1 | 3499 6755 | 9725 | 11597 | 13672 | 16602
E.2 | 3499 6714 | 9684 | 11597 | 13265 | 16032
F.1 | 3499 6836 | 10783 | 12166 | 15666 | 18799
F.2 | 3540 6755 | 10620 | 11515 | 15259

G.1 | 2686 | 5656 | 6388 | 10132 | 11312 | 15096

G.2 | 2686 | 5615 | 6470 | 10173 15177 | 16846
H.1 | 2767 | 5900 | 6958 | 10050 | 12410 | 15422 | 16154
H.2 | 2808 | 5941 | 7161 | 10376 | 12410 16113
1.1 | 3459 6592 | 9928 | 11678 | 13916 | 17660
1.2 | 3459 6632 | 9928 | 11841 | 13835 | 15910
J.1 | 3906 7365 | 11027 15625 | 17782
J.2 | 4028 7690 | 11068 13102 | 16276
K.l | 3621 6877 | 10213 | 12044 | 14242 | 16724
K.2 | 3581 6755 | 10091 | 11922 | 13916

L.1 | 3621 6877 | 10173 | 11515 | 14486 | 16846
L.2 | 3621 6877 | 10213 | 12044 | 14608

all pads.

The resonant frequency density of the brake discs is much higher compared to
the brake pad. Additionally, it is necessary for each brake disc to conduct two mea-
surements, one to estimate the out-of-plane and another to estimate the in-plane resonant
frequencies. Figure 4.8 shows the FRF plots of brake disc four in free-free condition prior
to the first dynamometer test. Due to the large amount of measured resonant frequen-
cies (all brake discs, FRF measurements prior and after each test, free-free and mounted



4.3. Application 61

Table 4.6.: Resonant frequencies of brake pads from FRF measurements in free-free con-
dition prior to dynamometer testing, continued

FM Resonant Frequency [Hz]
#1 |#2| #3 | #4 | #5 | #6 | #7

M.1 | 3988 7528 | 10905 15706 | 18473
M.2 | 3906 7284 | 10457 15340 | 17131
N.1 | 3947 7487 | 10905 | 13265 | 15096 | 17049
N.2 | 3947 7487 | 10986 15544 | 18392
0.1 | 3540 6795 | 10457 15177 | 16683
0.2 | 3499 6795 | 10335 14323 | 16439
P.1 | 4110 7650 | 11353 | 13875 | 15747

P.2 | 4110 7690 | 11068 | 13520 | 15951

Q.1 | 3540 6632 | 10132 | 13997 | 15869 | 17212
Q.2 | 3540 6673 | 10173 | 14323 16764
R.1 | 3743 7121 | 10579 14974 | 17660
R.2 | 3743 7080 | 10417 15137 | 17537
S.1 | 3743 7121 | 10498 15137 | 17782
S.2 | 3743 7202 | 10579 15503 | 17822
T.1 | 3784 7161 | 10620 | 12858 | 14730 | 16439
T.2 | 3784 7161 | 10539 15381 | 17863

condition), no explicit listing of the resonant frequencies is given in this work. As an
example, the out-of-plane deflection shapes of the disc number six are given in appendix
B.1, knowing that conclusions to the deflection shape based on the resonant frequencies
of the other discs are not easy.

For each brake disc the resonant frequencies change, due various reasons: mounting
and pressure application, wear during a dynamometer test or machining between two
dynamometer tests. Exemplary, these changes are shown for one brake disc, but the
results are representative for all brake discs used. Figure 4.9 (a) contains the resonant
frequencies of brake disc number four before and after the first and last test in free-free
condition on the left hand side and in free-free and mounted condition at different brake
line pressures on the right hand side. In both diagrams a white line indicates a resonant
frequency from the in-plane FRF measurement while a black line represents a resonant
frequency from the out-of-plane measurement.

The measured resonant frequencies before and after the first and last test in free-free
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Figure 4.8.: Frequency Response Function results of brake disc four as an example, top:
absolute value, bottom: phase reversal, each from measurements along (a)
axial or (b) radial direction

condition have no large deviation compared to the resonant frequency change between
free-free and mounted condition and further with increasing brake line pressure.

For the mounted condition, some resonant frequencies change, while others are nearly
unchanged compared to the free-free condition. With increasing brake line pressure, the
resonant frequencies visibly shift, appear or disappear. The lowest applied pressure (5 bar)
significantly has more detected resonant frequencies than in the mounted (but unpressur-
ized) condition. At the highest applied pressure of 40 bar the most resonant frequencies
occurred.

In the comparison of the different brake discs in figure 4.9 (b) some resonant frequen-
cies are similar for all brake discs, e. g. the axial 3.4 kHz, the radial 7.2 kHz and the
8.8 kHz resonant frequency, which was detected in both directions. These resonant fre-
quencies (among others) are also detectable before and after all conducted tests, they do
not significantly change or disappear. Additionally, different resonant frequencies have
been measured for the different discs. In general, throughout all disc FRF measurements
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Figure 4.9.: Frequency Response Function testing of brake discs result summary, black
lines represent resonant frequencies from out-of-plane FRF testing (axial)
while white lines indicate resonant frequencies from in-plane FRF testing
(radial)
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resonant frequencies appear, disappear or reappear between FRF measurements with the
same disc (cp. figure 4.9). In some cases, this might be due to the errors of the mea-
surement and the peak estimation. The variation of the resonant frequencies in free-free
condition of all used brake discs (figure 4.9 (b)) is less than the resonant frequency varia-
tion due to mounting or pressure appliance.

In conclusion the following can be stated:

» The estimation of the disc resonant frequencies by Frequency Response Function
measurements shows the deviation between the six identically constructed brake
discs to be negligible. The resonant frequency differences of the discs are smaller
than the change of the resonant frequencies between free-free and mounted condi-
tion of the same disc. Further, the differences between discs are small compared
with resonant frequency changes due to applied brake line pressure. Additionally,
based on not explicitly shown analyses, no correlation between squeal frequencies
and a particular disc could be found. This suggests, that the use of six identically
constructed discs did not change the particular system in a drastic way.

» The resonance frequencies from pad FRF measurements are in the same range for
all but two friction materials. These are friction materials G and H, which had a
centered radial slot dividing the lining. They differ mainly in the first two resonant
frequencies.

* In summary it can be concluded from the FRF measurements that for each test sim-
ilar structural systems resulted, but changes mainly due to the pads with different
friction materials are inevitable. Unfortunately for this work, the pad normal stiff-
ness influences its resonant frequencies, so small changes there are unavoidable as
the pad stiffness has to be varied.

4.3.2. Inertia Simulation

Before the first dynamometer test, the validity of the inertia simulation was verified. Start-
ing from the definition of the velocity change equations, the actual inertia Oy and the
overall inertia Oy, are derived for a constant measurement sampling rate (which leads to
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Figure 4.10.: Results of the inertia simulation dynamometer test procedure

a constant time between two measurement points 7). They are shown in equations 4.2:
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So for each data point ¢ the actual inertia can be calculated from the measured brake
torque Mp; and the velocity change Av = v; — v;_; between actual and previous mea-
surement. In the same manner, the overall simulated inertia from the beginning of the
brake application can be calculated based on the velocity change and the sum of the brake
torque.

Figure 4.10 contains the results of the electrical inertia simulation test procedure (cp.
table 4.4). While the distribution of the actual inertia On ; is nearly Gaussian around the
target values (figure 4.10 (a)), the overall inertia O, calculated from the beginning of



66 4. Data Generation and Conditioning

the brake application, converges to the target value, as shown in figure 4.10 (b).

The standard deviation of the actual measured inertia value og—o5 g.m2 1S 2.69 kg - m?
for the lower tested inertia target value and og_ys 1.2 = 11.13 kg - m? for the higher
tested inertia target value. Even as these values seem large, the actual simulated inertia
is only of minor importance. Because the inertia simulation is done to ensure vehicle
equivalent energy dissipation during all brake applications, mainly the precision of the
overall inertia is crucial.

It is important to note, that the difference between measured overall inertia and the
target inertia value decreases with increasing braking duration. For stop brake applica-
tions with shorter duration (due to higher pressure) the deviation decreases faster, so the
overall inertia difference at the end of the stop is less than 0.5 kg - m? for all stops. How-
ever, the fact that each overall inertia at the end of the brake application is higher as the
target value might indicate a systematic inertia simulation error. For this work, this effect
will be neglected, because no correlation to a vehicle (and therefore to an exact absolute
inertia simulation) is done, and for the dynamometer testing the overall inertia deviation
of approximate 1 % is tolerable.

So, the electrical inertia simulation is sufficient to ensure similar and vehicle related
conditions for all tests, independent of the friction level.

4.3.3. Pad Wear

The pad wear was tested exemplarily on a pad pair of friction material type A. After a
complete run of the standard dynamometer test matrix (cp. table 4.5 on page 47) the
inner pad had a wear volume of 423 mm3 while the outer pad had 516 mm?. On seven
different measurement points per brake pad different wear values were measured - taper
wear occurred for both pads. On both sides, the taper wear has a decreasing wear depth
from outer to the inner diameter, which is superimposed with a decreasing taper wear
depth from leading to trailing edge. On the outer pad both (lateral and radial) wear depth
gradients are equal, which results in a nearly linear taper wear from the outer diameter on
the leading side to the inner diameter on the trailing side. The wear depths on the outer
pad decreased from 0.22 mm (leading edge, outer diameter) to 0.07 mm (trailing edge,
inner diameter). For the inner pad, the wear depth gradient in radial direction is two times
the lateral gradient. So, the maximum wear depth of the inner pad is at the outer diameter
in the middle between leading and trailing edge. It has a wear depth of 0.18 mm, while
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the lowest wear depths occur at the inner diameter (0.07 mm on the trailing and 0.10 mm
on the leading side).

4.4. Postprocessing

Using the measured data two sorts of calculations are done, whose results will further be
used for the squeal propensity models. In this section, the squeal propensity calculation
and error estimation is presented. In the second part of this section the stiffness model is
discussed. As it is not possible to measure the pad normal stiffness during dynamometer
operation with sufficient precision, a model is built, using the data from compressibility
testing.

4.4.1. Squeal Propensity Calculation

In general, it is not possible to measure the squeal propensity. The squeal propensity is
calculated based on the frequency of occurrence of the two possible discrete conditions
‘squealed’ and “did not squeal’. This is similar to flipping a coin to estimate the propensity
that it comes up heads. However, similar to flipping a coin many repeated statistically
independent experiments are needed. For brake squeal, each measurement is considered
to be independent - a realistic assumption, if brake squeal occurs any time the set of
parameters is right, which was stated e. g. for the contact conditions by Eriksson et al.
[36].

As the parameters can not be measured exactly, the data has to be clustered to calculate
the squeal propensity. Within each cluster, the squeal propensity must be constant, so very
small intervals have to be chosen. For each cluster the ratio between the number of data
points, where a brake noise was detected and the number of all data points within the
cluster is defined as the squeal propensity, also called squeal index (SI). The particular
value of the squeal index is further related to the middle of the data cluster interval.

By estimating the squeal propensity from occurrence measurements, the precision
of the calculation will most likely strongly depend on the number of measurements for
each parameter set. Based on some assumptions, the squeal propensity error interval can
be evaluated. These assumptions are: there is the same squeal propensity for all data
points within a cluster (or the squeal propensity differences within each cluster can be
neglected), the squeal propensity depends on the parameter (set) and the squeal propensity
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distribution is static.

Bernoulli’s law of large numbers states, that the relative occurrence of squeal (S7)
will converge onto the true (but unknown) squeal propensity (S7e) as the number of
independent measurements n goes toward infinity [78]:

lim P(|S1, — Shea| <) =1, ¥Ye>0

n—~0o0

The absolute deviation ¢ between relative occurrence S1,, and true squeal propensity Sl e
provides a good measure for the error. For values of n less than infinity, the weak law of
large numbers allows a limit estimation of the propensity P, that the true squeal propensity
Is within a specific deviation £ from the measured relative occurrence:

SIreaI . (1 - S[real)
n-e2

P(|SI, — Slea| <€) > 1 —

(4.3)
< S[real : (1 - SIreaI)

& P(ISI, — Slea| > ©)

n-e2
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In statistics, most calculations and their interpretations are based on a confidence level ¥,
measuring the likelihood that the quantity being estimated falls in the confidence interval
[—e, €]. This constraint leads to

(4.4)
& P(|SI, — Slea| > ) <1

Comparing equations 4.3 and 4.4 an estimate for the error measure ¢ can be derived. The
value of ¢ depends on the number of data points n, the confidence level ¥ and the true
squeal propensity Slq. For each given confidence level ¥ an error measure ¢ exists, so
that the right hand sides of equations 4.3 and 4.4 are equal:

SIreaI : (1 - S[real)

n-e? =1
(4.5)
o SIreaI : (1 - SIreaI)
- |€|_\/ n-(1— W)

Because Sleq - (1 —STrea) < 0.25 for all true but unknown squeal propensities and € > 0,
the error estimation as a function of the confidence level ¥ and the number of data points
results in equation 4.6. The error estimation based on ¥ = 95 % is shown in figure 4.11.

1

e < m (4.6)

Strictly spoken these error considerations are only valid, if the squeal propensity ex-
clusively depends on the investigated parameter or set of parameters. However, if a pa-
rameter or subset of parameters has a strong impact on the squeal propensity, it is still
applicable as approximation. This can be assumed to be mainly true for the coefficient
of friction or the stiffness, but not in general e. g. for the brake line pressure or velocity.
Without this assumption it is not possible to estimate the error bounds using an acceptable

amount of dynamometer tests.

4.4.2. Stiffness Model

Measuring the pad normal stiffness during dynamometer operation is not possible with
sufficient precision. Due to circumferential disc thickness variations, pad and disc wear
and other effects, it is most unlikely to measure comparable and reliable compressibility
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values with a sufficient precision during dynamometer testing, especially at low brake line
pressures. However, compressibility measurements prior to dynamometer testing supply
data of pad normal deformation versus applied normal force. As the pad normal stiffness
is mainly influenced by pressure, the compressibility data is used to model the stiffness
during dynamometer testing. In this section, the stiffness modeling approach is presented.
After presenting the approach, the results and the model’s limitations are discussed.

Modeling Approach

Before dynamometer testing the compressibility of each brake pad was measured. In
general, compressibility « is the deformation of the brake pad under a brake line pressure
change from the preload to the maximum pressure level. Assuming that the brake pad
normal stiffness ¢, is independent of the normal force NV (Hooke’s Law), the constant
stiffness can be calculated according to

_ AN _ Apiston - Ap

K K

Cx

The stiffness calculated in such a manner (based on the compressibility test data of the
sixth cycle) was used in figure 4.1 (p. 38) to visualize the points where the different
friction materials lie in the u-c parameter space.

As discussed in chapter 2 the deformation versus normal force curve of brake fric-
tion materials is non-linear and has a hysteresis. As shown in figure 4.12 during the
normal force increase the successive curves match (even for different maximum contact
pressures). While the absolute compressibility value and the slope of the curve during
decreasing normal force are dependent on the maximum normal force value. Since dur-
ing dynamometer testing the brake line pressure is applied and held at the target value,
the compressibility during a dynamometer brake application should be on the increasing
brake line pressure curve.

The stiffness model developed and used in this work is based on compressibility mea-
surements. Similar to most FEM approaches, the contact stiffness is treated separately
from the bulk stiffness (cp. chapter 2). Consequently, the overall pad normal stiffness
consists of two springs in a series, one representing the contact stiffness and the other the
bulk stiffness of the friction material. According to equation 2.1 (cp. p. 9) the contact
stiffness c. depends linear on the normal force NV

Ce =N+ N
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Figure4.12.: Deformation « versus normal force N curves of a brake pad sample for
different maximum normal forces. A deformation testing system similar
to the one descried by Schmalful3 [81] with small samples described by
Kemmer [58] was used with small dwell time at the maximum force

while the bulk stiffness may also be normal force dependent, but with an additional pres-
sure independent term ¢, o, as shown in equation 4.7:

Cp = )\b . N + Cb70 (47)

The resulting overall pad normal stiffness ¢ results in equation 4.8 and the compliance d
is presented in equation 4.9:

(4.8)

CcC =

AN (1 1)‘1_)\C-Ab-N2+)\C-cb7O-N
dz (Mt X)-Ntag

Ce Cyp
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dN_c:)\c~N+)\b~N+Cb,0

1 d 1 1 1
=-=-= (4.9)

The compressibility &, resulting from the model, as function of the normal force is the
integral of the compliance as shown in equation 4.10:

R(N) = /N d(N') dN' (4.10)
Noreload
Using the Nelder-Mead simplex algorithm of Matlab, the values of ., A, and ¢, o were
calculated for each brake pad by minimizing the sum of squared errors (SSE) between
measured deformation «(/N') and modeled compressibility (), using

SSE = Z (K(N;) — R(N))?

Because the Nelder-Mead algorithm only estimates local minima of the sum of squared
errors, the optimization was done many times with varying initial values of ., A\, and
cp0. TO ensure the physical constraints A, > 0, A\, > 0 and ¢,y > 0 the sum of squared
errors was continuously increased as one or more values were violating the constraints.
The normal force on both brake pads is equal and the solid brake disc can be assumed to
be fixed between the pads and to be nearly incompressible. So, the resulting stiffness ¢ for
the model can be calculated from the pads’ modeled stiffnesses cpag1 and cpago according
to

o — Cpadl * Cpad2. (4.11)

Cpadl + Cpad2

However, due to the series connection of the two stiffnesses, the resulting combined
model stiffness is in the range of half the pads’ stiffnesses. For better comparability of
the combined model stiffness to the stiffness values of each single brake pad it is conve-
nient to use the pad equivalent stiffness for analyses and diagrams. This pad equivalent
stiffness lies between both pad stiffnesses and is equivalent to 2 - ¢ (from equation 4.11).
If both stiffnesses are as close as in this work, the average value of both pads’ stiffnesses
is a useful approximation. As the resulting error from this approximation is negligible
compared to measurement errors and uncertainties resulting from model limitations, the
average value of both pads’ stiffnesses was used as model stiffness.
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Table 4.7.: Stiffness model coefficients

Pad 1 Pad 2
FM Rg )\c ‘ )\b Cb,0 R2 Kg )\c ‘ )\b Cpy,0 R2
[pm] | [mm~] | [GN/m] | [%] | [pm] | [mm~"] | [GN/m] | [%]

A 64 130 | 4 0402 |99.9| 63 148 | 5 0.373 [99.9
B 66 | 245 | O 0.318 |99.9 | 65 196 | O 0.347 |99.9
C 84 149 | 10| 0.193 | 999 | 83 108 | 4 0.286 |99.9
D 71 146 | O 0.386 |99.9 | 67 182 | 3 0.205 100
E 75 156 |10 | 0.229 |999 | 83 153 |13 | 0.172 |99.9
F 53 142 | O 0.576 |99.7 | 54 140 | O 0.578 |99.7
G 63 192 | 8 0.293 |99.9 | 62 162 | 4 0.368 |99.9
H 38 238 | O 0.704 |99.7| 38 | 260 | O 0.675 |99.6
I 112 | 110 | 5 0.157 | 100 | 124 | 486 | 9 0.074 | 100
J 43 | 257 | O 0550 [998| 41 | 445 | 3 0476 |99.8
K100 | 175 | 9 0.128 |99.9 | 103 | 419 | 8 0.113 | 100
L 86 | 5000 | 8 0129 |[999 | 88 | 320 | 9 0.143 100
M 83 62 | O 0.501 |99.9 | 83 159 | 7 0.210 100
N 63 294 | 4 0.292 |99.9 | 65 163 | 4 0.330 [99.9
O | 113 | 5000 | 7 0.093 | 100 | 113 | 136 | 5 0.147 |99.9
P 52 | 313 | 15| 0.278 [99.9| 50 159 | 2 0541 |99.9
Q | 123 | 5000 | 7 0.084 | 100 | 123 | 495 | 7 0.088 | 100
R 64 | 295 | 5 0270 999 | 66 |5000 | 7 0.200 |[99.9
S 79 15000 | 9 0.132 | 994 | 79 |5000 |16 | 0.095 |[99.9
T 65 190 | 7 0285 999 | 65 | 295 | 6 0.259 |[99.9

Model Results

Figure 4.13 shows the measured and modeled compressibility (a), the average resulting

stiffness model used for analysis (b) and the particular contact, bulk and overall stiffness

versus normal force plots (c,d) for both pads of friction material E, as an example. For

better clarity the deformation versus normal force curves of both brake pads are plotted
into the same diagram (figure 4.13 (a)), applying an offset of 20 zm to pad number one.

Table 4.7 summarizes the model’s parameters, coefficients of determination 22 and com-

pressibility measurement values g (6th cycle) for all brake pads used in dynamometer

testing.

The coefficient of determination for all stiffness models is above 99.4 %, which in-
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Figure 4.13.: Summary of the stiffness model calculations for the brake pads of friction
material E. The maximum applied normal force of 18.1 kN corresponds to
a brake line pressure of 100 bar and a contact pressure of 5.02 MPa.
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dicates, that the pressure dependent stiffness behavior of the used friction materials can
very well be described with the three chosen parameters and confirms the model approach
choice. In figure 4.13 (a) the matching measurement and modelled curves are shown.

The compressibility testing of both sets of friction materials was conducted with two
different preloads. For the friction materials A - H a preload corresponding to 1.1 bar
brake line pressure was used, while for the friction materials | - T the common normal
force (corresponding to 5 bar brake line pressure) was used. However, the first set of
compressibility tests showed, that the calculated stiffness model parameters do not sig-
nificantly change between models based on data with 1.1 bar or 5 bar brake line pressure
preload. To be able to compare the compressibility values for both sets of tests, the de-
formations shown in table 4.7 are based on a brake line pressure difference between 5 bar
and 100 bar for all friction materials.

Interpretation of Results

The usual values of the linear slope of contact stiffness versus normal force A, lie between
60 mm~! and 500 mm~! (table 4.7). For some friction materials (L.1, O.1, Q.1, R.2, S.1
and S.2) the value of )\, rises toward infinity during the parameter optimization. For
numerical reasons another constraint was added to the parameter optimization to ensure
A < 5000 mm~L. This maximum value is large enough to minimize the effect of the
contact to the overall compliance (cp. equation 4.9).

Concluding these friction materials do have a very stiff contact is wrong. However, a
closer look on the specific cases has to be taken, to be able to interpret the stiffness model
results. Different cases have to be considered:

1. For an arbitrary large but finite value of A\, > 0 and with A\, > 0, ¢,y > 0 the
stiffness goes toward zero for vanishing normal force:

limec=0
N—O0

So even for very large values of \., the physically plausible stiffness curve results.

2. Ifanormal force N > 0 is applied, A\, > 0 and ¢, > 0 the compliance d converges
to (cp. eq. 4.9)
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as A. goes toward infinity. In this case, the overall stiffness has an asymptotic
behavior for \. - N > 0:
Cc — )\b -N -+ Cpb,0 (412)

So for large values of \. this asymptotic behavior occurs even for very small normal
forces.

3. If A\, went toward infinity and N > 0, A. > 0, ¢, 0 > 0and A, - N > 0, the stiffness
would show an asymptotic behavior, in the same manner as above

c— AN
but without an offset.

As all tested friction materials trend toward an asymptote, which has an offset at vV = 0,
the optimization algorithm never leads to A\, — co. So brake pads with A, = 5000 mm~—!
have a linear stiffness behavior at higher normal forces and their asymptotes have an offset
at N = 0, which is ¢, o. For N > 0 equation 4.8 can be written as

N AN N+ A

C
N ()\C—F)\b)—FCb—’O

N
and for normal forces N > ()\Ct’%)\) the stiffness model is asymptotic to a straight line:
c b
)\c : )\b )\c *Cy0
~ -N ’ 4.13
A W WA W (4.13)

If the true but unknown values of \. and A, single or both, are large or ¢ is small, the
parameter optimization leads to A\, = 5000 mm~!. By comparing equations 4.12 and
4.13, it can be seen, that in this case the values of A, and ¢, o will not represent the bulk
stiffness coefficients.

It can be concluded, that if the pad normal stiffness increases linear with normal
force even for very small (positive) normal forces, the parameter optimization adjusts
by A\. — oo. In this case, the resulting values of A, and ¢, are not only determined by
the bulk stiffness, but are associated with both, bulk and contact stiffness. Consequently,
the large contact stiffness value has numerical reasons and is not necessarily due to a very
stiff contact. As can be seen from the coefficient of determination =2 values in table 4.7,
the models with A\, = 5000 mm~! represent the compressibility measurements no worse
than the other models - in these cases only the clear distinction between contact and bulk
stiffness parameters cannot be made.
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Model Limitations

Every model has limitations. Knowing the model limitations is crucial for interpreting
the results. Therefore a closer look on the limitations of the model will be taken in this
paragraph:

» As the model is based on measured data, it is prone to measurement errors. For-
tunately, these errors and their propagation onto the model are easily quantifiable.
As the Gaussian error propagation calculation is quite complex, it is done in ap-
pendix A. The results can be seen in figure 4.14: The absolute stiffness error o of
the majority of the tested brake pads slightly decreases with increasing brake line
pressure and is for most pads below 15 MN/m. However, as shown is figure 4.14 (a)
some brake pads show higher stiffness errors with different brake line pressure de-
pendences. Below 10 bar the error for one friction material rises at very low brake
line pressure up to 43 MN/m, while the error above 10 bar brake line pressure is
below 28 MN/m for all tested friction materials. Figure 4.14 (b) shows the rela-
tive stiffness error, which is decreasing with increasing brake line pressure for all
tested friction materials. Except for two brake pads the relative stiffness error is
below 15 %, below 10 % above brake line pressures of 10 bar and below 5 % above
35 bar. The relative stiffness error is within tolerable limits, even if it should be
kept in mind, that both tested pads of friction material S shows a relative stiffness
error up to 30 % for low brake line pressures.

» During compressibility testing the brake pad is pressed against a piston adapter.
Besides possible errors due to different radii or materials, the piston adapter reflects
the situation in the brake assembly during brake applications only for the piston
side pad, while no finger-side adapters exist. Nevertheless, the finger-side nominal
contact area is (more or less) inverse to the piston-side nominal contact area. As-
suming a (in z-direction) symmetric backplate, the pad deformation shape would
be nearly inverse to the piston side, differing mainly because of different normal
stiffnesses in x- and y-direction and a different behavior of the lateral stiffnesses
under compression or tension.

» The contact is determined by the surfaces of both objects in contact and by the
possible intermediate medium. The compressibility measurements use an oppos-
ing object different from the brake disc and a normal force preload to eliminate the
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Figure 4.14.: Absolute and relative stiffness error

contact effects on stiffness. As it can be seen, 5 bar brake line pressure preload is
not sufficient to avoid contact influences on the overall normal stiffness. Thus, the
contact stiffness value for the model is based on the machined pad surface against
a very smooth steel plate. It might neither reflect the real condition during a brake
application nor the stiffness change due to contact change by formation of friction
films and layers, third body particles, etc. A measurement of the contact stiffness
during brake application is not possible yet and no appreciable models exist. Nev-
ertheless, the contact can be assumed to become stiffer with decreasing surface
roughnesses (e. g. during run-in) and softer due to the formation of the tribofilms
and third body layer. Kemmer [58] showed for a single friction material, that many
brake applications at high brake line pressure generated small third body particles.
In his simulations, the small particles lead to the formation of a stiffer contact.

The model does not consider effects of the velocity between pad and disc. While the
bulk stiffness most likely has no velocity dependence, the velocity might influence
the contact stiffness. However, Kemmer [58] made calculations of the disc velocity
influence on the contact stiffness of the third body layer and found none.

The temperature influence is not considered in the stiffness model. In most cases
the compliance of the brake pad increases as the (disc) temperature increases. Mea-
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suring hot compressibility changes the friction material irreversible, mainly due
to chemical reactions and conversions. Because of the irreversible nature of hot
compressibility testing, the brake pads cannot be tested before the dynamometer
tests without modifying the friction material permanently. However, to estimate a
general temperature tendency, a hot compressibility test has been conducted using
a pad, which was not used during dynamometer testing. The calculated stiffness
from the deformation versus normal force curves of a friction material B-type pad
is shown in figure 4.15. It can be seen that the deviation at small brake line pres-
sures is very small, has a maximum at 24 bar and decreases for higher brake line
pressures. The pad becomes softer at higher temperatures. And it re-stiffens a
bit for the second hot compressibility cycle, which might be due to plastic defor-
mation and further compaction of the heat affected brake pad zone. The relative
stiffness deviation due to the temperature is below 53 % and the general trend can
be assumed to be similar for all tested friction materials. So even if the absolute
deviation between model and reality at higher disc temperatures is not negligible,
the relative deviations between the friction materials at higher temperatures can be
assumed to be minor.
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 The stiffness, calculated from the model, is for very low frequencies (quasi-static).
It has been shown (cp. chapter 2.2.4), that the stiffness increases with frequency and
the stiffening, due to normal force increase, also can be seen at higher frequencies.
This suggests, that the model trends might also be valid at higher frequencies, even
if the absolute values may differ. However, the normal stiffness at squeal relevant
frequencies has not been measured and the preservation of the quasi-static normal
force trends on stiffness has not been shown yet.

In conclusion it can be stated that even with this model’s errors and limitations a clear
squeal dependence on stiffness will most likely be observable. The calculated stiffness
is qualified to estimate whether there is an important stiffness influence. If no stiffness
influence on squeal can be found in this work, quite likely no important stiffness influence
exists.



5. Squeal Propensity Regression
Model Concepts

The squeal propensity regression models are of prime importance for this work. Prior
to actually building squeal propensity models in chapter 6, the general methodology is
discussed in this chapter. After presenting the different timescales on which analysis and
models are done, data pooling functions are introduced. Using these functions, character-
istic values are built on each timescale. They are used for the squeal propensity models.
As the regression model function is the same for most models presented in this work, the
general modeling approach is discussed. The chapter closes by introducing a measure
to rate the quality of the different models. This is needed to judge if significant squeal
propensity models can be built, to visualize model chances and limitations and to rank
them according to their usefulness.

5.1. Timescales

As presented in chapter 3.2, during dynamometer testing data is measured on the so-called
real-time timescale. Unfortunately, not all interesting parameters possibly related to brake
noise can be measured during dynamometer testing, e. g. the pad normal stiffness.

The pad normal stiffness is measured once for each brake pad prior to dynamometer
testing. A single compressibility value per test is measured, or in other words, the stiffness
is measured on the ‘one value per test’ timescale.

To compare, analyze and build squeal propensity models, data from the considered
parameters has to be modeled on the same timescale. This can be done by pooling the
real-time data, e. g. using the average of the real-time friction coefficient values ji, as
the friction coefficient value for the test uy = i, Or by using models to calculate the
expected real-time behavior. The particular indices state the timescale of the parameter.

81
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Table 5.1.: Analysis pattern for different timescales

Timescale
Parameter One value per
Real-Time | Brake Application \ Test

brake line pressure measurement [pai(p)

vehicle velocity measurement [Cpai(v)

disc temperature measurement pai(T)
friction coefficient measurement Cpai(pt) Ceei(pe)

squeal frequency & SPL | measurement S1(freq) S1(freq), dom. freq.

pad normal stiffness [wi(ke, p) Cpai(K6, Doa) measurement

The transition between timescales for one parameter is done by mappings I', which are
discussed more closely in the next section. As these data mappings include data pooling
as well as models (like the stiffness model, presented in section 4.4.2), they are not one-
to-one mappings. In general, they calculate an unique output based on a set of input
parameters in a deterministic way - they are functions from a computer science point of
view: a set of instructions to generate the output value based on the input values. Although
some mappings are also functions in a mathematical sense, most of them are not.

In addition to the real-time and the test timescale, a third timescale is commonly used
for brake tribology: reporting ‘one value per brake application’. As on this brake appli-
cation timescale no data is recorded, the real-time and the test data have to be transferred,
using the data mappings I'p,i. The durations vary between different brake applications,
although this timescale is commonly used for dynamometer tests. As a result, different
amounts of real-time data are mapped onto one value for different brake applications. For
a model on the brake application timescale each brake application is considered equally
weighted. This leads to a data weighting which differs from the models on the other
timescales.

Table 5.1 summarizes the three timescales for all parameters analyzed. On the (one
value per) test timescale not all data mappings are appropriate. As the same dynamometer
test procedure is used the controlled parameters (pressure, velocity) do not differ between
tests and the disc temperature is strongly coupled to the friction coefficient for the test
timescale. The squeal frequencies and sound pressure levels are transferred from the real-
time timescale to the other timescales by clustering the registered brake noise by squeal
frequency and calculating the squeal propensities for each frequency interval separately.
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Intervals in which noise occurred more often will further be called dominant frequency
intervals. The stiffness’ data mapping function is the stiffness model, presented in chapter
4.4.2.

5.2. Data Mapping Functions and Characteristic
Values

5.2.1. Mapping Functions

In general, two sorts of data mapping functions I" are used: data pooling functions, which
calculate one value for a ‘larger’ timescale (e. g. averaging real-time values per brake
application), and data models like the stiffness model, which generate data on a *shorter’
timescale.

The data mapping functions are rules how to project the parameter onto the mapped
value, like using the maximum value per brake application. Each different data map-
ping has an index onto which timescale the data is mapped and a number identifying the
mapping. A complete list of all data mappings used in this work is shown in table 5.2.

The first seven data mappings I'; to I'; map the real-time data, e. g. the friction coef-
ficient, onto a brake application (index ba) or onto the test (index tt). It is obvious that no
data mappings for this purpose on the real-time scale exist. Also, each data mapping with
the same index number generates the same type of output - only for a different timescale.
As an example, I'y, 1 (14t) calculates the average friction value per brake application, while
[w1 (1) calculates the mean friction coefficient for the whole test. Both calculations are
using the real-time ‘measured’ friction coefficient ju.

The mean parameter value calculation I'y, 1 is more precise if the parameter is con-
stant, but might be misleading if the parameter changes drastically during the brake ap-
plication.

The maximum and minimum parameter values (I'5 and I's) most often occur at the end
or beginning (of a stop brake application) and might scatter on a larger scale, compared
to the mean value, as they are only based on a single data point.

Mappings four and five estimate a specific parameter value from the parameter distri-
bution per brake application. As for mapping I", the parameter value below which half
the parameter values lie (median) is taken, I'5 estimates the parameter value below which
75 % of all parameter values lie. The latter parameter mapping is to test whether higher
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Table 5.2.: Parameter mapping functions used to calculate characteristic values on the
‘one parameter value per brake application” and ‘one parameter value per
test” timescales

Mapping Function
rt | perba | pertt Input Output
[pat [yt 1 Mean value
[pa2 [y o Maximum value
[pas T3 Minimum value
r r one Parameter value, below which 50 % of
bad 4 | real-time the parameter values lie (median)
r r parameter, Parameter value, below which 75 % of
ba,5 %> 1 likep,v, T, the parameter values lie
r M or p Center of a Gaussian curve, fitted onto
ba.6 Lo the parameter’s distribution
r r Standard deviation of the fitted
ba7 w7 Gaussian curve
real-time Percentage of data points, which lie
[pas ks | parameter,
’ ’ above the threshold parameter value
threshold
r real-time Slope of Friction coefficient vs. vehicle
9 p,Vv, T velocity from model (cp. ch. 6.1.1)
r r r real-time p Modeled stiffness (cp. ch. 4.4.2);
10| Thal0 ) TI0  or i (p), ke | for batimescale Ty (p) is taken
r r r real-time p Average modeled stiffness for both pads
i e T or e (p), e | (That(T'so(padi), Tyo(pad2)))
noise frequency Squeal propensity calculation (cp. ch.
Frtaz | Toato | sz | and SPL, 4.4.1), varying by cluster range
cluster interval 1), varying by g

parameter values (e. g. for the friction coefficient) influence the squeal propensity more.

For mappings six and seven, a Gaussian curve is fitted onto the parameter distribu-
tion by minimizing the squared sum of errors by Matlab’s Nelder-Mead algorithm. I'g
estimates the parameter value at the maximum of the Gaussian curve (the middle of the
curve), while I'; calculates the standard deviation of the fitted Gaussian curve. It should
be noted that drag brake applications often show a Gaussian distributed friction coefficient
value, while the friction coefficient of a stop brake application is not Gaussian distributed
in most cases.
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I's calculates the percentage of data points which are above a threshold value. This
leads to a more independent measure of the parameter distribution and takes into account,
that a friction coefficient threshold might exist below which no squeal is generated (as
reported for the friction coefficient by Bergman et al. [9]).

I'11o calculates the slope of the friction coefficient versus velocity curve

O (Pets Vits Trt)
OVrt
from the friction coefficient model zi(py, Vit, Trt) Using the real-time values of pressure,
velocity and temperature. The friction coefficient model is presented in chapter 6.1.2.

The stiffness model presented in chapter 4.4.2 is used for a single pad by I';, and for
both pads of a test by I';; - the latter averaging the particular model results for each pad
as described in chapter 4.4.2.

To calculate comparable squeal propensities (I'y2) on all timescales, the number of
real-time data with registered noise is always divided by the overall amount of data within
that cluster. The clustering is done for parameter intervals (e. g. friction coefficient and
stiffness) on the real-time timescale and for each brake application or for each test. In all
cases, the squeal propensity calculation is the same and is done as described in chapter
4.4.1, only the data clustering varies on different timescales.

5.2.2. Characteristic Values

Using the data mapping functions shown in table 5.2, various characteristic values «;
have been calculated. The characteristic values related to the friction coefficient o, and
stiffness o, are estimated on the brake application timescale ap, and on the test timescale
ay. In general, the index 7 of the characteristic value determines its type, similar to the
mapping functions. They are summarized in tables 5.3 and 5.4. As the tables are formally
correct but quite abstract, they can be read as follows:

* The first seven characteristic values are the output of the first seven data mappings:
the mean parameter value is o4, the maximum value «», and so on.

 Characteristic values eight to 16 are calculated by I's using nine threshold values.
The threshold values for the friction coefficient are 0.2, 0.3, ..., 0.9, while they
are 0.05 GN/m, 0.1 GN/m, ..., 0.4 GN/m for the stiffness. In both cases the ninth
threshold is the average value as calculated by I';.
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Table 5.3.: Real-time friction coefficient y., real-time stiffness ¢y = I'rt11(prt, K6) OF stiff-
ness measurement related characteristic values « for S17(u,c) models on dif-
ferent timescales

Timescale
No. per brake application per test
Oé,u,ba,No ‘ Q¢ ba,No a,u,tt,No ‘ Qe tt, No

1 Fba,l(,urt) Fba,l(Crt) Ftt,l(,urt) Ftt,l(crt)

2 Fba,z(,urt) Fba,z(Crt) Ftt,z(,urt) Ftt,Z(Crt)

3 Fba,s(,urt) Fba,3(crt) Ftt,s(,urt) Ftt,B(Crt)

4 Fba,4(,urt) Fba,4(0rt) Ftt,4(,urt) Ftt,4(0rt)

S Fba,S(,urt) Fba,s(Crt) Ftt,5(,urt) Ftt,5(0rt)

6 Fba,G(,Urt) Fba,6(0rt) Ftt,e(,urt) Ftt,G(Crt)

7 ['ba,7 (,urt) I'ba 7(Crt) I (,urt) Ftt,7(0rt)

8 Ibag(fir, 0.2) I'bag(cr, 0.05 cnm) Cig (e, 0.2) Tig(crt, 0.05 eum)

9 Ibag(fur, 0.3) I'bag(crt, 0.1 onim) Litg (i, 0.3) Tieg(cr, 0.1 onm)
10 Ibag(firt, 0.4) I'bag(cr, 0.15 onm) Litg (i, 0.4) Tig(crt, 0.15 onm)
ll Fbayg (,urt, 05) Fba,B(Crta 0.2 GN/m) Ftt’g (,urt, 05) Ftt,S(Crt; 0.2 GNlm)
12 Fbayg(,urt, 06) Fba,B(Crta 0.25 GNlm) Ftt,g(,urt, 06) Ftt,S(Crt; 0.25 GNlm)
13 Fbayg (,urt, 07) Fba,B(Crta 0.3 GN/m) Ftt’g (,urt, 07) Ftt,S(Crt; 0.3 GNlm)
14 Fbayg(,urt, 08) Fba,B(Crta 0.35 GNlm) Ftt,g(,urt, 08) Ftt,S(Crt; 0.35 GNlm)
15 Fba,B(Nrta 0.9) Fbayg(cn, 0.4 GN/m) Ftt,B(/irt, 0.9) ang(crt, 0.4 GN/m)
16 Fba,s(urt, Fba,l(urt)) Fba,B(Cm Fba,l(crt)) L' (Mrt, Ftt,l(urt)) Ftt,s(Crt, Ftt,l<crt))
17 Fba,e(,urt) Fba,G(Crt) Ftt,s(,urt) Ftt,G(Crt)

+2 - Tpa7(pin) +2 - Tpaz(cn) +2 - Tz (pont) +2 - Ty7(cn)

18 | Toai1(Tro(pronTh)) Lyt 1 (o (pre,on, Th) ) re(padl)

19 Tba2 (Tro(prison,Tn)) Lit 2 (T (pr,von, 7)) Ac(padl)

20 Fba,3(Frt,g(:ﬂrt,vn,Trt)) i3 (Frt,g(fl’rt,vmﬂt)) b (pad l)

21 cpo(padl)

* «7 is the parameter value of the fitted Gaussian’s curve mean I'g plus two times the
Gaussian standard deviation I'7, as a measure for the upper parameter limit. This
value is more robust to measurement errors compared to a5, however only sensible
for drag brake applications or on the test timescale.

» Additionally, three characteristic values based on the friction coefficient models
(chapter 6.1.2, table 6.4) are calculated - namely the mean (c, 15), maximum (o, 19)
and minimum (v, 20) value of 97z/0v (*negative slope’).
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Table5.4.: Additional characteristic values «, for S?(M,C) models based on stiffness
measurement for models on the ‘one value per test’ timescale

No. per test No. per test No. per test

Qe tt,No Qe tt,No Qe tt,No
22 re(pad2) 28 | Tw1(M\y(padl,pad2)) | 34 | T'y12(50 bar,xe)
23 Ac(pad2) 29 | T'w1(coo(padl,pad2)) | 35 | I'y12(60 bar,xe)
24 Ap(pad2) 30 Frt 11(10 bar,xs) 36 | I'111(70 bar,xe)
25 cpo(pad2) 31 ['vt11(20 bar,xg) 37 | T'111(80 bar,xe)
26 | I't1(ke(padl,pad2)) | 32 [vt11(30 bar,xg) 38 | I'1111(90 bar,xe)
27 | I'w1(A(padl,pad2)) | 33 ['vt11(40 bar,xg) 39 | I'1t11(100 bar,xs)

* On the test timescale, there are additional characteristic values for the stiffness

based on the compressibility measurements (and derived models thereof). Stiffness
based characteristic values 18 to 21 are all taken from the 6th cycle of the com-
pressibility measurement for pad number one in the test. More precisely, they are
the compressibility x¢ (cci18), Calculated coefficients of linear stiffness increase
for the contact . (cac19) and the bulk stiffness A\, (cei20), and the normal force
independent part of the pad bulk stiffness cy o (cvett21)-

Similarly, o 20 10 e 1t 25 are for pad number two and values v 26 t0 v 11 29 are the
average values of the measurement or calculations of both pads.

The last stiffness based characteristic values for the test timescale (cvc 30 - vc.tt,39)

are the calculated stiffnesses (averaged from both pads) I'\;1; at brake line pressures
of 10 bar, 20 bar, ..., 100 bar.

On the real-time timescale, mostly the measured parameter values are taken. Only one
characteristic value is calculated, using the stiffness model of both pads:

Crt = Ol rt40 = 11rt,1l(prta /46)

To be consistent on all timescales, the measured real-time parameter values are also

treated as characteristic values for ¢ = 40, so €. 9. o it40 = fut.
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5.3. Squeal Propensity Modeling Approach

In this work, squeal propensity models are used to investigate the influences of the tri-
bosystem parameters on the squeal propensity. Therefore, in chapter 6 numerous models
based on the characteristic values of friction coefficient and pad normal stiffness are built.
The characteristic values have been presented in the previous section.

All squeal propensity models are polynomial regression models, resulting from a least
squares fit. For each model up to one characteristic value for each investigated parameter
is considered. Three types of squeal propensity models are used:

1. Single parameter based models, used to investigate the squeal propensity depen-
dence on the friction coefficient have the form

SLi(p) = G- aps + G (5.1)

2. The main focus of this work’s investigations is on E\I(u, c)-models. These models
are first order polynomial regression models with an interaction term, resulting in a
form like

5/71'7]'(/11, C) = Cl : a,u,i + CQ : ac,j + <3 : a,u,i : ac,j + C4 (52)

3. On the real-time timescale the impact of brake line pressure, vehicle velocity, disc
temperature and brake torque on the squeal propensity is investigated. This is done
by building ﬁ(prt, urt, Trt, My) models. These models are based on a third order full
factorial polynomial regression (including interaction terms), where all statistically
insignificant terms have been removed.

5.4. Model Quality Rating Measure

In general, it is always possible to fit the squeal propensity onto a polynomial function and
obtain squeal propensity trends from the model’s coefficients. However, in some cases,
the trends found will not represent the data.

Statistics provides methods of determining how well a regression model represents the
data and what the propensity is, that a certain modeled parameter dependence is generated
by chance. Although the deeper field of statistics is far beyond the scope of this work,
some commonly used methods will be presented here.
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The coefficient of determination 12 is a commonly used measure of how well the
data is represented by the model. It is calculated as 1 reduced by the ratio of the squared
parameter deviation between model and measurement (called squared model residual)
and the squared measured parameter deviation from the parameter’s average value. The
latter is usually called total error. As each mathematical function can be represented by an
infinite order polynomial, it is obvious that 22 can be increased only by adding additional
terms. These terms do not necessarily need to be statistically significant or represent true
parameter dependences.

The adjusted coefficient of determination Rgdj ‘adjusts’ R? using the number of model
degrees of freedom and the number of data points to be modeled. Using this adjustment,
the Rgdj cannot be forced to reach 1 only by adding polynomial terms to the fitting func-
tion. Moreover, the adjusted coefficient of determination is always smaller than R?, and
the gap is a measure of how well the model function (collectivity of model coefficients)
represents the data. A small gap between R? and Rgdj indicates well chosen parameters,
of course only for ?? values near one.

In addition, statistics uses different tests to estimate the significance of data depen-
dences or the whole model. The significance in this context is the propensity, that a
modeled dependence of a polynomial term is generated by chance and does not represent
the modeled data. Commonly in statistics, a threshold significance is set and regression
function terms with higher significance value are not considered for the overall model.
This threshold significance also defines the confidence level - the propensity of a data
point to be within the estimated error bounds (for normal distributed residuals). Although
these methods have been used on the models described in the next chapter, they are not
shown explicitly. For further information the reader is referred to Mendenhall and Sincich
[65], where all methods are discussed extensively and the used formulae are stated.

In this work different squeal propensity models based on approximately 10° real-time
data points per test have to be compared to models, built on one value per test. These very
different amount of modeled data favors the use of the adjusted coefficient of determina-
tion rather than R2. But beside using the statistical measures described above, a Quality
Rating Measure, which is usable on all timescales and can be calculated for all models in
the same way, is needed. As one value per test is the least common basis, a single model
quality rating value per test has to be estimated.

The overall squeal propensity, calculated for each dynamometer test on a large amount
of (real-time) data is a quite robust measure. In addition, each model is able to calculate
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the overall squeal propensity for each test. As an example, the real-time regression models
calculate a squeal propensity (between 0 % and 100 %) for each data point and the overall
squeal propensity is the average squeal index for all data points of a friction material test.
The test timescale based models intrinsically calculate the test’s squeal propensity. For a
brake application timescale based ST-model the overall squeal propensity calculation has
to weight each brake application’s squeal propensity by the number of data points of that
brake application.

Naturally, the main purpose of the squeal propensity model is to calculate the squeal
propensity with satisfactorily precision. If this is possible for the whole test using the
investigated tribosystem parameters, it would prove both, the tribological influence and
the possibility to calculate the squeal propensity.

Consequently, this work’s standard Model Quality Rating Measure (MQRM) is the
difference AST between the the overall “measured’ squeal propensity .S /ieasured @and the
overall calculated squeal index from the model ST model TOr each test (as shown in equation
5.3):

AST = SImeasured - é\Imodel (5-3)

It has to be stated that AST is in percentage points, as it is calculated from two percent-
age values. A AST = 3 % for a particular friction material test is an absolute deviation
between measured and calculated squeal propensity of 0.03, an absolute difference of
three percentage points, and is not relatively based on another squeal propensity.

For each model a single AST value per friction material is calculated. To rank the
models, the AST standard deviation o a5 and the maximum deviations for a friction ma-
terial (maximum and minimum AST) are considered. The model’s usefulness is primarily
judged by the standard deviation of AS7, however maximum and minimum A ST are used
to finely differentiate models with similar AST standard deviation.

In general, the model’s usefulness has to be evaluated to investigate the tribological
influences and the data pooling effects on the squeal propensity. In a first step, the AST
values for all friction material tests are calculated based on the (constant) average over-
all squeal propensity. The squeal propensity average is as {4 = 5.51 % and has been
calculated by the following Oth order polynomial model:

S/(}worstcase(auaac) =0- oy, + 0-a.+0- Q- e+ @
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This “‘worst case” model does not consider any tribological influences and also has only
very limited capability to calculate the overall squeal propensity for each test. Its standard
deviation oas; IS 4.87 percentage points with a AST span of 18.20 percentage points. The
maximum deviations are 12.70 percentage points (maximum AS7) and -5.50 percentage
points (minimum AST). Throughout this work, each model is judged whether its AST is
significantly smaller. If such models based on friction coefficient and stiffness character-
istic values exist, the tribological influence can be shown.



6. Data Analysis and Evaluation of
Squeal Propensity Models

In this chapter, data analyses and squeal propensity models on all three timescales are
presented. Each section deals with one timescale and within each section, at first the data
analyses and then the squeal propensity models are presented. Each section closes with a
discussion of the results.

6.1. Real-Time Timescale

All data generated on the real-time timescale is directly related to dynamometer testing.
As a lot of data has been generated during dynamometer testing, the next subsection is
more extensive than similar subsections dealing with the other timescales.

6.1.1. Data Analysis

In this subsection, the dominant frequency intervals will be estimated and the squeal
propensity correlation to a single measured parameter, like brake line pressure, vehicle
velocity, disc temperature, brake torque or friction coefficient, will be shown. In addi-
tion, the squeal propensity versus calculated real-time stiffness will be discussed. Subse-
quently, the squeal propensity versus friction coefficient and stiffness is shown.

The analyses presented in this subsection focus on all measurement brake application
data from all tests to show general trends. For each individual test the analysis result plots
are generated in the described way and presented in appendix B.2.

Dominant Frequency Intervals

For squeal (propensity) investigations, the brake noise has to be quantified. For all inves-
tigations in this work, brake noise is quantified by its frequency if the sound pressure level

92
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Figure 6.1.: Noise frequency and sound pressure level result summary for all tests

exceeds 70 dB at that frequency. Consequently, only brake noise with a sound pressure
level of 70 dB or higher is considered for the squeal propensity calculation.

Figure 6.1 shows the frequency and sound pressure level distributions for all data
points from the tests of all friction materials. In the left hand diagram, the sound pressure
level histogram of all measured squeals is shown. The sound pressure level (SPL) oc-
currence is constant between 71 dB and 95 dB. The amount of squeals with higher SPLs
decreases nearly monotonic. The maximum registered sound pressure level was 123.0 dB
at 13.4 kHz. The visible smaller amount at 70 dB is due to the effective smaller inter-

val: the interval is from 69.5 dB to 70.5 dB but only noises with SPL above 70 dB are
analyzed.

On the upper half of the right hand diagram, each dot represents a registered squeal on
the real-time timescale, indicating the squeal frequency and the sound pressure level. The
frequency space is nearly covered, meaning that squeal events at almost all frequencies
between 2 kHz and 20 kHz occurred. However, the histogram in the lower half shows that
some frequencies occur more often than others. Every frequency, which occurs in at least
0.2 % of all data poins (approx. 3000 data points) is further called dominant frequency.
This limit was found to represent the squeal histogram quite well. In the current case the
main frequency at which the most squeals have been detected is 13.5 kHz with more than
fifteen thousand detected squeal events. For each dominant frequency the neighboring
frequency histogram bins are checked to find the whole dominant frequency interval. The
dominant frequency intervals for all data points from the measurement brake applications
of all friction material tests are summarized in table 6.1, further referred to by their mean
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Table 6.1.: Dominant frequency intervals for the all measurement brake application test

data
Frequency No. of Registered Squeals
Interval Mean | Peak | Absolute Relative

From To At At

[kHz] | [kHz] | [kHz ] | [ kHz ] [% |
2.8 3.1 3.0 2.9 3595 0.23
6.6 7.1 6.9 6.8 11629 0.76
7.2 7.7 7.5 7.4 14909 0.97
7.8 8.2 8.0 8.0 5225 0.34
8.7 9.1 8.9 9.0 7652 0.50
13.2 13.7 135 135 15458 1.01

frequency.

Even though a lot of different squeal frequencies occurred throughout all tests, not all
squeal frequencies were generated during every test. Table 6.2 summarizes the most fre-
quent occurred squeal frequencies for each friction material test, rudimentarily arranged
by frequency. The squeal index shown in table 6.2 is calculated from the measurement
brake applications only, not to bias the data with the large amount of stop brake appli-
cations at high velocities and medium pressure. For the four friction materials with the
highest noise propensities (SI > 9.5 %), squeal at one or more dominant squeal frequency
occurred. Especially friction materials A and B emit noise within nearly all of the domi-
nant squeal frequency intervals.

Squeal Dependence on Single Parameters

Figure 6.2 shows a summary of the squeal dependence on the brake application number.
In the upper plot a point is drawn for each measured friction coefficient during the specific
brake application. The color of each point indicates noise: if brake noise at a frequency
between 2 kHz and 20 kHz and with a SPL equal or above 70 dB occurred, the point is
drawn black, otherwise light gray. In the middle plot, a point is drawn at the particular
frequency for each detected squeal with a sound pressure level above 70 dB. In the lower
plot the squeal propensity is shown.

In figure 6.2 each separate brake application forms a cluster for squeal propensity cal-
culation, this means cluster number one consists of all data from the first brake application
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Table 6.2.: Frequently registered brake noise frequency summary for dynamometer test-
ing of each particular friction material

FM Sl Frequently Registered Noise Frequency [kHz]
%]
A 18.2 | 3.0 76 (18.01]9.1 106 18.5
B 104 | 3.1 74178 10.2 12.0 | 135
C 7.1 114 | 12.3 | 134 | 17.2
D 7.4 7.5
E 71128 72175 |8.0 13.3 | 13.6 | 18.0
F 2.9 7.4 9.9 13.6 | 19.3
G 0.1 65|7.2
H 15.2 13.4
I 0.1 9.0 104
J 9.6 6.9 8.9 13.5
K 0.2 537073 8.8
L 3.7 6.2 71175
M 3.2 6.8 8.7 17.4
N 51 6.7 7.2 9.0
0] 4.7 6.8 7.3
P 15 75182189 13.6
Q |<0.05 7.2
R 5.4 6.6 7.5 8.9
S 4.7 1.7 9.0 13.5
T 5.5 6.8 8.0 13.4

of all conducted tests.

The three vertical dotted lines separate the four different parts of the test procedure:
run-in section, drag section, stop section and pressure section (cp. chapter 4.2.3). Noise at
some frequencies, e. g. in the dominant frequency intervals around 8.9 kHz and 13.5 kHz,

occurs almost throughout the whole test procedure - also during run-in at velocities above

30 km/h. In addition, the middle diagram of figure 6.2 shows noise occurring at some
other frequencies only during specific (parts of) sections. In the bottom diagram it can be
seen that the overall squeal propensity per brake application during the run-in and the stop
sections is significantly lower than during the drag and pressure sections. Within the drag
brake application section, the maximum and the minimum friction coefficient is lower at
high temperatures. The average squeal index decreases with increasing temperature and
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Figure 6.2.: Friction coefficient and noise occurrences during all test procedures as func-
tion of brake application number

is higher during the second half of the section, after the maximum temperature has been
reached. Superimposed on this general trend are visible (nearly periodic) SI maxima,
which are due to velocity and pressure dependences of the specific brake application. The
increase of the squeal index with increasing pressure is visible in the last part of the test
program - the pressure section. There the squeal propensity is higher during the first brake
applications, which have the smaller initial temperature.

To find squeal dependences on controlled and measured parameters, the analysis of
the real-time data is done the same way for all parameters. The whole data is plotted
versus one measured parameter at a time and each parameter cluster may consist data
points having very different values for the other, not explicitly shown parameters. As a
consequence a seen parameter influence on the squeal propensity might not be solely due
to that parameters influence, e. g. a velocity effect can also be a friction coefficient effect,
as the friction coefficient is closely linked to the velocity for most materials. Also, as
the squeal propensity most likely not depends solely on pressure, temperature, velocity or
brake torque, the main assumption of the error calculation (cp. section 4.4.1) is violated,
S0 no error estimation can be done. In the following, the diagrams are discussed, for the
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Figure 6.3.: Squeal dependence on brake line pressure for measurement brake applica-
tion data from all tests

brake line pressure, as an example.

The squeal dependence on pressure is presented in figure 6.3. The top diagram on
the left hand side shows a dot for each friction coefficient. The dot is black one, if brake
noise between 2 kHz and 20 kHz was registered with a SPL equal or above 70 dB. If no
squeal occurred, the dot is light gray. With increasing pressure, the deviation of friction
coefficient values decreases, mainly due to a decrease of the maximum value. For target
pressure values below or equal to 30 bar the friction coefficients with registered noise
form a connected area, mainly at higher friction coefficient values within a pressure level.
Above 30 bar brake line pressure, two or even three different areas are visible, one of
them still at high friction coefficients for each pressure level.

The diagram second from the top on the left hand side combindes the number of data
points within each cluster and the related squeal propensity. The histogram is plotted in
light gray and related to the right axis. The squeal propensity for brake noise between
2 kHz and 20 kHz, further also called overall squeal propensity, is represented by a black
line (scaled on the left axis). The cluster intervals for all parameters have the same lengths
(for each parameter) and are equidistant. For the pressure, the data at each target level is
divided into three to five clusters with an interval length of 0.5 bar each (fig. 6.3). Within
each set of intervals for a target pressure level, the squeal propensity is not constant but
mostly lower for the outer clusters. Between target pressures of 5 bar and 20 bar the
average squeal propensity increases with increasing target pressure level. Between 20 bar
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Figure 6.4.: Squeal dependence on vehicle velocity for measurement brake application
data from all tests

and 30 bar and 35 bar to 60 bar it is nearly constant, but with a visibly higher Sl value
above 30 bar.

The remaining diagrams of figure 6.3 present the separate squeal propensities for
brake noise within each of the dominant frequency intervals. For the calculation of these
squeal propensities only the number of registered squeals within the particular dominant
squeal frequency interval are divided by the overall number of data points within each
cluster. It is clearly visible that the brake noise at different frequencies depends variedly
on the brake line pressure: While the 6.9 kHz squeal mainly occurs between 10 bar and
20 bar, the 8.9 kHz and 13.5 kHz squeals show a visible pressure dependence - they
increase or are higher at higher brake line pressures.

Figure 6.4 shows the velocity influence on the squeal propensity. The velocity is
clustered into 1 km/h intervals for squeal propensity calculation. The amount of high fric-
tion coefficient values increases with decreasing vehicle velocity, while the lower friction
coefficient bound is approximately constant. The overall squeal index increases with de-
creasing velocity (above 2 km/h) and is significantly higher at 3 km/h and 10 km/h, the
velocities of the drag brake applications. The squeal propensity increases with decreas-
ing velocity for squeal within the majority of all dominant frequency intervals. Around
6.9 kHz and around 13.5 kHz squeal is also generated for higher vehicle velocities with
no significant propensity increase at low velocities. However, squeal at 13.5 kHz shows a
significantly larger propensity during drag brake applications.
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Figure 6.5.: Squeal dependence on disc temperature for measurement brake application
data from all tests

The disc temperature influence is shown in figure 6.5. Below 250 °C the lower limit
of friction coefficient values increases with increasing temperature, while the upper coef-
ficient of friction limit decreases. Within each initial temperature block (below 300 °C)
high friction coefficients occur at the temperature edges: at minimum temperature, mainly
during drag brake applications, and at the end of the stop brake applications (maximum
temperature). The temperature cluster size is 5 °C for this analysis. The overall squeal
index is a superposition of a constant 5 % value and peak values up to 12 % around 55 °C,
100 °C, 145 °C, 175 °C and 335 °C, but no general trend or dependence can be found.
This is also true for squeals at the dominant frequency intervals.

In general, the black line for the squeal propensity is only drawn, where at least 50
data points are within that cluster. If a squeal index is calculated for a cluster with less
than 50 data points only a dotted line is drawn to indicate a possible weaker statistical
relevance. At very high temperatures less than 50 data points are within the 5 °C cluster
intervals, which is indicated by the dotted squeal propensity curve. The shown Sl trends
there might not be statistically significant, but generated nearly by chance.

The result of the analysis with brake torque as parameter, clustered in 100 Nm in-
tervals, is shown in figure 6.6. The friction coefficient versus brake torque plot shows a
regular pattern, because the coefficient of friction is proportional to the brake torque at
each constant brake line pressure. Below 500 Nm more brake noise is generated at higher
friction coefficients, while above 500 Nm no clear trend is visible. Below 80 Nm, the
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Figure 6.6.: Squeal dependence on brake torque for measurement brake application data
from all tests
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Figure 6.7.: Squeal dependence on stiffness for measurement brake application data from
all tests

overall squeal propensity is near zero. Between 80 Nm and 500 Nm it is almost con-
stant at approximate 8 %. Squeal in the dominant frequency intervals around 8.9 kHz
and 13.5 kHz shows an increasing propensity for higher brake torques. However, for
the 8.9 kHz squeal, no squeal occurred for brake torques higher than 850 Nm. And the
propensity calculation of the 13.5 kHz squeal above 1100 Nm is based on clusters each
consisting of 50 data points or less.

In figure 6.7 the dependence of squeal on the real-time stiffness, calculated from the
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Figure 6.8.: Squeal dependence on friction coefficient for measurement brake application
data from all tests

stiffness model (cp. chapter 4.4.2) is shown for an interval size of 0.01 GN/m. The stiff-
ness model is mainly brake line pressure dependent, so the friction coefficient trends are
basically the same as for the brake line pressure: the friction coefficient span decreases
with increasing stiffness. All frequencies considered, the squeal propensity slightly in-
creases with increasing stiffness below 0.25 GN/m and has two squeal propensity peaks
around 0.4 GN/m and 0.5 GN/m. For the different dominant squeal frequencies no gen-
eral trends can be seen. The 8.9 kHz and the 13.5 kHz squeal propensities show higher SI
values at higher stiffnesses and the peak values in the overall squeal propensity is mainly
due to the 13.5 kHz squeal.

At last, figure 6.8 shows the squeal dependence on the friction coefficient. The cluster
interval of the friction coefficient values is 0.025 wide. The distribution of the friction
coefficient values is nearly Gaussian around a peak value at 0.375, with an asymmetric
larger amount of higher friction coefficient values. The overall squeal dependence raises
from 0 % at 0.25 to 38 % at 0.75 and further (through a local minimum of 27 % at 0.8)
to a maximum of over 45 % in the statistically weak area above 0.9. A clear trend of
incresing overall squeal propensity with increasing friction coefficient is visible. Addi-
tionally, squeal around 7.5 kHz and 13.5 kHz shows higher squeal propensities for high
friction coefficient values.

In conclusion to all these presented analyses of single parameter influences on the
squeal propensity, the friction coefficient proved to be the most important one. As this has
been expected, yet always counter-examples exist, a closer look on the squeal propensity
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Figure 6.9.: Squeal propensity dependence on friction coefficient for all data points from
measurement brake applications (bottom). Top diagram: Number of friction
materials which have more than 500 data points within that cluster.

dependence on the friction coefficient is taken in the next paragraph.

Friction Coefficient Influence on the Squeal Propensity

As the friction coefficient has shown to be the most important single tribological param-
eter influence on brake squeal, the assumptions of the squeal propensity error calculation
(cp. section 4.4.1) are most likely fulfilled. Using this error estimation, the squeal propen-
sity dependence on the friction coefficient with error bounds is shown in the bottom plot
of figure 6.9. It can be seen that the increasing squeal propensity trend with increasing
friction coefficient is significant. However, the top diagram shows the number of differ-
ent friction materials, which have at least 500 data points within that particular friction
coefficient cluster. The amount of 500 data points lead to an estimated Sl error of ¢ < 10
percentage points for each FM and cluster (using ¥ = 95 %). Only within the friction
coefficient interval between 0.3 and 0.5 at least 2/3 of all tested friction materials con-
tribute with equal or more than 500 data points to the overall SI(:) calculation. Within
this interval the squeal propensity rise with increasing friction coefficient is weak. The
large increase of the squeal index for friction coefficients equal or above 0.6 is only based
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on up to six friction materials. Assuming the friction materials influence is only taken
into account if it has at least 500 data points in the specific interval.

Figure 6.10 shows the squeal index dependence on the friction coefficient for all fric-
tion materials including all data points from measurement brake applications and ¢ (using
U = 95 %), calculated for all intervals with data points (left) or for all intervals with
at least 500 data points (right). It can be seen that only the European Metallic friction
materials A - E and H contribute to the Sl increase for high friction coefficients, while the
trends between 0.3 and 0.5 are nonuniform.

Also, using  as an error estimate, there are (statistically significant) counter-examples
from single friction material tests to this global SI(x) trend, shown in figure 6.9. As an
example, friction material C has, based on a confidence level of 95 %, an Sl of below 3 %
in the = 0.5 interval. The overall SI at the 1+ = 0.5 interval is approximately 6.7 %
+ 0.9 percentage points (also ¥ = 95 %). In the same manner, the squeal propensity at
particluar friction coefficient intervals for 0.3 < u < 0.5 significantly differs from the
overall Sl trend for the friction materials B, G, H, I, J, and O. So even if it is possible
that friction material C represents an unlikely case of the 5 % uncertainity or the global
trend is not as plotted (also 5 % chance), the squeal propensity deviations of seven friction
material tests form counter-examples.

A more complicated picture results from analyzing the squeal at each dominant fre-
quency interval separately. Table 6.3 shows the number registered noise during mea-
surement brake applications for each friction material, for noise at frequencies within a
particular dominant frequency interval. Only during the tests of friction materials A, B,
D, E noise at each dominant frequency interval has been registered and the particular
squeal propensities for each dominant frequency interval are very low. For the dominant
frequency intervals around 7.5 kHz, 8.9 kHz and 13.5 kHz more than 50 squeal events
have been registered during the measurement brake applications for more than the half of
all tested friction materials (cp. table 6.3). Also it can be seen that some friction materials
have significantly more registered noise events at particular dominant frequency intervals
than others, e. g. the 8.0 kHz squeal was mainly measured during testing of the T friction
material.

The error bounds of the SI vs. friction coefficient plots for squeal at dominant fre-
quency intervals are the same as for the overall SI, because in both cases all data from
the measurement brake applications of all tests is considered. Figure 6.11 shows the
squeal propensity dependence on the friction coefficient for noise around 7.5 kHz and



104 6. Data Analysis and Evaluation of Squeal Propensity Models

s e
I. xaﬁm ] B I ‘ AT
I AL 1 C ‘ AT
Ter = :JT D R iEe
L Akl B A
= L. o] P .
2 L i1 | G L .
8 T T
‘; 11&1—-«&1,&% ] H I ‘ o — T}
é ( TTTT( ] I | ; .
> : ‘ . : : :
: A A ~
% I e | N 11 L S .
_é T A{TTTT( L ; ———=TST
E T
o
@ Ll ;N
T Mfﬂ [ o ] O | R
a1 IR
T TTTTTﬂ[ ] Q I ; -
T MTTT [ [ ] R I R
. Tﬂﬁﬂﬂ ] S I ‘ y
L TTTH [ T s R H
0 02 04 06 038 1 0 02 04 06 038 1
Coefficient of Friction Coefficient of Friction

Figure 6.10.: Squeal propensity dependence on friction coefficient for each friction mate-
rial with error bars for all data from measurement brake applications. Left
diagram is based on the whole data set and a vertical line indicates statisti-
cally meaningless areas with £ = 100 %, while for the diagram on the right
hand side only intervals with more than 500 data points are considered.
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Table 6.3.: Number of data points during measurement brake applications for which
noise with a frequency in a dominant frequency interval was registered (zeros
have been omitted for better readability, so no number indicates no noise)

Domimant Frquency [kHz]
| 30| 69| 75| 80| 89] 135
| FM | Number of data points with detected noise
A 2520 16 | 2017 | 1177 | 764 | 267
B 377 | 229 | 1052 | 135 58 | 696
C 15| 244 19 23 | 1944
D 56 14 | 3581 | 498 12 35
E 642 | 404 | 1152 | 409 64 | 749
F 687 51 51 1051
G 6 35
H 27 | 247 17 61 | 7363
I 31
J 2523 4 33 11661 | 964
K 48 65 58
L 508 | 1821 46
M 657 1158 12
N 2083 | 164 1789 63
O 3478 | 523 19
P 30| 135 65| 374 | 280
Q 6
R 929 | 2470 692 12
S 593 10 | 818 | 1716
T 662 | 113 | 2765 84 | 287
Number different FM with
@) .
number of noise occurrences O
0>0 4 16 18 12 16 15
0O >10 4 15 16 12 15 15
O > 50 4 9 15 7 12 11
O > 100 3 9 14 5 7 10
O > 500 2 7 9 2 6 7

noise around 13.5 kHz. In the statistical relevant friction interval between 0.4 and 0.5 ap-
proximate 10 friction materials had a significant amount of measurements where noise at
7.5 kHz occurred. The squeal propensity for squeal at 7.5 kHz in this friction coefficient
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Figure 6.11.: 7.5 kHz and 13.5 kHz squeal propensity dependence on friction coefficient
for all data points from measurement brake applications (bottom). Top dia-
gram: Number of friction materials which have more than 500 data points
within that cluster. Middle diagram: Number of friction materials during
the testing of which at least 200 squeal noises were registered (within the
dominant frequency interval)

range was nearly constant and below 2 % including the error (for ¥ = 95 %), while fric-
tion material D showed a significant higher Sl e. g. at © = 0.5. Same counter examples
to the general trend can be found for the 13.5 kHz squeal, which is mainly dominated by
the H friction material. The behavior of brake noise with frequcencies around 13.5 kHz
is significantly different between tests of friction material H and the general trend, which
is formed by all other tests for the friction coefficient interval [0.3 0.5].

Squeal Dependence on Friction Coefficient and Stiffness

To investigate the squeal propensity dependence on the friction coefficient and the stiff-
ness, the two-dimensional .-c parameter space is divided into equally spaced rectangular
areas, each with an equal surface area. Each data point is part of exactly one interval, but
because of the impossibility to control the friction coefficient and the stiffness the data
point density over the whole p-c parameter space is not constant. Figure 6.12 (a) shows
the intervals and the grayscales indicate the number of data points which are within each
interval for all measurement brake application data points from all tests. This diagram is
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Figure 6.12.: Squeal propensity dependence on friction coefficient and stiffness on the
real-time timescale, part 1

similar to a two-dimensional histogram where the ‘color’ indicates the bin height. To cal-
culate a squeal propensity in the same manner as done for the single parameter analysis,
data clustering is necessary. The interval width has to be chosen large enough to ensure
the needed amount of data points for the statistical analysis within the interval, but should
not be too large as all data points in an interval have to (be assumed to) have the same
squeal propensity. The interval size chosen is 0.05 for the friction coefficient and for the
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Figure 6.13.: Squeal propensity dependence on friction coefficient and stiffness on the
real-time timescale, part 2

stiffness it is 0.025 GN/m. It will be used for all further ;.-c parameter based analyses.

The squeal propensity for each interval displayed in the same way as the distribution,
is shown in figure 6.12 (c). The darker color of the upper right intervals indicate that
a higher squeal propensity is calculated for intervals with higher friction coefficient and
higher stiffness. However, as seen in figure 6.12 (a) these intervals have a small amount
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Figure 6.14.: Friction coefficient and stiffness influence on the noise frequency for the
measurement brake application data from all tests

of data points leading to larger uncertainties in the squeal propensity estimation. Based
on the error consideration of chapter 4.4.1, the absolute deviation ¢ between measured
squeal propensity and true but unknown squeal propensity is shown for each interval in
figure 6.12 (b) for a confidence level of ¥ =95 %. Not showing all intervals where ¢ > 0.1
(which corresponds to 10 percentage points) figure 6.12 (d) also shows the trend of higher
squeal propensity for intervals with high friction coefficient and high stiffness.

Similar to the single squeal propensity versus friction coefficient trend discussed in
the last paragraph, not all z-c intervals contain data points from all friction material tests.
Figure 6.13 (a) shows the number of different friction materials which have data points
falling into the particular interval. It can be seen that for the outer intervals only a few
friction materials form the ‘general’ trend. If only intervals, which have data points from
at least 10 tests with different friction materials, are considered, the diagram shown in fig-
ure 6.13 (b) results. Only a weak friction coefficient and stiffness influence on the squeal
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Figure 6.15.: Squeal propensities as function of friction coefficient and stiffness for noise
within two dominant frequency intervals

propensity can be seen for this parameter range, and the friction coefficient influence on
the squeal propensity is slightly stronger than the stiffness influence.

Most of the friction material dynamometer testing results show a correlation between
friction coefficient, stiffness and squeal propensity, e. g. as shown for friction material
C in figure 6.13 (c). However, different friction materials cover different x-c parameter
ranges and this leads to (partly large) deviations in squeal propensity for particular inter-
vals. So even as the squeal propensity increases with increasing friction coefficient and
stiffness during the most friction material tests, their squeal propensity values for most in-
tervals differ - between each other and compared to the global trend. Additionally, squeal
was only generated in a narrow brake line pressure band and independently on the fric-
tion coefficient during tests of some friction materials - falsifying the general trend from
a scientific point of view, as shown for friction material H in figure 6.13 (d).

To investigate the influence of the tribological parameters 1 and c on the squeal fre-
guency, in figure 6.14 a dot indicates a squeal noise which occurred at a specific friction
coefficient and stiffness. From the separate plots for each dominant frequency interval no
clear trends can be seen. No general p-Cc parameter range emits noise only at one dom-
inant frequency, but noise at nearly all dominant frequencies was found throughout the
largest part of the parameter space.

A closer look at the squeal propensities of squeal at two dominant frequency intervals



6.1. Real-Time Timescale 111

is presented in figure 6.15. Noise at 8.9 kHz was registered during tests with 16 differ-
ent friction materials while the 13.5 kHz noise was emitted during tests of 15 friction
materials. It is unclear, if the remaining friction materials are not capable of producing
squeal at that particular frequencies at all, their true (but unknown) squeal propensities for
these frequencies are too low or if these noises were only covered by noise at a different
frequency. So, for this analysis only data from tests is considered, where noise at these
frequencies was registered.

While for the 8.9 kHz squeal no significant and coherent trend can be estimated, noise
around 13.5 kHz increases with increasing friction coefficient and stiffness (at least for
¢ < 0.425 GN/m), as shown in figure 6.15. If only squeal within a single dominant
frequency interval is investigated, the general valid trend for all noise between 2 kHz and
20 kHz of increasing squeal propensity with increasing friction coefficient and stiffness
in most cases cannot be found. So, while the overall squeal propensity for noise between
2 kHz and 20 kHz increases with increasing x and c, this need not to be true for brake
noise at a particular frequency.

Friction Coefficient Models

A supplemental result of the real-time noise data analysis is the estimation of the fric-
tion coefficient dependence on brake line pressure, disc temperature and vehicle velocity.
This is done for each friction material, using multiple parameter regression models. These
models are not squeal propensity models, so they are presented in this subsection as result
of the real-time timescale analysis. The models are used on the brake application and test
timescales to calculate the 01i/0v “negative slope’ characteristic values. For the friction
coefficient model only the measurement brake applications are used, because the param-
eters in the data set should be balanced. Further, all brakings with no applied brake line
pressure have been excluded, because no friction coefficient can be estimated there. The
used models are quadratic in each parameter and include linear interaction terms. The
models result from minimizing the difference between calculated p from measurements
and the predicted ;2 with a least squares fit. The modeled friction coefficient from this
regression analysis has a form like

A=C P46 p+G v +Gv+G T+ T+ pv+C-p T+ v-T+Co

and the model coefficients are presented in table 6.4. For the regression analysis the
adjusted multiple coefficient of determination R is between 61 % and 80 %, which is
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Table 6.4.: Coefficients of the ji(p,v,T) regression models

Coefficient for

FM 1 p? P v? v T2 T |p-v|p-T|v-T
[(10=6 | [10~3 (10=6 | o3 1| (1076 | o3| (1076 | 10=6 | (106
bar=2] | bar=1] | (h/km)?] | h/km] | 1/°C?] | 1/°C] | bar=' | bar=! | h/km
h/km] | 1/°C] | 1/°C]
064 | 411 | -1.2 287 | -6.1| -18| 03]-239| 41| 59
0.79 | 63.7 | -3.0 725|-103| -12| -01]-108| -14 | 7.0
0.72 | -10.1 1.7 -74.8 0.0 12| -12|-156| 91| 9.1
0.52 | -55.3 2.6 -61.0| -22| 62| 10| 363 | -6.0| 16.9
059 | 50.2| -1.8 57| 41| -15| 01 |-196 | -25| 74
0.32 | 185 0.6 -58.3 09| -31| 15|-221-122| -2.0
033 | 34.2| -0.3 85| -19| -21| 10|-283| -27| 35
052 | 622 | -1.7 -58.0 01| -16| 03 |-245| 56| 7.3
0.46 | 780 | -6.0 584 | -7.3| -20| 0.6 | 225 1.1 18.9
049 | 779 | -5.8 326 | 51| -22| 05 2.8 0.8 | 12.7
054 | 927 | -84 763 | 91| -12| 0.0] 481 9.1 20.1
048 | 90.1| -6.8 594 | -7.3| -08] 0.2] 209 29 | 18.8
034 | 13.7| -1.8 458 | 55| -33| 12| 16.7| -2.1| 11.7
042 | 62.1| -5.3 458 | 54| -26| 09 3.7 15| 13.3
040 | 293 | -2.8 515| -71| -08| 0.2 ] 313 4.3 | 185
032 31.7| -16 336 | 36| -38| 15| 62| -20| 54
046 | 81.3| -6.6 63.0| -7.8 | -2.7| 0.7 ] 186 081 214
039 | 76.7| -5.2 328 | 37| -20| 0.8 8.9 03| 6.6
055| 90.1| -7.6 634 | -79| -15| 01| 25.7 35| 18.9
039 | 726 | -5.0 5908 | 64| -33| 12| 202 | -24 | 133

—A| OO0 ZIZr|Ale|—I|Omm| O Olm >

only sufficient for general trends. The mean square error o is between 0.02 and 0.065
and includes the statistical errors of the parameters and deviations due to history effects.
Both, statistical parameters and the number of data points for each model are listed in
table 6.5 for all friction materials.

The coefficients of the regression models do not deliver a straight forward view on
the dependences of the friction coefficient on the three parameters. Figures 6.16 and 6.17
show the general trends of the friction coefficient as function of the brake line pressure,
vehicle velocity and disc temperature for all friction materials in several plots. Each three
plots in a row correspond to a particular friction material and show the results from the
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Table 6.5.: Number of measurement points (only measurement brake application data),
Rgdj and statistical errors of the zi(p,v,T) regression analysis

FM | Measurement | RZ, | o FM | Measurement | RZ, | o;
Points %] Points [%]

A 68212 78.0 | 0.035 K 84219 62.1 | 0.033
B 66877 69.4 | 0.063 L 82866 64.7 | 0.032
C 65476 64.7 | 0.050 M 84563 70.6 | 0.026
D 71699 79.8 | 0.042 N 81389 70.8 | 0.027
E 71392 66.1 | 0.037 O 88411 72.8 | 0.024
F 75749 62.6 | 0.036 P 68967 74.8 | 0.022
G 75712 68.0 | 0.023 Q 80892 70.6 | 0.032
H 70547 42.6 | 0.040 R 81567 66.9 | 0.025
| 81488 69.9 | 0.030 S 79066 62.3 | 0.033
J 79501 61.2 | 0.029 T 79814 68.7 | 0.031

i-model as a function of the specific parameter. Due to the interaction terms in the model
the friction coefficient versus parameter curves depend also on the other two parameters.
Therefore three lines are drawn in each plot: the solid line represents the zi-model using
the mean values of the specific parameter range for the other two parameters. These values
are p = 32.5 bar, o = 25 km/h and 7" = 200 °C and should not be mistaken for the average
parameter values during a test procedure run. The dashed and the dotted lines indicate
maximum and minimum values possible within the model. These curves do not result for
a constant set of the other two parameters. Instead, the other parameters are varied at each
parameter value within its parameter range to find the maximum and minimum. So, they
indicate the boundaries for all possible ;:-model curves.

Each friction material has its own trends, but some similarities are visible for most
friction materials. The friction coefficient minimum most often is in the middle of the
pressure range and at high temperatures. Some materials (e. g. A or B) show a significant
higher friction coefficient at low vehicle velocities, but this is not a general trend.
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Figure 6.16.: Solid line: Dependence of the friction coefficient on brake line pressure, ve-
hicle velocity and disc temperature for friction materials A - J. The dashed
and the dotted lines indicate maximum and minimum values possible with
the model, possibly including improper model extrapolation.
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and the dotted lines indicate maximum and minimum values possible with
the model, possibly including improper model extrapolation.
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6.1.2. Model Evaluation of Squeal Propensity

In the same manner as for the analysis of the real-time data, squeal propensity models
based on a different number of parameters can be built. As a result of the real-time data
analysis, the single parameter dependent squeal propensity models are based on the fric-
tion coefficient, while the two parameter dependent models focus on friction coefficient
and pad normal stiffness.

Further, the squeal propensity modeled consists of all squeal frequencies between
2 kHz and 20 kHz, because the squeal propensities for noise at particular dominant fre-
quency intervals are very low and no tribological reason why noise at a specific frequency
was generated only during some tests could be found. Without knowing the reasons for
squeal generation at frequencies within a particular dominant frequency interval, the AST
measure cannot be applied and the modeled squeal propensities for noise at particular
squeal frequencies are quite meaningless.

In the last paragraph the squeal propensity is modeled based on the measured brake
line pressure, vehicle velocity, disc temperature and brake torque.

Single Parameter Dependent Squeal Propensity Models

As described in chapter 5.3, the solely friction dependent models are linear regression
models (cp. equation 5.1) based on the characteristic value o, .40, Which is the real-time
friction coefficient . For modeling, the data is clustered into 0.05 wide intervals and
a squeal propensity versus friction coefficient curve similar to the one shown in figure
6.9 results for all frequencies between 2 kHz and 20 kHz. If no data from unpressurized
drag brake applications and no intervals with less than 50 data points are considered, the
calculated model

ST(p) =554% - — 15.5 %

results. The model has a Rgdj of 87.6 % and a standard error og; of approximately 4.9
percentage points. Applying the Model Quality Rating Measure presented in chapter 5.4
for each friction material, the difference AST between the measured squeal propensity
S Imeasured @Nd the modeled squeal index ST model 1S calculated according to equation 5.3.
The A ST values lie between -7.8 percentage points and 4.2 percentage points with a
standard deviation oas; = 3.50 percentage points. oag; is significantly better than the
‘worst case’ standard deviation of 4.87 percentage points.
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By building the model on the equal weighted friction coefficient intervals, a case might
occur in which all data for one interval is measured during the same test with a single
friction material. In this case, this friction material would be determining the model more
than other friction materials, especially if the particular interval is at the lower or upper
ends.

A second ﬁ(ﬂ)-model was built on the Sl(x:) data. For this regression model, the
squeal propensity for each interval was weighted by the number of data points in it. Be-
cause each test of a friction material has approximately the same amount of data points,
all friction materials will contribute in a similar manner to the model. The resulting model

STa(p) =471 % - iy — 14.4 %

has a R?.,; of 75.3 % and an absolute standard error og;

points.

The AST values lie between -4.9 percentage points and 7.4 percentage points, with
a standard deviation of 3.48 percentage points, so the weighted model has a lower Ridj,
but a similar A ST standard deviation value. The weighting of the data points lowers

the calculated squeal propensity which decreases the error for friction materials with low

of approximately 2.5 percentage

measured squeal propensities, while it increases the error for tests with high measured SI.

Two Parameter Dependent Squeal Propensity Models

Similar to the squeal propensity models as function of the friction coefficient, squeal
propensity models depending on the friction coefficient and pad normal stiffness have
been built and are shown in table 6.6. All E\I(M, c)-models presented in this paragraph are
first order polynomial regression models with an interaction term, as presented in equation
5.2

S\[(Nac):<1'Mrt+<2'Crt+C3'/~Lrt'Crt+C4

They use the characteristic values oy 40 - the real-time friction coefficient ¢ and the real-
time stiffness ¢y, calculated from the stiffness model I'y; 1.

Model number one was calculated based on all p-c intervals with ;> 0, ¢ > 0 (to
exclude the unpressurized drag brake applications), which consists of at least 50 measured
data points - not to bias the model with intervals where misleading squeal propensities
could have been measured by chance. The resulting model has an adjusted coefficient
of determination RZ; of 50.6 % which indicates that the capability of a linear interaction
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Table 6.6.: Real-time timescale squeal propensity models as function of friction coeffi-
cient and stiffness

| Models |
Number 1 2 3 4
¢ [1077] 46.8 | 33.3 | 197.3 -3.9
(o [M/TN] 0 53.2 | 2296.2 | -853.5
(3 [M/TN] 517.8 | 710.3 | -3417.0 | 2810.3
¢4 [1077] -17.4 | -146 | -97.7 1.2
R [%] 50.6 | 57.7 | (89.3) | [57.9]
‘ S Iodel deviations ‘
Pad Measured SI [%] AST [percentage points]
A 18.21 569 | 729 | -741 8.19
B 10.35 -5.29 | -3.48 | -22.71 | -2.88
C 7.07 -5.1 | -2.66 | -20.63 | -0.80
D 7.36 -1.66 | -0.27 | -10.62 | 0.04
E 7.1 -1.55 | 0.11 | -9.48 1.21
F 2.85 -3.74 | -3.74 | -7.22 -2.86
G 0.11 -5.61 | -5.29 | -7.38 | -4.64
H 15.2 2.29 | 1.47 | -6.65 1.38
I 0.06 -259 | -1.53 | -2.13 | -1.56
J 8.79 1.03 | -0.21 | -4.14 1.57
K 0.24 -1.76 | -1.09 | -1.25 | -1.26
L 3.54 0.7 | 1.18 1.38 1.33
M 3.04 0.65 | 1.15 1.74 1.23
N 5.07 0.97 | 0.97 0.80 1.76
O 4.56 347 | 391 4.39 3.54
P 1.44 -343 | -382 | -458 | -2.75
Q 0.01 -2.78 | -1.74 | -2.59 -1.75
R 5.39 1.14 | 0.87 1.25 1.78
S 4.44 -0.12 | 0.57 | -0.77 1.03
T 531 059 | 0.76 | -0.58 151
Minimum AST [percentage points] | -5.61 | -5.29 | -22.71 | -4.64
Maximum AST [percentage points] | 5.69 | 7.29 4.39 8.19
oas [percentage points] 3.02 | 2.87 7.04 2.81

model to fit the squeal propensities of the particular intervals is not satisfactory. For
that model, the single stiffness influence had shown to be statistically not significant,



6.1. Real-Time Timescale 119

consequently the model was built without that term, considering the stiffness influence
only through the x - ¢ term. The largest absolute AST is 5.69 percentage points for
friction material A, which is a relative deviation of about 31 % and is within two times
the standard deviation oag5; = 3.02 percentage points. The model is able to provide
the general trend of increasing squeal propensity with increasing friction coefficient and
stiffness. This Sl rise also correlates with the measured squeal propensity trend for most
friction materials. The standard deviation of AST is smaller than for the solely friction
coefficient dependent squeal propensity models.

Model two considers only intervals, where i > 0, ¢ > 0 and SI > 0. The latter is to pre-
vent the model failing in handling a sharp bend, as the measured data is not continuously
differentiable at SI = 0. All intervals are weighted by the number of data points which lie
within the particular interval. The model is built on the whole (remaining) data and the
values of each data point are mapped to the y, ¢, and Sl values of the interval it belongs
to. Compared to model number one, model two has an improved R} of 57.7 % and also
a reduced standard deviation of AST of 2.87 percentage points. Even if the trends (and
coefficients) of both models are quite similar, the maximum absolute deviation between
measurement and model of friction material A increases to 7.29 percentage points.

As the squeal propensity measurement is inaccurate due to the finite number of mea-
sured data points, the error estimation presented in chapter 4.4.1 is considered in building
SI model number three. The model was calculated minimizing the sum of squared devi-
ations between model and measured squeal index for each interval by Matlab’s Nelder-
Mead algorithm. To include the estimated error  only the squared deviations of intervals
are considered, which show a larger Sl deviation between measurement and model as the
error value ¢ for that interval. For all intervals in which not a single noise has been reg-
istered, the model may have (virtual) squeal propensities below zero without the squared
deviation to be considered. This was done to overcome the sharp bend problems already
discussed for the second model above. So, a ‘virtual’ negative squeal propensity is possi-
ble for all intervals without a registered squeal, possibly leading to a better fit. The stated
adjusted coefficient of determination Rgdj differs from the previously used one for models
one and two. As only data points which lie outside the calculated error bounds for the in-
terval are considered to reduce RZy;, the value of 89.3 % leads to two conclusions: First, it
is not possible to build a linear model, where the deviation between measured and calcu-
lated squeal propensity is within the ¢ error bounds for all intervals. And second, the error
of the measured squeal propensity for each interval might be larger than calculated by  as
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the chosen confidence level of 95 % leads to a model, which has more than 5 % residuals
larger than . All in all, model three states a clear friction coefficient dependence of the
squeal propensity, while high values of 1 - ¢ tend to reduce the squeal propensity. As this
trend contradicts the dependences of most friction materials, the AST values are larger as
for the first two models, resulting in a standard deviation o As; 0f 7.04 percentage points
and calculating a squeal propensity of approximately 33 % for friction material B, which
is more than three times the measured value.

For the forth model Matlab’s Nelder-Mead algorithm was used to find a model, which
shows the smallest AST values for every friction material. For this purpose the modeled
squeal propensities and AS T values for each friction material were calculated during each
iteration of the algorithm. The algorithm minimized the squared AST values, usinga AST
value based RZ; for maximization. Obviously, this Rz, differs from the two different
RZ; used in models one and two or three. It can be seen that even though the standard
deviation of AST can be reduced to 2.81 percentage points, the best value for the adjusted
coefficient of determination is 57.9 %. Model number four also shows increasing squeal
propensity with increasing u - ¢, but the solely - and c-dependent trends decrease the
squeal propensity.

In conclusion to all models it can be stated that models one, two and four are able to
calculate the general trends for the squeal propensity, but with a considerable model error.
Especially friction materials A, B, F, G, O and P show similar deviations for all models.
These friction materials show high, low and middle squeal propensities, so no general
trend of model error on the squeal propensity can be found. As the deviations of model
three which show different individual dependencies of the Sl on 1 and c, are significantly
larger compared to the other models, the general trend of increasing squeal propensity
with increasing u - ¢ seems probable.

Multiple Parameter Dependent Squeal Propensity Models

In addition to single and two parameter dependent squeal propensity models, models that
are also depending directly on brake line pressure, velocity or temperature seem suitable.
By adding additional parameters, the parameter space becomes multidimensional, result-
ing in significantly smaller amounts of data in a particular (multidimensional) data cluster.
The amount of data within a cluster defines the deviation between measured and true, but
unknown, squeal propensity - so a certain amount of data is needed in each considered
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Figure 6.18.: Adjusted response plot of the overall §7(p, v, T, M) regression model

data interval (cp. chapter 4.4.1). From conducting the various parameter combinations
(Brake application numer, u, ¢, p, v, T, M), no model with significantly lower AST and
oasy resulted. Consequently, only the squeal propensity model solely dependent on the
measurands brake line pressure, vehicle velocity, disc temperature and brake torque is
presented in this paragraph.

An adjusted response plot of the §\I(p, v, T, M)-model for all friction materials and
all frequencies is presented in figure 6.18. In an adjusted response plot, the solid line
represents the dependence on the particular parameter predicted by the model, each using
the average values for the other parameters. The measured data is plotted as points around
the solid line, the distance indicating the particular data point’s residual. In this way it is
possible to visualize the trend from the model, as well as the errors of the model for each
data point.

The b/’\I(p, v, T, M)-model is basically a full factorial third order polynomial regres-
sion with interaction terms. From the model six terms were removed, whose likelihood
that the relationship for these terms could happen by chance was too high. An adjusted
coefficient of determination less than 50 % resulted (R3; = 47.8 %) and also not sat-
isfactory AST values. The absolute value of the squeal propensity as shown in figure
6.18 exceeds the reasonable parameter range between 0 % and 100 % in both directions.
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These modeled ST values outside the reasonable squeal propensity range origin from a
(partly inappropriate) model extrapolation of the modeled parameter space, e. g. no very
high brake torques result at medium brake line pressure and vehicle velocity. However,
general trends and dependences are visible: the squeal propensity rises with decreasing
brake line pressure and increasing brake torque while only weak depencences (with large
scatter) exist on disc temperature and vehicle velocity. The brake line pressure and brake
torque dependences indicate the friction coefficient based trends.

6.1.3. Discussion

Based on the SAE J2521 standard, a sound pressure level threshold of 70 dB was used.
Noise with sound pressure levels below this threshold is not considered for further anal-
ysis. Squeal at all dominant frequencies and at most of the other frequencies detected
during the conducted tests has sound pressure levels between 70 dB and 95 dB (and
above). If the sound pressure level threshold for the analysis had been chosen higher,
similar results to what is shown would result.

Throughout all tests a lot of different squeal frequencies have been recorded, nearly
covering the whole frequency space between 2 kHz and 20 kHz. This leads to the con-
clusion that each particular vibrating system was different, on one hand because of the
different brake parts used and on the other hand because of changes during the test pro-
cedure. These latter changes might include direct parameter changes like another applied
brake line pressure.

The adjusted multiple coefficient of determination Rgdj of the 1(p, v, T')-models of
each friction material is between 61 % and 80 %, which is sufficient to estimate gen-
eral trends. The particular friction coefficient behavior of each tested friction material
is different, although some trends show up more often. For most friction materials the
friction coefficient has its lowest value in the medium brake line pressure range at high
temperatures. Friction materials A and B show a large increase of the friction coefficient
with decreasing vehicle velocity, also at high absolute friction coefficients. Both materi-
als have an overall squeal propensity for the test of more than 10 %, emitting squeal at
many different frequencies at these low vehicle velocities. In a similar way, the 1i(p, v, T')-
models can be linked also to the squeal propensity for other friction materials: E. g. tests
with friction material D generated squeal only below disc temperatures of 220 °C and the
model friction coeffient shows a significant lower value at higher temperatures during the
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dynamometer testing of this friction material. The pressure dependence of the friction
coefficient is very weak for most tested friction materials, leading to the conclusion that a
pressure dependence of the squeal propensity is most likely a friction coefficient effect.

For the analysis of the squeal dependence on single parameters like brake line pres-
sure, vehicle velocity, disc temperature, brake torque, pad normal stiffness and friction
coefficient, three different trends can be separated:

1. Friction material dependent trends:

» The brake system, equipped with a different friction material emits squeal
at different frequencies and with different squeal propensities, because the
overall system changes (slightly) as the friction material is changed.

» The dependences of squeal on p, v, T, M at a specific frequency might be
different for different friction materials. This is especially true for the temper-
ature dependences. That might be the reason why no general relationship be-
tween squeal propensity and temperature has been found. On the other hand,
the temperature strongly affects the tribosystem, the condition of the friction
films and the chemistry, and therefore has also an effect on the friction coef-
ficient. The squeal propensity dependence on the other parameters was also
different for each tested friction material, but in most cases (e. g. for squeal at
the dominant frequencies) shows similar tendencies.

2. Squeal at different frequencies shows different squeal propensity dependences
(mainly) on brake line pressure, brake torque, vehicle velocity, pad normal stiff-
ness and friction coefficient, independent of the used friction material. For squeal
at the dominant frequencies, the following general trends for brake noise at different
squeal frequencies are found:

» The squeal at 3 kHz occurs with a higher propensity at low brake line pres-
sures, vehicle velocities, brake torques and at high friction coefficients.

» The 6.9 kHz squeal has a higher squeal index at brake line pressures between
10 bar and 20 bar, low brake torques and friction coefficients. Also the squeal
index is nearly independent of the vehicle velocity in this case.

» Squeal at 7.5 kHz occurs more often at low velocities, low brake torques,
brake line pressures below 30 bar and high friction coefficients.
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» The 8.0 kHz squeal occurs mainly at high friction coefficients and more often
during drag brake applications than during stop brake applications.

» The squeal at 8.9 kHz has a higher squeal index at high brake line pressures
and stiffnesses, low vehicle velocities (slightly more often during drag than
during stop brake applications) and high brake torques, as long as the brake
torque is below 850 Nm.

» The 13.5 kHz squeal occurs more often during drag brake applications at high
brake torques, friction coefficients and stiffnesses.

3. General trends for squeal at all frequencies between 2 kHz and 20 kHz and for

all friction materials have also been found. The E\I(p, v, T, M) regression model
shows a higher overall squeal propensity at low brake line pressures and high brake
torques. The general trend of the squeal propensity to increase with decreasing
vehicle velocity (cp. figure 6.4) results from a high friction coefficient at low ve-
locities and is mainly a friction coefficient effect and only to a minor extent based
on the vehicle velocity itself. In general, the friction coefficient is shown to have
the most important single tribological influence on the squeal propensity. A linear
model of the squeal propensity versus friction coefficient shows a significant squeal
propensity and friction coefficient relationship

o~

ST(pt) =554 % - pn — 15.5 %

with an adjusted coefficient of determination Ridj of 87.6 %. By weighting the

intervals by the number of contributing data points a slightly different model

o~

wat(,un) =47.1 % © Mt — 14.4 %

with a R7,; of 75.3 % results. Both models have similar maximal deviations AST
around 7.6 percentage points and also similar standard deviations of AST around
3.5 percentage points. These models are clearly better than the worst case described
in chapter 5.4, but they are not capable of estimating the squeal propensities for
particluar friction material tests with satisfactory precision. As the friction material
tests reveal strongly different friction coefficient distributions during different tests,
the statistics (and the squeal propensity calculation) is based on different popula-
tions. In other words, the strong increasing squeal propensity trend at high friction
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coefficients is only supported by data points from little more than one quarter of
all friction material tests. The other friction materials did not cover this parameter
space, so it is not possible to draw valid general conclusions. Even worse, there
are statistical significant counter-examples (even considering the SI measurement
error bounds). So the squeal propensity cannot be solely dependent on the friction
coefficient. However, the tested European Metallic friction material class shows a
quite clear trend of increasing SI with increasing (high) friction coefficients.

Beside all discussed limitations the friction coefficient is the most dominant single
tribological parameter to effect the squeal propensity (at least for very high val-
ues), while brake line pressure, vehicle velocity, disc temperature, brake torque and
stiffness by itself only play minor roles for global Sl trends.

The general trends for the dominant frequency intervals have the same limitations as
the global Sl trends: Even if they show squeal propensity trends, which are mainly
correlated to the friction coefficient, counter-examples exist. From a tribological
point of view it is still unclear why squeal at a particular frequency occurs.

Most of the friction material dynamometer testing results show a correlation between
friction coefficient, stiffness and squeal propensity. The entire data supports the hypoth-
esis of an increasing squeal propensity with increasing friction coefficient and stiffness.
This is still true if only data clusters with tolerable measurement error ¢ values are con-
sidered. However, there are friction materials (e. g. friction material H) which show sig-
nificantly different trends. Also, for different friction materials squeal propensity values
for most p-c intervals differ between each other and compared to the global trend. Even
as the squeal propensity rises with increasing friction coefficient and stiffness during the
most friction material tests. If only intervals are considered, which consist of data points
from at least 10 tests with different friction materials, a weak friction coefficient and stiff-
ness influence on the squeal propensity can be seen. In this case the friction coefficient
influence on the squeal propensity is slightly stronger as the stiffness influence.

The investigation of the influence between the squeal frequency and the tribological
parameters 1 and ¢ shows no clear trends. No general p-Cc parameter range emits noise
only within a single dominant frequency interval, but noise at nearly all dominant frequen-
cies is found throughout the largest part of the parameter space. While the propensity for
squeal at 13.5 kHz increases with increasing friction coefficient and stiffness (at least for
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¢ < 0.425 GN/m), this general trend is not valid for the 8.9 kHz squeal as well as for
squeal within the majority of the dominant frequency intervals.

The squeal propensity models built on noise within each dominant frequency inter-
val could not explain why during some tests no noise at a particular dominant frequency
interval has been generated. In conclusion, judged by AST values, the models are not ap-
propriate and not shown in this work. No correlation between the investigated parameters
of the tribosystem and the squeal frequency has been found. In conclusion, only squeal
propensity models, for which noise at all frequencies between 2 kHz and 20 kHz has been
considered, are presented.

The majority of the squeal propensity as function of friction coefficient and stiffness
models are able to calculate the squeal propensity trend for most friction materials quite
well, even as the oA g7 values are between 2.81 and 3.02 percentage points. So compared
to the ‘worst case’ squeal propensity model as well as compared to the single friction
coefficient dependent models the SI calculation capability of the

g\l(urt, ct) = —3.9-107% - iy — 0.85m/GN - ey + 2.8 m/GN - i - e + 1.2 - 1072

model is noticeably improved. All SI models with small o A 5; values rely on an increasing
squeal propensity with increasing 1. - ¢, while the model with decreasing squeal propensity
with increasing p - ¢ shows significant larger deviations of AS7. This supports 1 - ¢ as tri-
bological dominant parameter. However, the low adjusted coefficients of determination,
the large standard deviations of AST and the continuously high AST for some partic-
ular friction materials also form counter-examples to the global SI trend. So it is most
likely that other parameters, which differ between the different friction material tests, e.
g. structural changes or damping differences, have also a significant influence.

6.2. Brake Application Timescale

Reducing measured ‘real-time’ data to one value per brake application is very common
in brake dynamometer testing. No data is explicitly generated on this timescale, but the
squeal propensity for each brake application can be analyzed and is presented in the next
subsection. To be comparable throughout this work on all timescales, the squeal propen-
sity is always calculated the same way: using the real-time data as introduced in chapter
4.4.1. This means the squeal propensity of a brake application is the ratio between the
number of real-time data points with registered brake noise and the overall number of
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Figure 6.19.: Squeal propensity dependence on friction coefficient on the brake applica-
tion timescale

real-time data points for the brake application. On the brake application timescale, brake
duration dependent amounts of real-time data are mapped onto a single value. So, caution
must be taken when calculating combined squeal propensities for different brake appli-
cations or the whole test. When brake applications are combined in this section, each
contributing squeal propensity is weighted by the amount of real-time data points during
that particular brake application. This results in a real-time timescale equal squeal propen-
sity calculation. For all noise data on this timescale, all squeal frequencies between 2 kHz
and 20 kHz are used, if the noise sound pressure level is equal to or exceeds 70 dB. The
reasons for doing that have been already discussed for the real-time timescale.

6.2.1. Data Analysis

On the real-time timescale each data point only contains the information whether it squeals
or not. A brake application data point contains squeal propensity information, due to the
real-time data clustering on each brake application.

As an example, the squeal propensity versus the mean friction coefficient o, a1 iS
shown in figure 6.19 (a). In the interval of 0.25 < «,p1 < 0.7, squeal propensities
between 0 % and 100 % occur for very similar o, 551 Values and no clear trend is visi-



128 6. Data Analysis and Evaluation of Squeal Propensity Models

o1 300 L1 100

g 2 90

s 3 EE =

0 R Y s
s 2004 5 ] ] 2
Z 06 = Z 06 B z 60 2
(] = [
K s % 5 0
5 0.4 8 & 04 40
- 100 — ] | T
I} @ 3038
o [SH =]
2- 02 ;::L 0.2 : : 203
g g 10
2 = 0 0

0 0.2 0.4 0 0.2 0.4 0.6

Mean Stiffness per Brake Appl. o, Mean Stiffness per Brake Appl. o

a,1 a,1

(a) Number of data points within each inter- (b) Squeal propensity for each interval
val

Figure 6.20.: Squeal propensity dependence on mean friction coefficient o, b, 1 and mean
stiffness acpa1 ON the brake application timescale

ble. The calculated squeal propensity for each brake application is only based on some
hundred data points leading to squeal propensity errors of 10 percentage points < ¢ < 23
percentage points based on the error estimation described in chapter 4.4.1.

By clustering the brake application data in the same way as on the real-time timescale
figure 6.19 (b) results. It shows the mean friction coefficient o, p,1 distribution and an
increasing squeal propensity with increasing mean friction coefficient - very similar to
the real-time correlation. The plotted error bars in the bottom diagram are calculated
based on the real-time data points within each interval. Similar to the trends on the real-
time timescale, the squeal propensity versus friction coefficient correlation is detectable.
Most conclusions from the real-time timescale can also be found here: In the low and
medium friction coefficient range a lot of different friction material tests contribute to the
data and the squeal propensity increase is weak. For the high squeal propensity slope at
high friction coefficients only a small amount of friction material tests is responsible.

As the squeal propensity Versus «, pai Or o paj trends strongly depend on the particular
characteristic value, the correlation analysis is done by the regression models in the next
section. As an example of the squeal propensity dependence on two characteristic values,
one based on the friction coefficient and the other based on stiffness, figure 6.20 is shown
here. In the same manner as on the real-time timescale the parameter space is divided into
intervals of equal area. Within each interval, all data points are clustered and the resulting
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squeal propensity is calculated. Figure 6.20 (a) shows the distribution of the mean friction
coefficient o, pa 1 and mean stiffness o a1 Values in the parameter space. The right hand
diagram (figure 6.20 (b)) visualizes a high squeal propensity for intervals at high mean
friction coefficient and high mean stiffness. Even though there is a large area in the middle
of the covered parameter space in which the squeal propensity is nearly constant.

6.2.2. Model Evaluation

For the first set of regression models no further data clustering is applied to the brake
application data. Considering all noise between 2 kHz and 20 kHz with a sound pressure
level equal or above 70 dB, linear squeal propensity models with interaction terms were
built. They use each combination of one friction coefficient based characteristic value
a,.pai and one stiffness based characteristic value o ,j, resulting in 340 regressions.

In the first set of regression analysis the maximum adjusted coefficient of determi-
nation R?, was below 6.5 % and the calculated squeal indices for the particular friction
materials had no correlation with the measured squeal propensities and did not even reflect
general trends.

So, for a second set of regression models, all brake applications with average brake
line pressure equal to zero (no valid friction and stiffness values) and all brake applications
without squeal occurrence were excluded. The reasons for the latter have been already
discussed for the real-time timescale models. By excluding these brake applications, the
amount of considered brake applications for the regression was reduced to below 20 %
of all brake applications. The maximum R; . of the second model set was below 4.8 %
and again, no model was able to calculate the general measured Sl trends for the different
friction material tests.

For the third set of regression models the characteristic values were clustered as de-
scribed and shown for the real-time timescale (e. g. figure 6.20). Additionally, all intervals
without noise or with 1 = 0 or ¢ = 0 were not considered for the models. The regression
models in this set have adjusted coefficients of determination R?,; between 0 % and nearly
100 %, leading to standard deviations of the model quality rating measure AST as shown
in figure 6.21. However, there need not necessarily be a correlation between a good model
with small AST and a well fitted model with a high R ;.

In figure 6.21 all standard deviations of AST for the third set of regression models
are plotted, supplemented by the AST standard deviations of single p or ¢ dependent
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Figure 6.21.: Standard deviation of AST values for the third set of squeal propensity
models based on clustered data on the brake application timescale

models in the first column and row, respectively. The solely friction coefficient charac-
teristic value dependent models are in most cases slightly better than the solely stiffness
characteristic value based ones. But the best models are based on friction coefficient
and stiffness characteristic values. The most promising characteristic values for squeal
propensity models are the combination of the maximum friction coefficient o, pa» and
one of the following stiffness values: the mean, maximum, minimum, median stiffness,
the center of Gaussian fitted stiffness, the center of the Gaussian fitted stiffness plus two
times the standard deviation or the stiffness value, below which 75 % of all values lie
(cvepa1 10 e pas OF (e pa17)- The constant target brake line pressure during a brake applica-
tion leads to a nearly constant stiffness, so all these values are very similar and differences
can be expected to be insignificant.

The best model on the brake application timescale is based on the maximum friction
coefficient o, pa» and the stiffness value acpa 5, Where the center of a fitted Gaussian curve
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Figure 6.22.: Adjusted response plot for the best ST model on the brake application
timescale: S7 (v, ba2, Qcpas)

lies:
ﬁ—ba - _013 : O{u'bayz - 096 N TH/GN N ac,ba,G + 265 N m/GN : O{u'bayz * O{C’ba’s + 008

It has a squeal propensity standard deviation oag; Of 2.82 percentage points, all AST
values lie between -5.78 percentage points and 7.01 percentage points - while the fit’s
Ridj is only 22.0 %. In the adjusted response plots (figure 6.22) it can be seen that the
model reflects the general measured trends with significant scatter and some outliners.
Figure 6.22 visualizes an increasing squeal propensity with incresing o, pa2 and o page.
This is due to the large coefficient of the o, pa» - e pae iNteraction term.

On the other hand, the model based solely on o a16 (percentage of data points, which
have a higher stiffness value than the average stiffness value for that brake application)
has an adjusted coefficient of determination 2, ~ 99.4 %. The model’s Sl calculation

adj
for each test is worse (oas; =~ 5.07 percentage points) than the Oth order polynomial
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(‘worst case’) model presented in chapter 5.4.

6.2.3. Discussion

Three different sets of linear regression models have been tested. Each model is built on
one of the 20 friction coefficient based characteristic values, one of the 17 stiffness based
characteristic values and the interaction term of both characteristic values.

Models built on brake application data without further data clustering are not able
to calculate squeal propensities, which correlate with the measured trends. The model’s
standard deviations, maximum and minimum AST are significant larger as for the real-
time data based models. And the *squeal propensity versus a single friction coefficient
based characteristic value’ plots (e. g. figure 6.19 (a)) show no clear correlation.

If the data is clustered in the same way as done on the real-time timescale, trends
are visible. Some of the resulting models are equally capable of calculating the squeal
propensities for each friction material test, compared to the real-time data based models.
Considering these two findings, it can be concluded that

* the squeal propensity measurement during a brake application is still very error
prone

» models built on this data are not good enough to reflect global trends

* the squeal propensity scatter between brake applications with similar friction coef-
ficient and stiffness based characteristic values is too large to be calculated accu-
rately.

Models built on clustered data use much more reliable squeal propensities and are able
to calculate the overall squeal propensity for each test with a real-time model equivalent
precision. Of course, these models are still not capable of calculating an accurate squeal
propensity for a particular brake application.

To generate a suitable model, judged by AST values near zero, one needs meaningful
characteristic values which are fitted well, measured by a high R? ;. However, the use of
a meaningful characteristic value is more important than the quality of the fit: The weak
fitted model (Rgdj ~ 22 %) has a AS1 standard deviation equal to the real-time models,
while the very well fitted models using insignificant characteristic values are not even able

to reflect general measured Sl trends.
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There are meaningful characteristic values and it is likely that some data pooling func-
tions are capable of maintaining measured squeal propensity dependences.

In most cases the standard deviation of AST is higher, if the model is only based on a
single characteristic value from one parameter. So even as some friction coefficient based
characteristic values form quite good models, the best models are based on the maximum
friction coefficient o, p,» and the stiffness, e. g. the mean stiffness, as the stiffness is
nearly constant during a brake application due to the constant brake line pressure.

6.3. Test Timescale

The third timescale presented in this chapter is the reduction of real-time data or measure-
ment of one value per test. Besides the compressibility measurements on this timescale,
the characteristic values presented in chapter 5.2.2 are used for plots and models. In brake
industry it is common practice to reduce the real-time friction coefficients of an AK Mas-
ter dynamometer test to one so-called ‘nominal’ friction coefficient, which is used for
brake performance issues. Is it also suitable to reduce real-time data to one value per test
for brake squeal tests? The answer to this question is presented in this section. As for the
brake application timescale before, squeal noise at frequencies between 2 kHz and 20 kHz
is considered for analysis if the sound pressure level is equal to or exceeds 70 dB.

6.3.1. Data Analysis

As the compressibility measurement can be attributed to the test timescale, it is the first
presented analysis. In figure 6.23 (a) the squeal propensity for each test is indicated by the
shade of gray in the o 26-0v,.1,12 Paramter space. oy 26 is the average compressibility of
the pad pairs and a1, is the percentage of friction coefficient values, which exceed 0.5.
The highest squeal propensities (friction materials A and B) occurred for low compress-
ibility and high o, 1. values, as indicated by the dark dots. For tests with o, 12 < 10 %
only a weak trend of increasing squeal propensity with decreasing compressibility is vis-
ible.

In figure 6.23 (b) the squeal propensity versus o, 12 and the maximum stiffness per
test a2 IS Shown. The stiffness model monotonically increases with increasing brake
line pressure. The maximum stiffness per test is the stiffness value at 60 bar, which is
related to the measured compressibility. The squeal propensity is high for high «., and
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Figure 6.23.: Squeal propensity dependence on friction coefficient and stiffness based
characteristic values on the test timescale

o112 Values and decreases to medium o2 and oy, 11,12 Values. Again, for very low o, i1
values there are a couple of tests for which no clear trend is visible.

6.3.2. Model Evaluation

Linear regression models for the squeal propensities of noise at the whole frequency range
have been built. Per test, each model uses one value of the friction coefficient based
characteristic values «, i, one value of the the stiffness based ones (c ;) and the product
of both values. The set of models is completed by single parameter dependent models.
As all models on this timescale try to minimize the AST values, the adjusted coefficient
of determination R?,; is directly linked to the standard deviation of ASI. The fits are
completely different from the models on the other timescales, so the model’s R?,; can
not be compared. The adjusted coefficients of determination R, lie between 0.0 %
and 77.0 % which indicates that there is a relationship between the squeal index and
the characteristic values based on stiffness and friction coefficient. Some characteristic
values are more related to the squeal propensity than others. Figure 6.24 summarizes the
standard deviations o g7 for all models built on this timescale.

Each characteristic value (either friction coefficient or stiffness based) has its own
potential in contributing to a well correlated squeal propensity model. This can be seen by
the line type structure of the diagram in figure 6.24. The intersections are superpositions
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Figure 6.24.: Standard deviation of AST for all squeal propensity models built on the
test timescale

of the individual potentials. There are also interaction effects which lead to higher or
lower oa5; Values as expected for the two characteristic values: e. g. the model based on
a7 and oy 7 IS better than expected.

The ST models solely based on friction coefficient characteristic values (Whose o as;
are shown in the first column in figure 6.24) are in most cases better than the ones solely
based on stiffness characteristic values (related oA s; shown in the first row in figure 6.24).
There are many models based on combinations of a stiffness and a friction coefficient
characteristic value, which are significantly better than the single parameter dependent
models.

Good models are built on the mean, median friction coefficient, Gaussian fit mean,
Gaussian fit mean plus two times the standard deviation and the 75 % threshold friction
coefficient values as well as on the percentage of friction coefficients above 0.4, 0.5 and
0.6. The stiffness based characteristic values which contribute to the best models are:
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the stiffness value below which 75 % of all values (for that test) lie, the mean value of
the Gaussian fit plus two times the standard deviation, the percentage of data points with
stiffness greater than 0.15 GN/m and the compressibility and calculated normal force
independent part of the pad bulk stiffness for both pads and their average value. For some
models with small oa5; the models become better by using the calculated stiffness at
higher brake line pressures (o 31 t0 A t.39)-

One of the best models on the test timescale is based on the percentage of friction
coefficient values above 0.5 o, 1, and the mean compressibility o i 26:

STy = 0.48 - i — 0.0004 - pm ™" - agios — 0.0051 - m ™" - a1z - etas + 0.061

It has AST values between -3.88 percentage points and of 4.38 percentage points and a
standard deviation oas; = 2.33 percentage points. It is better than the models built with
the real-time data, although similarities are visible: the largest AST occurs for friction
materials A and B and the squeal propensity of friction material O’s test is not calculated
satisfactorily.

6.3.3. Discussion

For estimating the characteristic values on the test timescale, the whole real-time data
from the measurement brake applications of each test is used to calculate a single value.

The real-time measured squeal propensity trends have been maintained by the data
pooling of some characteristic values, because the ST models on the test timescale show
small AST values (absolute as well as for the standard deviation). In summary there
are 183 models with standard deviations o as; below 3.0 percentage points. Some of the
best relationships between the squeal propensity and the estimated characteristic values
are found for the mean friction coefficient o, 11 and the percentage of data points above
=05 a,u12. This reflects the found tendency, that the friction materials with high
friction coefficients show higher squeal propensities and supports the friction coefficient
threshold for squeal as found by Bergman and Eriksson (cp. chapter 2.3.3). From the
characteristic values based on the stiffness, the following ones are part of the models with
highest Rﬁdj and smallest oag;: the compressibility (first pad 15, sSecond pad a2
and both pads ac26) and the stiffness (model) values at brake line pressures between
50 bar and 100 bar (vt 34 10 ac tt39)-

There are good squeal propensity models based on test timescale characteristic values.
This indicates, that it is possible to reduce the real-time data without loosing significant
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trends. The data reduction onto a single value per test makes it easier to fit linear regres-
sion models: A squeal propensity of zero only occurs on this timescale only in the special
case of zero registered noise events throughout a whole test.

Models based on the compressibility or stiffnesses at high brake line pressures show
better correlations to the measured squeal data than the contact stiffness related charac-
teristic values. This might have some of the following reasons:

» The contact stiffness is not important
» The contact stiffness model is not accurate enough to show the trends

» Mainly the overall stiffness, including contact and bulk, is influencing the squeal
propensity.

However, the characteristic values of the stiffness model on the test timescale do correlate
with the measured Sl trends. And additionally conducted tests with very unbalanced
parameters (e. g. only drag brake applications at low pressures) suggest an influence of
the contact stiffness on the squeal propensity. So, it seems highly likely that the reasons
are a combination of model inaccuracy and overall stiffness based influence.

Models based on some characteristic values on the test timescale are capable of cal-
culating the squeal propensity for each test to a better extent than the real-time data based
models. But one has to keep in mind that the real-time data is needed to generate the test
timescale characteristic values. This result supports the assumptions of the squeal propen-
sity error ¢, the stiffness model limitations and the measurement errors: It indicates, that
on a larger scale (and for a balanced dynamometer test procedure) these errors and uncer-
tainties play minor roles, and that better results on the other timescales might result from
more precise measurements and models.

In this subsection only the results on the test timescale have been discussed. So in this
chapter all analyses and models on all investigated timescales have been presented. In the
next chapter these findings are summarized and reviewed in respect to the goals of this
work.



7. General Discussion

The main focus of this work is on clarifying two questions: Is it possible to describe squeal

behavior with the most squeal relevant parameters of the pad/disc tribosystem, which are
the friction coefficient x and the normal stiffness ¢ of the brake pad? And on which
timescale must dependencies be reported to find the best correlations? The whole picture

is composed of different parts, whose results and conclusions will be brought together in
this chapter.

1. Based on the data analyses, the following can be stated:

138

» During the whole test program, squeal at nearly every frequency between

2 kHz and 20 kHz occurred. Noise within some (so-called dominant) fre-
quency intervals was detected significantly more often. As squeal within the
dominant frequency intervals occurred at the whole friction coefficient and
stiffness parameter range, no influence of these parameters on the squeal fre-
quency could be found. It is likely that non-tribosystem parameters define
the squeal frequency, as during different friction material dynamometer tests
noise at different frequencies was generated. Of course, the pad stiffness in-
fluences non-tribological parameters like the ‘structure’ to some extent, but
no correlation between stiffness and squeal frequency could be found experi-
mentally. So for the squeal propensity calculations discussed in this chapter,
noise at all frequencies between 2 kHz and 20 kHz is considered if its sound
pressure level is equal to or exceeds 70 dB.

The most important single tribosystem parameter for the brake squeal propen-
sity is the friction coefficient. As it strongly depends on the vehicle velocity, a
found squeal propensity dependence on vehicle velocity can also be credited
to a major extent to the friction coefficient. The stiffness also has an influ-
ence on the brake squeal propensity. It can be expected that a real-time pad
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stiffness measurement or a more sophisticated model would result in a better
visible stiffness impact of squeal propensity.

» Most tested European Metallic type friction materials show significant corre-
lations between friction coefficient and squeal propensity, but this is not true
for all tested friction materials. A trend of high squeal propensities for high
friction coefficients is only supported by a minority of friction material tests.
The friction coefficient cannot be controlled properly and the resulting fric-
tion coefficient distributions for most tests are quite different. Very high fric-
tion coefficients have been measured only during the majority of tests. Also,
counter-examples to the global SI versus friction coefficient trend exist.

* For the majority of the friction material tests, the squeal propensity increases
with increasing friction coefficient and stiffness values. The different tests
cover different areas in the p-c parameter space and even as the local trends
form a global trend of increasing SI with p and ¢, counter-examples to this
global trend exist. Nevertheless, the majority of friction materials shows a
local trend of increasing squeal propensity with increasing friction coefficient
and stiffness. Additional parameters most likely exist, which are responsible
for the weak correlation between some local trends and the global trend. By
replacing the pads to investigate different areas in the ;-c parameter space,
other unrecognized parameters were changed and it might not have been pos-
sible to keep the structure of the system as constant as needed. 1 and c are
important, but are not that dominant as to rule out all other parameters.

 The introduced stiffness model has proven to be sufficient to show basic stiff-
ness influences on the squeal propensity. Some influence of the calculated
stiffness could be found for many of the tested friction materials and the ST
models using characteristic values based on the stiffness model do reflect the
ST (k) trends.

2. For data pooling and the use of characteristic values on the different timescales the
following can be stated:

» Whether squeal propensity trends from the real-time measured data can also
be found on other timescales mainly depends on two things: the used charac-
teristic value and the timescale. The latter defines the extent of data reduction.
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Although characteristic values like the percentage of friction coefficient val-
ues above 0.5 «,, 1, contributes to good ST models on the brake application
and on the test timescale, there is no unique global quality measure for them.
Most characteristic values are timescale-sensitive and the best S7 models on
each timescale depend on different characteristic values. However, the ‘bet-
ter’ ones on each timescale form a picture, which coincides with trends on
the real-time timescale: the maximum friction coefficient o, a2 is important
but also prone to measurement errors. These errors are less important on the
brake application timescale, as some hundred maximum friction coefficients
are calculated from each test data. 1, indicates the position of the friction
distribution to be important for brake squeal. In the same manner the (e. g.
mean) stiffness a; is important on the brake application and test timescales.
The fact that the compressibility o 1 26 OF the stiffness at high brake line pres-
sures (e. 9. acys7) builds better ST models indicates the limitations of the
stiffness model. In conclusion, it is possible to keep squeal propensity trends
through data pooling, but not all data pooling is equally appropriate. Mea-
surement uncertainties and model limitations might additionally have to be
considered when choosing data pooling functions.

On the brake application timescale, no adequate characteristic values could
be found unless the brake application data points were further clustered. The
clustered data reflects the real-time squeal propensity trends for some charac-
teristic values, so it is likely that for a proper squeal propensity measurement
the amount of data generated during a single brake application is not sufficient.

By reducing the measured real-time data to one value per test, characteristic
values were generated which seem to be more robust to measurement errors
and which are able to overcome the stiffness model’s limitations. For the
models, measurements and characteristic values of this work, data reduction
to the test timescale is favorable over the brake application timescale.

3. For the squeal propensity models, the following can be stated:

* Itis possible to build squeal propensity models on all timescales. The models

are able to reflect the general measured trends for squeal at all frequencies
between 2 kHz and 20 kHz. The best model is able to calculate the squeal
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propensities for every test with an error standard deviation oag; ~ 2.32 per-
centage points which is less than half of the constant ‘worst case’ (Oth order
polynomial) model (4.87 percentage points). As these model errors occur
on all timescales, they can most likely be attributed to the presence of other
unconsidered parameters influencing the squeal propensity. From the com-
pressibility measurements an energy dissipation per cycle can be calculated
from the area of the force-deformation hysteresis. Even if no sinusoidal force
excitation is applied, the energy dissipation is related to the quasi-static damp-
ing value. To compare these energy dissipations, they are based on the total
energy input per cycle. The lower relative energy dissipation of 17.9 % for
friction material A might be a cause for the higher squeal propensity, com-
pared to friction material B with similar friction coefficient and stiffness val-
ues, but an energy dissipation of 20.6 % per cycle. Unfortunately this energy
dissipation cannot explain the behavior of some other friction materials (e. g.
friction material O). Further, it is unclear if the quasi-static damping is related
to the squeal propensity or how the damping changes for higher frequencies
and different friction materials.

On all timescales the single parameter dependent models using friction coef-
ficient based characteristic values are better than the models solely based on
stiffness characteristic values. Models, showing the smallest AST values are
based on one friction coefficient and one stiffness based characteristic value.
This is true for the best models on all timescales. Additionally, these models
are strongly influenced by the interaction term, indicating the impact of the
combined parameters on the squeal propensity.

To model the squeal propensity on the brake application or test timescale with
‘reduced’ characteristic values, a weakly fitted model using meaningful char-
acteristic values produces better results than a highly significant fit based on
characteristic values which are not representative. On these timescales build-
ing good models is more difficult than on the real-time timescale. However,
these models are less influenced by measurement (or stiffness model) errors
and might therefore produce slightly better ST calculations.

Quite good models result (mainly on the test timescale) if the minimum 97 /ov
‘negative slope’ o,z is used in addition to some of the stiffness based char-
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acteristic values. This result seems quite reasonable: In literature it has been
often stated that a negative friction coefficient versus velocity slope leads to
negative damping and squeal. In the conducted experiments the largest neg-
ative o, 1120 Value occurred at very low velocities and therefore for very high
friction coefficients. It is likely that this result can not be attributed to the
negative slope value.

In table 7.1 the best ST models on all timescales based on friction coeffi-
cient and stiffness characteristic values are shown. The best squeal propensity
model is built on the test timescale: It is based on the percentage of friction co-
efficient values above 0.5 o, .12 and the stiffness at 80 bar brake line pressure
Qgit37. The ST model using av,.12 and the mean compressibility of both pads
O it.26 COMes in second. On one hand this supports the statement of a friction
coefficient threshold for brake squeal (made by Bergman et al. [9]), even if it
cannot be seen clearly for all friction materials. On the other hand it supports
the compressibility influence on the squeal propensity. It can be assumed that
a more sophisticated stiffness model might lead to a clearer squeal propensity
dependence on the overall stiffness, including both bulk and contact. The best
real-time and brake application timescale ST models have similar AST val-
ues. They are visibly worse compared to the ones of test timescale models.
The brake application timescale ST model is based on the maximum friction
coefficient o, pa» and the (Gaussian fitted) mean stiffness acpag. The real-
time models differ in considered p-c intervals and data weighting: the second
model weights each interval by the number of contributing data points while
the first model only considers intervals consisting of at least 50 data points
and with SI, x and c greater than zero.

In figure 7.1 it can be seen that the models mainly show SI deviations for
similar friction material tests. In the top left diagram, the absolute AST values
for each model and test is shown, while the other plots each represent a single
model: they show the modeled squeal propensity versus the measured SI, so
in a perfect model all markers should lie on the dashed line. The vertical
distance between marker and line represents the AST value for the particular
test as shown in table 7.1. The friction material test for each marker can be
estimated by comparing the axis values of each marker to the measured Sl
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Table 7.1.. Selected squeal propensity models as function of friction coefficient and stiff-

ness on all timescales

Models |
Timescale real-time brake application test
Number 1 2 3 4 5
Parameter 1 Hrt rt QVyy.ba,2 QU 1,12 QU tt,12
Parameter 2 Crt Crt Q¢ .ba,6 Qe 1,37 Qe it,26
¢ [1077] 46.8 | 33.3 -13.3 -15.5 48.4
G [M/TN] or [um 1] 0 53.2 -961.3 63.8 | -4.2-107%
C3 [M/TN] or [pm~'] |517.8 | 710.3 2646.8 880.1 | -5.2-10°°
¢ [1077] -17.4 | -14.6 7.7 0.9 6.4
R, [%] 50.6 | 57.7 (22.0) [76.6] [76.6]
STmodel deviations ‘

Pad | Measured Sl [%] AST [percentage points]

A 18.21 5.69 | 7.29 7.00 4.08 4.38

B 10.35 -5.29 | -3.48 -5.64 -0.54 -3.88

C 7.07 -5.1 | -2.66 -1.43 -2.39 0.51

D 7.36 -1.66 | -0.27 -0.77 0.61 -1.82

E 7.10 -1.55 | 0.11 -0.03 -0.33 1.20

F 2.85 -3.74 | -3.74 -4.82 -2.95 -3.01

G 0.11 -5.61 | -5.29 -5.77 -3.24 -3.81

H 15.20 2.29 | 147 -0.34 -1.94 0.22

| 0.06 -2.59 | -1.53 -3.55 -2.15 -1.13

J 8.79 1.03 | -0.21 -1.43 3.93 3.30

K 0.24 -1.76 | -1.09 -3.66 -2.19 -1.81

L 3.54 0.70 | 1.18 -1.36 0.98 0.79

M 3.04 0.65 | 1.15 -0.86 0.22 0.14

N 5.07 0.97 | 0.97 -0.6 1.96 1.25

@) 4.56 3.47 | 391 0.79 2.40 2.94

P 1.44 -3.43 | -3.82 -4.11 -2.37 -2.81

Q 0.01 -2.78 | -1.74 -4.19 -2.08 -0.86

R 5.39 1.14 | 0.87 -1.69 2.45 1.66

S 4.44 -0.12 | 0.57 -2.02 1.14 1.01

T 5.31 0.59 | 0.76 -1.41 1.87 1.21

Characteristic AST values [percentage points]

Minimum AST -5.61 | -5.29 -5.77 -3.24 -3.88
Maximum AST 569 | 7.29 7.00 4.08 4.38
OAST 3.02 | 2.87 2.82 2.32 2.33
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Figure 7.1.: Visualization of selected squeal propensity models of table 7.1
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value in table 7.1 - the markers have not been labeled for better readability.

For the test of friction material A all models calculate a lower squeal propen-
sity than measured. For friction material B’s test they calculate a higher ST,
even as model four quite matches the measured squeal propensity. Addition-
ally, all models calculate a higher ST for the tests of friction materials F, G
and P and only the brake application timescale model is able to calculate the
squeal propensity of friction material O’s test satisfactorily. Again, this behav-
ior indicates at least one additional unrecognized parameter which influences
the squeal propensity. This might lead to an impossibility to generate nearly
perfect squeal propensity models solely based on friction coefficient and stiff-
ness.

For the sake of completeness the coefficients of the regression models are also
shown in table 7.1. But they are not normalized, are multiplied with different
characteristic values (using different units) and should not be compared. The
same is true for the shown R7,; values, as they reflect different model building
on the different timescales.

In conclusion, the most important results of this work are:

* It is possible to describe the squeal behavior, mainly the squeal propensity, to a
certain extent with the friction coefficient and the pad’s normal stiffness - or char-
acteristic values calculated thereof. Both parameters influence the propensity of
brake squeal generation.

» Most likely there are other parameters influencing the squeal propensity. It has to be
expected that it is not possible to keep all those other relevant parameters constant
during the experiments.

* Itis possible to reduce the measured real-time data to a single value per brake appli-
cation or one value per test without loosing measured squeal propensity trends. The
best models are built on the test timescale, probably because data on this timescale
is less prone to measurement errors and less dependent on the stiffness model. Also
a friction coefficient threshold for squeal generation can be modeled best on that
timescale.



8. Summary and Outlook

The goal of this work was to investigate the influence of tribosystem parameters on disc
brake squeal. From theoretical considerations of the excitation mechanism in the litera-
ture as well as from conducted experiments, the friction coefficient and the pad stiffness
normal to the friction interface are the most promising candidates for these parameters.
Yet they had never been experimentally investigated. To study only tribosystem param-
eter influences, the parameters which are not part of the tribosystem (e. g. component
resonant frequencies) were kept as constant as possible for the conducted experiments.

In a first step, 20 different friction materials have been tested, using the identical brake
with six identically constructed brake discs on the same brake dynamometer. The mea-
sured friction coefficient proved to have the best single correlation to the brake squeal
propensity for squeal at frequencies between 2 kHz and 20 kHz. Different squeal propen-
sity vs. friction coefficient trends for different friction materials result and counter-
examples to the general trend exist. The general trend of a rising squeal propensity with
increasing friction coefficient is mainly supported by the European Metallic type fric-
tion materials, which also tend to generate very high friction coefficient values during
dynamometer testing.

As the pad normal stiffness is not measurable with sufficient precision during dy-
namometer testing, a stiffness model based on compressibility measurements has been
developed. Using this model, a clear trend of an increasing squeal propensity with in-
creasing friction coefficient and increasing stiffness can be found for most tests. Analog
to the solely friction coefficient dependent trend, the local trends for the friction materials
add up to a similar global trend, but also produce counter-examples.

Some facts suggest the existence of other squeal propensity influencing parameters.
Squeal at many different frequencies has been registered throughout the tests and no tri-
bological explanation for the squeal frequency could be found. Also counter-examples
to the general squeal propensity trend exist. As it is most unlikely to leave all resonant
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frequencies of the system unchanged during the experiments, the other squeal propensity
influencing parameters might belong to the structural system. Also parameters like damp-
ing or the chemical composition of the friction materials might lead to a shift of squeal
propensity dependences between two tests. The latter for example by generating differ-
ent particles, tribological films or layers, which might influence the contact (stiffness)
significantly.

By building linear regression models based on the friction coefficient and the stiffness,
it is possible to calculate the squeal propensity for each test. The deviations between mea-
surement and model are in a suitable range to reproduce the measured trends, but it is not
possible to calculate the squeal propensity with a very high precision. This might also
indicate the existence of additional parameters. However, the models are a helpful tool to
investigate different data mapping functions. These functions have been used to calculate
a single characteristic value per brake application or per test. Characteristic values are
based on the friction coefficient and stiffness. The correlation between the squeal propen-
sity and these characteristic values shows that the measured squeal propensity trends can
be maintained in spite of data pooling. Using specific characteristic values for squeal
propensity models on the brake application or test timescales, the squeal propensity mod-
els are as good as the measurement data based squeal propensity models.

Some of the squeal propensity models with the smallest deviation between measured
and calculated squeal propensity for each test are built on the test timescale: They are
based on the percentage of friction coefficient values above 0.5 during the test and on the
compressibility of the brake pads or modeled stiffness at brake line pressures above 50 bar.
This supports the assumptions that higher friction coefficient values drastically lead to
more brake squeal and that the squeal propensity is dependent on the pad normal stiffness.
It also shows the introduced stiffness model to be sufficient to show basic dependences
and that with an improved model more clear trends could become visible.

The experimental results indicate that the brake squeal phenomenon can only be
solved if both, tribological and structural parameters are considered simultaneously. FEM
has proven to be a highly sophisticated tool to investigate brake squeal, so additional effort
should be conducted to incorporate the needed tribological concepts. Further effort should
be taken in measuring and modeling the elastic properties of friction materials at a squeal
relevant frequency range, e. g. estimating the damping at squeal relevant frequencies.



A. Stiffness Model Error Analysis

Every model has limitations and models based on measurement data additionally have
errors. Errors due to the deformation measurement, the normal force application or due
to the stiffness model itself, may occur. The stiffness model error omeqe already consists
of the statistical deformation measurement error, the error due to the applied normal force
during the compressibility testing and the error due to the model assumptions. This model
error omedel 1S @ deformation error, because the model fits the deformation versus normal
force curve. By using the Gaussian error propagation, the stiffness error o can be calcu-
lated from the model error. Therefore, in a first step the compliance error o, is calculated
from the model error and in a second step the error propagation onto the stiffness model
is conducted.

The compliance error o4 is

ad\ > ad
04 = \/(&) : Uanode| = ‘ Omodel * a_z ‘ (A-l)

The absolute differential in pad normal direction dz is defined as (cp. [21])

0z 0z
dz_WdN+§j:a—deXj

where dy, represents the other parameters on which the stiffness depends, like vehicle
velocity, interface temperature, etc. The stiffness in the used model only depends on
normal force, so the partial and absolute deviations

oy, )T AN T oN
are the same. For dz # 0 and 0z # 0 the modeled stiffness is

_dN__BN
dz 0Oz

CcC =

148



149

and for ON # 0 equation A.2 results form equation A.1:

. od 24 ON| |y
0d = | Omodel 92 Omodel ON 02| Omodel ON .
Using the functions f = f(N) and g = g(/N) according to
f :)\c~)\b-N2—0—)\c-cb,0~N
0
f :%:Q-Ac-Ab-N+)\C-cb7o
(A3)
g :()\c‘i_)\b)‘N"i_Cb,O
Jg
/ = — =
qg = N Ae + Ay
the compliance (cp. equations 4.8 and 4.9 on page 71) is
g 1
d = — = —
f ¢
and the resulting compliance error o, is shown in equation A.4:
o A2 | ~c~% As| g1y
d model ON model g f2
(A.4)

= Omodel * (g_/ - L,) ‘
g f

According to the Gaussian error propagation, the resulting stiffness error is

2 A4

Omodel * - <g§ - f?) ‘ (A.5)

The stiffness error is proportional to the model error, the squared (normal force dependent)
stiffness and a factor which depends on the model parameters and the normal force. This
results in different stiffness errors for the different brake pads and for different normal
forces. Figure 4.14 (p. 78) shows the stiffness errors for all tested pads.



B. Complete Data Analysis
Diagrams

In this chapter figures of additional measurement data and the complete analysis plots are
presented to complete the whole view. In the previous chapters only adequate examples
have been discussed to shorten the presentation. Remarks or cross references to previous
chapters are made in each subsection.

B.1. Disc Out-Of-Plane Deflection Shapes

The first figures in this chapter show out-of-plane deflection shapes for disc number six
which were measured in free-free condition using a Ploytec 1-D scanning LDV. They
provide a general impression of the deflection shapes, resulting at the different resonant
frequencies for the used discs in free-free condition. Some deflection shapes are not easy
to identify and illustrate in two dimensions. Especially above 7 kHz vibration frequency,
as there they are a superposition of vibrations with circumferential and nodal diameters.
So, figures with a quasi-three-dimensional view are presented here to try to overcome this
limitation.

B.2. Complete Dynamometer Testing Data
Analysis Diagrams

The later plots in this section, exemplarily shown in the previous chapters, are here to
complete the analysis plots for all friction materials. So it is possible to show a complete
overview of each result, without enlarging the presented work to an inadequate extend.
For conclusions and additional descriptions see chapter 6, as all data has been analyzed
the same way as described there.
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(a) 1.02 kHz

(d) 2.50 kHz

(2) 4.02 kHz

(j) 5.35 kHz

Figure B.1.: Disc out-of-plane
6.2 kHz

(b) 1.73 kHz (¢) 2.02 kHz

(e) 3.14 kHz (f) 3.47 kHz

(h) 4.54 kilz (i) 5.18 kHz

(k) 5.43 kHz () 6.18 kHz

deflection shapes in the frequency range 1.0 kHz to
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>

(a) 6.36 kHz (b) 7.22 kHz (c) 8.06 kHz

(d) 8.19 kHz (e) 8.79 kHz () 9.05kHz

(g) 9.70 kHz (h) 10.06 kHz (i) 10.14 kHz

(j) 11.34 kHz (k) 11.69 kHz (1) 12.39 kHz

Figure B.2.: Disc out-of-plane deflection shapes in the frequency range 6.3 kHz to
12.5 kHz
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(a) 12.76 kHz (b) 12.92 kHz

<A

(d) 13.40 kHz (e) 13.77 kHz (f) 14.80 kHz

<

(g) 15.31 kHz (h) 15.40 kHz

Figure B.3.: Disc out-of-plane deflection shapes in the frequency range above 12.5 kHz
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Figure B.13.: Squeal dependences during tests of friction material F
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Figure B.16.: Squeal dependences during tests of friction material H, part 2
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Figure B.17.: Squeal dependences during tests of friction material I, part 1
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Figure B.18.: Squeal dependences during tests of friction material I, part 2
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Figure B.19.: Squeal dependences during tests of friction material J
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Figure B.20.: Squeal dependences during tests of friction material K
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Figure B.22.: Squeal dependences during tests of friction material L, part 2
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Figure B.23.: Squeal dependences during tests of friction material M, part 1
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Figure B.24.: Squeal dependences during tests of friction material M, part 2
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Figure B.25.: Squeal dependences during tests of friction material N
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Figure B.27.: Squeal dependences during tests of friction material P, part 1
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Figure B.28.: Squeal dependences during tests of friction material P, part 2
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Figure B.29.: Squeal dependences during tests of friction material Q, part 1
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Figure B.30.: Squeal dependences during tests of friction material Q, part 2
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Figure B.31.: Squeal dependences during tests of friction material R
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Figure B.32.: Squeal dependences during tests of friction material S
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Figure B.33.: Squeal dependences during tests of friction material T



C. Deutsche Kurzfassung

C.1. Fragestellung

C.1.1. Motivation

Das Phédnomen des Bremsenquietschens wird seit anndhernd 70 Jahren untersucht. In
dieser Zeit wurden beachtliche Fortschritte erzielt, jedoch existiert bis heute kein allge-
meingultiges und umfassendes Verstandnis.

Viele experimentelle Arbeiten deuten auf den Reibkoeffizient zwischen Bremsbelag
und Bremsscheibe als wichtigsten tribologischen Einflussparameter auf das Bremsen-
quietschen hin - allerdings gibt es in den meisten Féllen auch Gegenbeispiele zu auf-
gezeigten Trends. Diese legen nahe, dass der Reibkoeffizient nicht der einzige Parameter
des tribologischen Systems (Tribosystems) bestehend aus Bremsbelag und -scheibe sein
kann, der die Quietschentstehung bei Kraftfahrzeugbremsen beeinflusst.

Betrachtet man den Anregungsmechanismus des Bremsenquietschens im Tribosys-
tem Belag/Scheibe, so fuhrt die Kopplung mehrerer Freiheitsgrade zu einer reiberregten
Schwingung, die sich im Bezugssystem der Bremsscheibe folgendermalien beschreiben
lasst:

Eine Oszillation der Auslenkung in axialer Richtung fihrt zu einer oszillierenden Nor-
malkraft am Reibkontakt. Diese fuhrt weiterhin zu einer oszillierenden Tangentialkraft,
zu einer oszillierenden Tangentialauslenkung die wiederum zu einer oszillierenden Nor-
malbewegung fiihrt. Aus dieser Uberlegung ergeben sich vier Kopplungsparameter. Die
Kopplungen zwischen Tangentialkraft und -bewegung sowie die Kopplung zwischen der
tangentialen und der axialen Auslenkung werden durch strukturmechanische Parameter
bestimmt. Die Kopplungen innerhalb des Tribosystems sind die axiale Steifigkeit zwi-
schen axialer Auslenkung und Kraft sowie der Reibkoeffizient als Kopplungsparameter
zwischen der axialen und der tangentialen Kraft. Diese Uberlegungen sind auch z. B. an-
hand des von Hamabe et al. [49] vorgestellten Modells, das durch Allgaier [3] ausfiihrlich
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diskutiert wird, nachvollziehbar.

Die Steifigkeit des Tribosystems in axialer Richtung wird (fur das hier verwendete
System) maRgeblich durch die Belagsteifigkeit normal zur Bremsscheibenoberflache be-
einflusst. Dennoch wurden bisher die Einflusse des Reibkoeffizienten und der normalen
Belagsteifigkeit auf das Bremsenquietschen nicht systematisch durch Experimente an ei-
nem Original-Bremssystem untersucht.

Da die Auftretenswahrscheinlichkeit des Bremsenquitschens normalerweise relativ
gering ist, mussen wahrend den Experimenten viele Versuche mit denselben bzw. ahnli-
chen Parameter-Satzen durchgefihrt werden. Dies fuhrt zu sehr grof3en und unubersicht-
lichen Datenmengen. Um diese Daten beherrschbar und darstellbar zu machen ist es ge-
brauchlich, diese auf Minimal-, Maximal- oder Mittelwerte zu reduzieren. Beispielsweise
wird bei Untersuchungen zur Funktionalitit des Bremssystems oft ein sogenannter nomi-
naler Reibwert angegeben, der sich als Mittelwert aus den Mittelwerten einzelner Teile
eines bestimmten Prifprogramms zusammensetzt. Obwohl das Reibverhalten innerhalb
eines Bremsvorgangs und bei Vergleich verschiedener Bremsungen sehr unterschiedlich
ist, gilt der nominale Reibwert als Indikator fiir das Reibverhalten des Belag-Scheibe-
Tribosystems. In Bezug auf die Quietschentstehung wurde bisher nicht erforscht, ob si-
gnifikante Trends erhalten bleiben, wenn man die gemessenen Daten auf z. B. einen Wert
pro Bremsung oder einen Wert pro Versuch reduziert.

C.1.2. Stand der Technik

Im Folgenden werden einige Literaturstellen vorgestellt, die fur das Verstandnis dieser
Zusammenfassung hilfreich sind. Diese Auswahl gibt einen sinnvollen und strukturierten
Uberblick. Auf eine ausfiihrliche Beschreibung des Stands der Technik wird hier bewusst
verzichtet, da es den Rahmen der vorliegenden Kurzfassung sprengen wiirde.

» Nach Blau [15] wird der Faktor zwischen der Reibkraft £, und der Normalkraft N
ublicherweise als Reibwert ;. bezeichnet.

» Das Reibverhalten eines Bremssystems hangt sowohl von direkten Einflussgrofien
wie dem Bremsdruck, der Fahrzeuggeschwindigkeit oder der Temperatur im Reib-
kontakt ab, wie auch, laut Kemmer [58], von der Vorgeschichte. Als Vorgeschich-
te wird in diesem Zusammenhang die Gesamtheit der vorangegangenen Bremsun-
gen bezeichnet. Diese verdndern den Zustand des Tribosystems, der sich wieder-
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um auf das (Reib-) Verhalten auswirkt [58]. Durch die Vorgeschichtenabhangig-
keit des Reibverhaltens konnen unterschiedliche Reibwerte und Reibwertverlaufe
bei denselben Kontrollparameterwerten fur Bremsdruck, Fahrzeuggeschwindigkeit
und Scheibentemperatur resultieren.

Der in dieser Arbeit verwendete Kompressibilitatstester wird hauptséchlich fur Un-
tersuchungen des ,,Pedalgefuhls® verwendet, wie z. B. durch Hecht-Basch et al.
[50]. Der Kompressibilitatstester eignet sich nicht ohne weiteres zur Bestimmung
des E-Moduls von Bremsbel&gen, misst allerdings die druckabhangige Belagstei-
figkeit unter realitdtsnahen Bedingungen. Diese ist flr die Kopplung zwischen der
normalen Deformation und der Normalkraft am Reibkontakt mal3geblich verant-
wortlich. Augsburg et al. [5] ermittelten eine zunehmende normale Belagsteifigkeit
mit zunehmender mittlerer Normalkraft und zunehmender Frequenz einer Normal-
kraftoszillation. Das nicht-lineare Verhalten der Belagsteifigkeit zeigt auRerdem ein
Hysterese-Verhalten.

Thomas and Sayles [88] zeigen eine linear von der Normalkraft abh&dngende Kon-
taktsteifigkeit fir elastische Rauheiten, deren Hohen Gauss-verteilt sind. Sie stltzen
sich auf das Kontaktmodell von Greenwood and Williamson [47] und werden von
Sherif [82] bestatigt, der fur elastische Kontaktsituationen einen prinzipiellen An-
stieg der Kontaktsteifigkeit mit zunehmender Normalkraft zeigt. Dabei untersucht
Sherif [82] sowohl das Kontaktmodell von Greenwood und Williamson als auch das
von Onions und Archard und folgerte, dass die Veranderung der Kontaktsteifigkeit
in beiden Féllen einer sich versteifenden Feder &hnele.

Es gibt verschiedene Arten von Schwingungen des Bremssystems. Laut Wallaschek
et al. [95] werden sie danach benannt, wie sie sich anhdren, z. B. bezeichnet Muhen
oder Heulen Bremsgerdusche bei Frequenzen unterhalb von 1 kHz. Bei selbster-
regten Schwingungen mit Frequenzen zwischen 1 kHz und 20 kHz spricht man
ublicherweise von Bremsenquietschen [95]. In dieser Arbeit wurde Quietschen bei
Frequenzen zwischen 2 kHz und 20 kHz untersucht.

Stellvertretend fir die vielen (experimentellen) Arbeiten der vergangenen Jahre
zum Thema Bremsenquietschen sollen an dieser Stelle noch die Arbeiten von Berg-
man [7] und Eriksson [34] erwahnt werden, die in ihren hier zitierten Dissertatio-
nen zusammengefasst sind. Unter anderen fanden sie fur Ihre Bremsenkonfigurati-
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on einen kritischen Reibwert, unterhalb dessen kein Bremsenquietschen gemessen
wurde [9] und dass Bremsenquietschen innerhalb von weniger als 0,1 s einsetzt,
sofern die Kontaktbedingungen dies unterstiitzen [36].

C.1.3. Zielsetzung

Das Ziel der Arbeit ist die Frage zu kléaren, ob es moglich ist das Quietschverhalten mit
den dominanten Parametern des Tribosystems zu beschreiben. Aufgrund der oben ge-
zeigten Uberlegungen sind diese Tribosystem-Parameter der Reibkoeffizient 1 und die
Belagsteifigkeit ¢ normal zur Bremsscheibenoberflache und somit auch normal zur Reib-
kraft.

Zur Klarung dieser zentralen Frage wurden Experimente an einem Bremsenprufstand
durchgefuhrt, der mit Gerduschmesstechnik ausgerustet ist. Da bei Speicherung der ,,Echt-
zeit“-Daten grof’e Datenmengen erzeugt werden, ist es in der Bremsenindustrie ublich,
Datenreduktionen zur Speicherung, Auswertung und Darstellung der Daten durchzufih-
ren. Bisher ist ungeklart, ob es einen Zusammenhang zwischen solch reduzierten Para-
metern, wie z. B. einem mittleren Reibwert, und dem Quietschverhalten gibt. Die Un-
tersuchung, ob gefundene Zusammenhénge zwischen reduzierten Parametern und dem
Quietschverhalten bei Reduktion auf einen Wert pro Bremsung oder einen Wert pro Ver-
such aussagefahiger sind als die ,,Echtzeit“-Daten-Trends bildet die zweite Saule der Ar-
beit.

Durch diese Zielsetzung beschéftigt sich die Arbeit, groRtenteils auf experimentel-
le Weise, mit dem Ph&nomen des Bremsenquietschens und ergénzt dadurch die hau-
fig durchgefiihrten Simulationen, z. B. anhand der Methode der Finiten Elemente. Bei
solchen Simulationen liegt der Fokus auf den strukturmechanischen Einflissen auf das
Quietschverhalten und es werden hé&ufig sehr eingeschrankte Annahmen uber das Tri-
bosystem gemacht, z. B. ein konstanter oder rein geschwindigkeitsabhangiger Reibwert.
Bei der vorliegenden Arbeit wurde versucht, die Struktur des schwingenden Bremssys-
tems so konstant wie méglich zu halten, um den Einfluss der Tribosystem-Parameter auf
das Bremsenquietschen zu untersuchen.
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C.2. Methodischer Ansatz

C.2.1. Vorgehen

Zur Klarung der in der Zielsetzung vorgestellten Fragen wurden Experimente an einem
Bremsenprifstand durchgefiihrt. Da die zu untersuchenden GrélRen Reibwert und Belag-
steifigkeit nicht direkt veranderbar sind, wurde ein Prifprogamm entwickelt, das geni-
gend Bremsungen enthélt um eine statistisch aussagefahige Datenbasis zu liefern. Es ba-
siert auf einer Standard-Bremsgerausch-Prifprozedur, gewdhrleistet eine gute und grofi-
tenteils gleichmaRige Abdeckung des kontrollierbaren Parameterraums aus Bremsdruck,
Fahrzeuggeschwindigkeit und Scheibentemperatur und enthalt eine geringe Anzahl von
Bremsvorgéangen, um das System durch Verschleiss geringstmoéglich zu verandern.

Die Veranderung der untersuchten Reibwert- und Belagsteifigkeitsbereiche wurde
durch die Verwendung unterschiedlicher Bremsbel&ge erreicht sowie durch die unver-
meidbare Variation von Reibwert und Belagsteifigkeit wéhrend der Bremsenprifstands-
versuche. Funf Reibmaterialien waren Original- bzw. Ersatzteile fir das untersuchte
Bremssystem, dazu zu drei Reibmaterialien von amerikanischen Sports-Utility-Vehicles,
die zurechtgeschnitten wurden um im getesteten Bremssystem verwendet werden zu kon-
nen. Des Weiteren wurden 12 Reibmaterialien speziell fir die Versuche von einem Be-
laghersteller entwickelt und gefertigt.

Aufgrund der Multidimensionalitat des Quietschverhaltens und seiner Abhangigkei-
ten ist eine Prazisierung des Begriffes ,,Quietschverhalten® notwendig. In der vorlie-
genden Arbeit wird das Quietschverhalten durch die Quietschfrequenz, den zugehdrigen
Schalldruckpegel sowie die Auftretenshdufigkeit reprasentiert. Um das Quietschverhalten
handhabbar zu machen wurde ein in der Bremsenindustrie gangiger Schalldruckpegel-
Grenzwert von 70 dB festgelegt, oberhalb dem ein Bremsgerausch als Quietschen regis-
triert wurde. Dies ermdglicht die Berechnung einer Quietschwahrscheinlichkeit (SI) in
Abhéngigkeit von verschiedenen Grolien fir verschiedene Frequenzintervalle.

Waéhrend der Reibwert messtechnisch gut zugénglich ist, ist es nicht moglich die Be-
lagsteifigkeit wahrend der Versuche mit ausreichender Genauigkeit zu messen. Daher
wurden vor den Gerauschversuchen Kompressibilitdtsmessungen an allen Bremsbeldgen
durchgefuhrt. Basierend auf diesen Messungen wurde ein Bremsdruck-abhéngiges Be-
lagsteifigkeitsmodell entwickelt, mit dessen Hilfe die Belagsteifigkeit wéahrend der Ge-
rauschversuche berechnet werden kann.
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Wahrend der Gerduschversuche wurden Bremsdruck, Bremsmoment, Fahrzeugge-
schwindigkeit und Scheibentemperatur mit einer Abtastrate von 25 Hz erfasst. Die Auf-
zeichnung der Bremsgerausche erfolgte mit 51,2 kHz, allerdings wurden jeweils 40 ms
zusammen ausgewertet, so dass Quietschgerausche ebenfalls mit 25 Hz ,,gemessen® wur-
den. Der Reibwert wurde aus Bremsmoment und Bremsdruck berechnet. Dieser Daten-
satz, bei dem 25 Datenpunkte pro Sekunde wahrend eines Bremsvorganges gemessen
wurden, wird in der Arbeit ,,Echtzeit“-Daten genannt. Die Zeitskala, auf der diese Daten
erfasst wurden heif3t Echtzeit-Zeitskala. Kompressibilitatsversuche ergeben z. B. flir den
Fall der Belagsdeformation bei Bremsdruckanderung von der 5 bar Vorlast auf die 100 bar
Maximallast einen Wert pro Bremsbelag und Geréuschversuch. Diese Messungen finden
auf der sogenannten Versuch-Zeitskala statt und die Daten werden Versuch-Zeitskala-
Daten genannt. Die dritte, in der Arbeit untersuchte Zeitskala ist die Bremsung-Zeitskala.
Obwohl auf dieser Zeitskala keine Daten gemessen werden ist es in der Bremsenindustrie
ublich, einen Wert pro Bremsung anzugeben, z. B. einen mittleren Reibwert.

Um zu Uberprifen, ob die Quietschwahrscheinlichkeit (S7) vom Reibwert ;. und/oder
der Belagsteifigkeit ¢ abhangt, wurden ﬁ-Regressionsmodelle in Abhéngigkeit von p
und ¢ fur Daten auf allen Zeitskalen berechnet. Um die Giite aller Modelle auf allen
Zeitskalen bewerten zu kénnen, wurde ein MaR eingefiihrt welches es ermdglicht fur je-
des Modell die Anwendbarkeit zur ?[-Berechnung und die Nutzlichkeit der Datenreduk-
tionen zu beurteilen.

In den folgenden Unterkapiteln wird auf besondere Aspekte der Methodik und deren
Umsetzung gesondert eingegangen.

C.2.2. Experimente

Um die Struktur des Bremssystems so einfach, reproduzierbar und unverandert wie mog-
lich bei allen Versuchen zu halten, wurde auf den Aufbau des Achsschenkels verzichtet
und der Bremssattel direkt mit dem Aufnehmer verschraubt. Angaben auf fahrzeugbezo-
gene Werte beziehen sich somit jeweils auf das Originalfahrzeug, dessen Bremssystem
fur die Versuche benutzt wurde. Die Angabe einer Fahrzeuggeschwindigkeit ist gleich-
bedeutend mit der Angabe der Rotationsgeschwindigkeit der Bremsscheibe im Original-
fahrzeug, die am Prifstand verwendet wurde.

Fur die Gesamtheit der Versuche wurde stets derselbe Bremssattel eines europaischen
Wagens der Kompaktklasse verwendet. Der Scheibenverschleiss durch die Versuche der
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20 verschiedenen Reibmaterialien machte den Einsatz von sechs baugleichen unbeluf-
teten Graugussscheiben nétig. Um die strukturelle Ahnlichkeit der verwendeten Beldge
und Scheiben zu Uberprifen wurden die Resonanzfrequenzen der Teile durch Freque-
cy Response Functions (FRF) gemessen. Diese waren nicht identisch, wichen aber in
den meisten Fallen nur unwesentlich voneinander ab. Die Messungen zeigten lediglich
bei zwei der amerikanischen SUV-Reibmaterialien starke Abweichungen, die sehr wahr-
scheinlich aufgrund eines radialen Schlitzes in der tangentialen Mitte des Reibmaterials
zustande kamen, den nur diese Reibmaterialien aufwiesen. Zusammenfassend laft sich
feststellen, dass bei den Bremsscheiben und den Bremsbel&dgen geringe Abweicheungen
der Resonanzfrequenzen beobachtet wurden, die allerdings unvermeidbar waren.

Fur die Aufbereitung und Auswertung der Daten wurden selbstentwickelte Progam-
me in MATLAB verwendet, die teilweise auf Programme anderer Autoren aufbauen.
Diese mathematische Programmiersprache bot die Mdglichkeit die Rohdatenverarbei-
tung, Quietscherkennung, Auswertung und Darstellung innerhalb eines ,,Programmes*
zu realisieren. Auf diese Weise ist sichergestellt, dass jeder Schritt nachvollziehbar ist
und keine ungewiinschte Datenreduktion oder Filterung stattfindet. Neben Dateneinlese-
und Konvertierungsprogrammen wurden so auch die in der Arbeit dargestellten Schau-
bilder erzeugt und die Quietschwahrscheinlichkeits-Regressionsmodelle berechnet. Au-
Rerdem wurde eine eigene Gerauscherfassungs-Routine entwickelt, die zur Quietscher-
kennung auch den Hintergrund-Geréduschpegel beriicksichtigt. Ein Gerausch wurde nur
als Quietschen gekennzeichnet, wenn sich sowohl im Mikrofonsignal wie auch im Signal
des Beschleunigungsaufnehmers, der am Bremssattel befestigt war, ein Peak ergab deren
Frequenzen innerhalb von 50 Hz lagen und der Schalldruckpegel gleich oder groRer als
70 dB war.

C.2.3. Berechnung der Quietschwahrscheinlichkeit

Es ist prinzipiell nicht méglich, die Quietschwahrscheinlichkeit SI direkt zu messen. Die
Quietschwahrscheinlichkeit kann aufgrund der Haufigkeit der beiden diskreten Ereignis-
sen ,,quietscht” oder ,,quietscht nicht” berechnet werden. Dieser Vorgang ist vergleichbar
mit der Berechnung der Wahrscheinlichkeit, dass eine geworfene Miinze Kopf oder Zahl
zeigt, indem man sie sehr oft wirft. Daraus wird ersichtlich, dass auch zur prazisen Be-
rechnung der Quietschwahrscheinlichkeit eine groRe, statistisch unabhéngige Anzahl von
Datenpunkten unter gleichen Bedingungen benétigt wird.
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Die zu untersuchenden Einflussgréf3en auf das Bremsenquietschen unterliegen entwe-
der Messungenauigkeiten (z. B. i) oder kdnnen nur begrenzt genau geregelt werden (z.
B. Bremsdruck). Deshalb missen Daten in Intervallen zur Quietschwahrscheinlichkeits-
berechung zusammengefasst werden. Da innerhalb dieser Intervalle die Quietschwahr-
scheinlichkeit als konstant angenommen wird, durfen die Intervall nicht zu gro8 gewéhlt
werden.

Die Quietschwarscheinlichkeitsberechnung erfolgt, indem man die Anzahl der Daten-
punkte, bei denen Quietschen detektiert wurde durch die Gesamtanzahl der Datenpunkte
des Intervalls teilt. Um auf allen Zeitskalen dieselbe SI-Berechnung zu gewahrleisten
wurden stets die Echtzeit-Daten als Basis fur die Berechnung verwendet, auch wenn die
Daten ,,anschliefend* auf z. B. einen Wert pro Bremsung reduziert wurden. Im Falle einer
Quietschwahrscheinlichkeit pro Bremsung missen zur Berechnung der Gesamtquietsch-
wahrscheinlichkeit eines Versuches die Einzelwahrscheinlichkeiten mit der Anzahl der
Echtzeit-Datenpunkte pro Bremsung gewichtet werden.

Es ist offensichtlich, dass die SI-Berechnung genauer wird je mehr Daten innerhalb
eines Intervalls zur Verfugung stehen. Unter folgenden Voraussetzungen kann eine Feh-
lerabschatzung der Quietschwahrscheinlichkeit durchgefiihrt werden: Es gibt genau eine
Quietschwahrscheinlichkeit pro Intervall (oder die SI-Variationen innerhalb eines Inter-
valls ist vernachlassigbar), die Quietschwahrscheinlichkeit hdngt vom gewéhlten (Satz
von) Parameter(n) ab und die SI-Verteilung ist statisch.

Laut Benoullis Gesetz der groRen Zahl konvergiert die Haufigkeit der Quietschereig-
nisse gegen die wahre (aber unbekannte) Quietschwahrscheinlichkeit, wenn die Anzahl
der Datenpunkte n gegen unendlich geht. Flr Werte von n, die kleiner als unendlich sind,
erlaubt das schwache Gesetz der grof3en Zahlen eine GrolRenabschatzung des zu erwarten-
den Unterschieds zwischen berechneter SI und wahrer Quietschwahrscheinlichkeit. Da-
nach ist mit einer Aussagewahrscheinlichkeit & die Abweichung der berechneten und der
tatsachlichen Quietschwahrscheinlichkeit gréRtenfalls gleich

1
eﬁ“m (C.1)

In der Arbeit wurde eine Aussagewahrscheinlichkeit von ¥ = 95 % verwendet, was
bedeutet, dass z. B. fir n = 500 Datenpunkte in einem Intervall die berechnete Quietsch-
wahrscheinlichkeit SI mit 95 %iger Wahrscheinlichkeit nur um ¢ = + 10 Prozentpunkte
von der wahren Quietschwahrscheinlichkeit S 1., abweicht.
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C.2.4. Belagsteifigkeitsmodell

Um SI-Modelle auf allen Zeitskalen berechnen zu kdnnen, miissen entweder die Echtzeit-
Daten reduziert oder die Versuchsdaten modellméafiig erweitert werden. Zur Berechnung
der Echtzeit-Daten flr die Belagsteifigkeit in normaler Richtung wurde die Belagdefor-
mation d als Funktion der Normalkraft NV (die sich aus dem Bremsdruck p ergibt) fur
jeden Belag durch Kompressibilitatsversuche gemessen. Betrachtet man den Bremsbe-
lag modellméRig als zwei Federn in Reihenschaltung, so bietet sich eine Trennung des
Kontakts und des Restbelags ohne Kontakt an. Im vorliegenden Modell wurde die Kon-
taktsteifigkeit c.. als eine sich linear versteifende Feder angenommen, was zu

ce=A-N (C.2)

fuhrt, wahrend die Steifigkeit des Restbelags zusatzlich zur Normalkraft-abhangigen Kom-
ponente auch eine drucklose Grundsteifigkeit c; ( hat:

=N N +cpp (C.3)

Mit diesen Annahmen ergibt sich die Belagsteifigkeit ¢ zu

(C.4)

CcC =

AN 1 1\ AN N24 Ao N
'TE:( ) T et M) N+ oo

Durch Minimierung der quadratischen Fehlersumme der Nachgiebigkeitsabweichun-
gen wurde fur jeden Bremsbelag ein ¢(N)-Modell berechnet. Das hohe Bestimmtheits-
mafR % von tiber 99,4 % deutet an, dass die Kompressibilitatskurve als Funktion der Nor-
malkraft sehr gut durch die in Gleichung C.4 gegebene Formel dargestellt werden kann.
In den meisten Fallen liegt der Koeffizient \. der Kontaktsteifigkeitszunahme mit zuneh-
mender Normalkraft zwischen 62 mm ! und 500 mm . Die drucklose Grundsteifigkeit
a0 der Belage lag zwischen 0,074 GN/m und 0,704 GN/m.

Jedes Modell hat Grenzen und Modelle, die auf Messdaten beruhen haben zusétzlich
noch Unsicherheiten. Wahrend die Unsicherheiten fiir die meisten Bremsbel&ge in to-
lerierbaren GrolRenordnungen sind, bestehen die Grenzen des Modells z. B. darin, dass
lediglich der Haupteinflussparameter Bremsdruck im Modell berlcksichtigt wird. Die
Hauptlimitationen des Modells sind:

Ce Cp

» Die Kompressibilitdtsmessungen finden mit planparallel-geschliffenen Bremsbe-
lagoberflachen statt, die gegen einen Stahl-Scheibenersatzkorper gedriickt werden.
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Diese Oberflachenkonfigurationen geben nicht die wéhrend der Versuche herrschen-
den Bedingungen wieder. AuRerdem werden ggf. auftretende Anderungen im Kon-
takt, wie sie z. B. von Kemmer [58] gezeigt wurden, nicht berticksichtigt.

» Obwohl der Druckeinfluss auf die Belagsteifigkeit als dominant bezeichnet wer-
den kann, verandert sich die Belagsteifigkeit durch Temperatureinfluss irreversibel.
Daher war es nicht méglich, diesen Einfluss zu ermitteln, ohne die Bremsbeldge
dauerhaft zu veréndern. Aufgrund einer Abschatzung durch Versuche an einem
der getesteten Belagmaterialien ergibt sich eine relative c-Abweichung zwischen
Raumtemperatur und 400 FC von ca. 53 %. Da angenommen werden kann, dass
Bremsbeldge generell bei hoheren Temperaturen geringere Steifigkeiten aufweisen,
werden die Unterschiede zwischen den verschiedenen Reibmaterialien voraussicht-
lich deutlich geringer sein als der Unterschied zum Modell.

 Die berechneten Belagsteifigkeiten gelten fur den quasi-stationéren Fall. Fir hohere
Frequenzen ist zu erwarten, dass die Steifigkeiten generell ansteigen. Andererseits
legen Ergebnisse wie z. B. die von Augsburg et al. [5] nahe, dass selbst bei htheren
Frequenzen die Belagsteifigkeit mit zunehmender Normalkraft zunimmt.

Es darf dennoch erwartet werden, dass auch mit diesem Grundmodell der Belagstei-
figkeit generelle Abhéangigkeiten und Einflisse auf das Bremsenquietschen nachgewiesen
werden konnen.

C.2.5. Modellierung der Quietschwahrscheinlichkeit

Zur Untersuchung der Einflisse von Reibkoeffizient und Belagsteifigkeit auf die Quietsch-
wahrscheinlichkeit wurden ?[-Regressionsmodelle auf allen Zeitskalen gebildet.

Um die Echtzeit-Daten, hauptsachlich den Reibwert, fir andere Zeitskalen zu reduzie-
ren, wurden Funktionen benutzt, die in mathematischem Sinn als Projektionen bezeichnet
werden. Die wichtigsten dieser Projektionen sind der Mittel-, Minimal- und Maximalwert,
der Median, der Parameterwert, unterhalb dem 75 % der Werte liegen, der Mittelwert und
die Standardabweichung einer auf die Daten angepassten Gausskurve sowie der Prozent-
satz der Werte, die oberhalb eines Schwellenwertes liegen.

Mit Hilfe dieser Projektionen wurden fur jede Zeitskala ein oder mehrere Kennwer-
te fur jeden Parameter berechnet. Wahrend auf der Echtzeit-Zeitskala der ,,gemessene”
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Reibwert und die Steifigkeit, berechnet durch das im vorherigen Kapitel vorgestellte Mo-
dell, die einzigen Kennwerte waren, gab es auf der Bremsung-Zeitskala 20 reibwertbe-
zogene (a,hai) Und 17 steifigkeitsbezogene Kennwerte acp,j. Auf der Versuch-Zeitskala
waren es 39 belagsteifigkeitsbezogene Kennwerte o .

Die berechneten ?[-Regressionsmodelle hatten auf allen Zeitskalen entweder die Form

5/72(/1) = (1 aui+ G (C.5)
fur Einzelparametereinfllsse, jedoch meistens die Form
S/'?i,j(/h C) = Cl : a,u,i + <2 : ac,j + C3 : a,u,i : ac,j + <4 (C6)

wenn reibwertbasierte und steifigkeitsbasierte Kennwerte berticksichtigt wurden.

Es ist generell mdglich ein Polynom an jede beliebige Funktion anzupassen und an-
hand der Koeffizienten z. B. aus Gleichung C.6 Trends fur die ﬁ-Anhéngigkeiten abzu-
leiten. Die Statistik liefert Berechungsverfahren und Kennwerte zur Beurteilung, wie gut
ein Datensatz durch ein Modell wiedergegeben wird, beispielsweise das Bestimmheits-
maR R2? bzw. das angepasste BestimmtheistmaR Rgdj oder Parameter- bzw. Modellsignifi-
kanzen [65].

Wahrend diese Gltemale fiir die Echtzeit-Zeitskala durchaus sinnvoll und anwendbar
sind musste fir die anderen Zeitskalen, deren Vergleich und die Giitebestimmung der
einzelnen Projektionen bzw. daraus resultierenden Kennwerte ein anderes Mal3 gefunden
werden.

Die Gesamt-Quietschwahrscheinlichkeit fiir jeden Versuch wird der Basis von ca. 10°
Echtzeit-Datenpunkten berechnet, die bei einem sehr ausgewogenen Prifprogramm ge-
messen wurden. Daher ist anzunehmen, dass die Gesamt-Quietschwahrscheinlichkeit ein
zuverlassiger SI-Wert ist. Des Weiteren ist jedes Modell in der Lage, die Gesamt-Sl zu
berechnen.

Als MaR fur die Modellgute wird deswegen die Abweichung AST zwischen der ,,ge-
messenen® Gesamt-Quietschwahrscheinlichkeit .S 7gemessen UNd der berechneten Quietsch-
wahrscheinlichkeit E\IMode”

AST = Sjgemessen - S/(?Modell (C-7)

benutzt.
Beide Quietschwahrscheinlichkeiten werden Ublicherweise in Prozent angegeben; die
Einheit der Differenz AST ist Prozentpunkte.
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Pro Modell und Versuch kann auf diese Weise ein AS7-Wert berechnet werden, d. h.
20 AST-Werte pro Modell. Um die Giite der Modelle und deren Kennwerte zu bewerten
wurden (hauptsachlich) die AS7-Standardabweichung o sy, aber auch die Maximal- und
Minimalwerte von AST beriicksichtigt.

Zur Beurteilung der Modellgute wurde in einem ersten Schritt ein konstantes (nullte
Ordnung Polynom-) Modell gebildet, das den ,,worst-case* abdeckt:

Sjworstcase(aua ac) =0- oy + 0-a.+0- oy - Qe + Ca

Mit der durchschnittlichen Gesamt-Quietschwahrscheinlichkeit von {, = 5, 51 % ergeben
sich oag; = 4,87 Prozentpunkte, die minimale AST zu —5, 50 Prozentpunkte und die
maximale AST zu 12,70 Prozentpunkte flr dieses Modell, das keine Tribosystempara-
meter-Abhéngigkeiten enthélt.

Die Gute jedes Modells kann somit anhand der Verbesserung (Minimierung) von o as;
und Minimal- bzw. Maximalwerten von AST gemessen werden, die naher bei Null liegen
als fir das §\Iwor5t case-Modell.

C.3. Ergebnisse
C.3.1. Echtzeit-Zeitskala

Wahrend der Gesamtheit aller dargestellten Gerduschpriifstandsversuche wurden
Quietschgeréusche bei nahezu allen Frequenzen zwischen 2 kHz und 20 kHz gemessen.
Dieses Ergebnis legt nahe, dass viele unterschiedlich schwingende Systeme aufgetreten
sind, wahrscheinlich einerseits aufgrund der unterschiedlichen verwendeten Belége und
Scheiben und andererseits durch Systemanderungen wahrend des Testprogramms, z. B.
durch unterschiedliche Bremsdriicke.

Die Haufigkeiten des Auftretens bestimmter Quietschfrequenzen unterscheiden sich
zum Teil deutlich. Quietschen trat hauptsachlich bei Frequenzen auf, die sich in sechs so-
genannte dominate Frequenzintervalle einteilen lassen. Bremsgerdusche mit Frequenzen
innerhalb dieser dominanten Frequenzintervalle haben unterschiedliche Abhangigkeiten
ihrer Auftretenshaufigkeiten:

* Quietschen zwischen 2,8 kHz und 3,1 kHz tritt haufiger bei niedrigen Bremsdri-
cken, Fahrzeuggeschwindigkeiten und Bremsmomenten sowie flir hhere Reibwer-
te auf.
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* Die Quietschwahrscheinlichkeit fur Bremsgerdusche zwischen 6,6 kHz und 7,1 kHz
ist fur Bremsdriicke zwischen 10 bar und 20 bar am gréf3ten dasselbe gilt fur nied-
rige Bremsmomente und kleine Reibwerte. AulRerdem ist die Quietschwahrschein-
lichkeit nahezu unabhéangig von der Fahrzeuggeschwindigkeit.

* Quietschen bei Frequenzen zwischen 7,2 kHz und 7,7 kHz tritt haufiger fur niedrige
Geschwindigkeiten und Bremsmomente bei Bremsdriicken unterhalb von 30 bar
sowie hohen Reibwerten auf.

« Die SI fir Quietschen zwischen 7,8 kHz und 8,2 kHz ist bei hohen Reibwerten und
waéhrend Schleppbremsungen groliier.

* Quietschen zwischen 8,7 kHz und 9,1 kHz tritt h&ufiger bei hohen Bremsdriicken
und Belagsteifigkeiten, kleinen Fahrzeuggeschwindigkeiten und héheren Brems-
momenten auf, solange diese unterhalb von 850 Nm sind.

» Die Quietschwahrscheinlichkeit fur Bremsgerdusche zwischen 13,2 kHz und
13,7 kHz ist wéhrend Schleppbremsungen gréRer als wéahrend Stoppbremsungen
und steigt mit hoheren Bremsdruicken, Bremsmomenten, Reibkoeffizienten und Be-
lagsteifigkeiten.

Die Untersuchung des Reibwert- und Belagsteifigkeitseinflusses auf die Quietschfrequenz
zeigte keinen eindeutigen Trend. Es gibt keinen Bereich im p-c-Parameterraum, bei dem
Bremsgerdusche nur innerhalb eines dominanten Frequenzintervalles registriert wurden.
Quietschen mit Frequenzen in fast allen dominanten Frequenzintervallen wurde flr den
grolten Teil des p-c-Parameterraumes beobachtet.

Da keine experimentellen Hinweise auf einen Einfluss der Tribosystem-Parameter 1
und c¢ auf die Quietschfrequenz gefunden werden konnten, wurde flr die Quietschwahr-
scheinlichkeits-Modelle ausschlieBlich die Gesamt-SI fur alle Bremsgeréusche zwischen
2 kHz und 20 kHz betrachtet.

Der wichtigste Einzeleinfluss-Parameter ist der Reibwert da z. B. in den Auswertun-
gen sichtbare Fahrzeuggeschwindigkeitseinfliisse hdchstwahrscheinlich in einem hoheren
Reibwert bei kleineren Geschwindigkeiten begrundet liegen.

Bildet man ein ﬁ-Regressionsmodell ausschlieBlich mit dem gemessenen Reibwert
als Parameter, so ergibt sich

—

ST(un) = 554 % - juy — 15.5 %
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mit einem angepassten BestimmtheitsmaB Rz von 87,6 %. Die maximalen AST-Abso-
lutwerte liegen bei 7,8 Prozentpunkten und es ergibt sich eine AS7-Standardabweichung
von 3,50 Prozentpunkten.

Obwonhl dieses Modell besser ist als das konstante (,,worst case”) Modell, ist es nicht
in der Lage, die Gesamt-Quietschwahrscheinlichkeiten der einzelnen Versuche ausrei-
chend zu berechnen. Der Hauptgrund hierfir liegt in den teilweise sehr unterschiedlichen
Reibwertverteilungen der einzelnen Versuche. Diese fuhren dazu, dass sich der beobacht-
bare Trend erhéhter Quietschwahrscheinlichkeit mit steigendem Reibwert aus verschiede-
nen Grundgesamtheiten zusammensetzt. Der in Abbildung C.1 gezeigte, stark ansteigende
SI-Trend fur Reibwerte ber 0,55 wird lediglich von etwas mehr als einem Viertel aller
Reibmaterial-Versuche unterstitzt (s. oberes Diagramm). Da bei den Versuchen der an-
deren Reibmaterialien diese hohen Reibwerte nicht (mehr als 500 mal) erreicht wurden,
konnen keine Schlussfolgerungen tiber deren Quietschwahrscheinlichkeit bei Reibwer-
ten Gber 0,55 gezogen werden. Alle Reibmatererialien der Versuche mit Reibwerten tiber
0,55 lagen innerhalb einer Reibmaterialienkategorie (,,European-Metallic*). Reibmateria-
lien dieser Kategorie zeichnen sich durch ihren Einsatz in européischen Fahrzeugen und
durch einen Eisen und Nicht-Eisenmetallanteil (nach Gewicht) zwischen 15 % und 40 %
aus. Bei diesen Reibmaterialien war ein deutlicher Reibwerteinfluss auf die Quietsch-
wahrscheinlichkeit zu sehen.

Allerdings gibt es selbst unter Beriicksichtigung des zu erwartenden [—e, ¢]-Fehlerin-
tervalls statistisch signifikante Gegenbeispiele die den Schluss nahelegen, dass der Reib-
wert allein nicht ausreicht, um die Quietschwahrscheinlichkeit maRgeblich zu bestimmen.

Die Mehrheit der S1-Modelle, die den gemessenen Reibwert und die berechnete Echt-
zeit-Belagsteifigkeit in Betracht ziehen ist in der Lage, die einzelnen Quietschwahrschein-
lichkeiten bis zu einem gewissen MaR zu berechnen. Es ergeben sich Werte fur die ASI-
Standardabweichung zwischen 2,81 Prozentpunkten und 3,02 Prozentpunkten. Vergleicht
man das Modell

ﬁ(urt, ct) = —3.9-107% - puy — 0.85m/GN - ey + 2.8 m/GN - iy - e + 1.2 - 1072

mit dem Konstantwert-Modell bzw. mit dem rein Reibkoeffizient-abhdngigen Modell, so
ist die SI Berechnung der einzelnen Versuche sichtbar besser. Allgemein l&sst sich sagen,
dass alle Modelle, die eine ansteigende SI mit ansteigendem . - ¢ zeigen, deutlich gerin-
gere ASI-Werte aufweisen, was 1 - ¢ als Einflussparameter auf die Quietschwahrschein-
lichkeit unterstutzt. Auch zum allgemeinen S (u, ¢)-Trend gibt es statistisch signifikante
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Abbildung C.1.: Reibwerteinfluss auf die Quietschwahrscheinlichkeit (unteres Dia-
gramm). Oberes Schaubild: Anzahl der Versuche mit verschiedenen
Reibmaterialien, die mindestens 500 Datenpunkte im betreffenden
Reibwert-Intervall haben

Gegenbeispiele. Dies deutet darauf hin, dass es weitere EinflussgroRen, wie z. B. struk-
turmechanische Unterschiede oder Dampfung gibt, deren Einfluss nicht verhindert oder
vernachléssigt werden kann.

C.3.2. Bremsung-Zeitskala

Es wurden SI-Modelle auf drei verschiedene Arten, die sich hauptsachlich durch die be-
ricksichtigten Daten unterscheiden gebildet. Fir jede Art wurden Modelle gebildet, die
alle Kombinationen der 20 reibwertbasierenden (o) Und 17 belagsteifigkeitsbasieren-
den Kennwerte aveqqcpq,i SOWIe die Abhangigkeiten der Quietschwahrscheinlichkeit von
einzelnen Kennwerten beriicksichtigen.

Fasst man die Echtzeit-Daten zu einem Wert pro Bremsung zusammen und fiihrt kei-
ne weitere Clusterung durch, so ergeben sich grofRe Streuungen der Sl bei gleichen oder
sehr ahnlichen Reibwerten (dargestellt in Abbildung C.2 (a)) bzw. Belagsteifigkeiten. SlI-
Regressionsmodelle mit diesen Daten sind nicht in der Lage die Quietschwahrscheinlich-
keit pro Bremsung und die Gesamt-SI zu berechnen, d. h. die AS7-Werte dieser Modelle
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sind betragsmaRig erheblich groler als fir die Modelle der Echtzeit-Daten.

Werden die Bremsungskennwerte zusétzlich in derselben Weise wie fir die Echtzeit-
Daten in Intervalle unterteilt und jeweils die (gewichtete) mittlere Quietschwahrschein-
lichkeit zur Modellbildung benutzt, ergeben sich Modelle deren ASI7-Werte mit den
Echtzeit-Daten-Modellen vergleichbar sind. Aber auch diese Modelle sind nicht in der
Lage, die Quietschwahrscheinlichkeit fur einzelne Bremsungen ausreichend gut zu be-
rechnen. Diese Tatsache unterstitzt die in Kapitel C.2.3 vorgestellte SI-Ungenauigkeits-
abschétzung, da die Anzahl der Daten eines Bremsvorganges nicht fur eine ausreichend
genaue SlI-“Messung® genugt, sondern die Quietschwahrscheinlichkeit erst bei Betrach-
tung einer groReren Datenmenge von mehreren Bremsungen mit gleichen Parametern aus-
sagefahig wird.

Um ein gutes Modell mit geringen AS7-Absolutwerten anhand von Bremsung-Zeit-
skala-Kennwerten zu erstellen, werden aussageféahige Kennwerte bendtigt, die modell-
maRig gut abgebildet werden kdnnen (hohes Rgdj). Dabei ist ein schlechtes Modell mit
niedrigem Rgdj basierend auf aussageféahigen Kennwerten besser, als ein gut angepass-
tes Modell, das auf aussagelosen Kennwerten beruht. Die Tatsache, dass es Modelle auf
der Bremsung-Zeitskala gibt, die ahnliche AS7-Werte wie die Echtzeit-Daten-Modelle
aufweisen, legt den Schluss nahe, dass es maglich ist, aussagefahige Kennwerte zu be-
rechnen.

In Abbildung C.2 (b) sind die AS7-Standardabweichungen oy aller Modelle abge-
bildet, bei denen nur Intervalle mit SI, i und ¢ Werten gréRer Null berticksichtigt wurden.
In den meisten Féllen ist ein Ein-Kennwert-basiertes Modell schlechter als ein Modell,
das einen reibwertbasierten und einen belagsteifigkeitsbasierten Kennwert beriicksich-
tigt. Obwohl manche rein Reibwert-Kennwert-basierende Modelle relativ niedrige o as;-
Werte aufweisen basieren die besten Modelle auf dem maximalen Reibwert pro Bremsung
a,,paa UNd der (z. B. mittleren) Belagsteifigkeit, deren berechneter Wert sich aufgrund des
konstanten Bremsdrucks wahrend jeder Bremsung nur geringfiigig andert.

C.3.3. Versuch-Zeitskala

Die SI-Modelle mit Versuch-Zeitskala Kennwerten sind in den meisten Féllen besser als
die Modelle der anderen Zeitskalen, d. h. sie haben sowohl geringere AS7-Absolutwerte
als auch geringere AS7-Standardabweichungen. Insgesamt konnten mit Versuch-Zeitska-
la-Kennwerten 183 ﬁ-Regressionsmodelle ermittelt werden, deren AS7-Standardabwei-
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Abbildung C.2.: SI-Abh&ngigkeiten und S’\I-Modellg[]ten auf der Bremsung-Zeitskala

chungen oag; kleiner als 3,0 Prozentpunkte waren. Die Werte der AS7-Standardabwei-
chungen der Modelle auf der Versuch-Zeitskala sind in Abbildung C.3 dargestellt.

Einige der besten Modelle basieren auf dem mittleren Reibwert o, 1 oder dem Pro-
zentsatz der Reibwerte Gber ;. = 0,5, was die Hypothese der Existenz eines kritischen
Reibwertes fur die Quietscherzeugung unterstiitzt. Dieser wurde von Bergman et al. [9]
fur ihr System gezeigt, ist aber innerhalb der gemessenen Daten der vorliegenden Ar-
beit nicht eindeutig belegbar. Als beste Belagsteifigkeitskennwerte zur E\I-Modellbildung
zeigten sich die Kompressibilitaten der beiden Bremsbelage o 15 Und o 20 SOwie ihr
Mittelwert o« 26, die antiproportional zu einer als konstant angenommenen Belagsteifig-
keit sind und die Werte des Belagsteifigkeitsmodells bei Bremsdriicken von 50 bar bis
100 bar (covet,34 10 i 1t39)-

Die Tatsache, dass es auch auf der Versuch-Zeitskala mdglich ist, gute S1-Modelle
zu erzeugen belegt, dass es mdglich ist aussagefahige Kennwerte aus Messdaten zu be-
rechnen, selbst wenn die gesamten Messdaten eines Versuches auf einen Wert pro Para-
meter reduziert werden. Obwohl die Modelle mit \ersuch-Zeitskala-Kennwerten bessere
Quietschwahrscheinlichkeitsberechnungen flr die einzelnen Versuche liefern als Echtzeit-
Daten-Modelle, ist die Erfassung der Echtzeit-Daten notwendig, um die Kennwerte dar-
aus zu berechnen. Auch unterstitzt diese Tatsache die Annahme der SI-Messungsunge-
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Abbildung C.3.: ASI-Standardabweichung der S1-Modelle mit Versuch-Zeitskala-
Kennwerten

nauigkeit ¢, die Einschrankungen des Belagsteifigkeitsmodells sowie die angenomme-
nen Messungenauigkeiten. Diese Einfliisse treten bei einer groReren Datenmenge (fiir den
vorliegenden Fall eines ausgeglichenen Gerduschprufstand-Versuchsprogramms) nicht so
deutlich hervor wie innerhalb der Echtzeit-Daten. Daher ist zu erwarten, dass durch pra-
zisere Messungen und bessere Belagsteifigkeitsmodelle die §\I(p, c¢)-Modelle weiter ver-
bessert werden kdnnen.

Diese Vermutung wird zusatzlich unterstiitzt durch die Tatsache, dass die besten SI-
Modelle (neben reibwertbedingten Kennwerten) die Kompressibilitat oder Werte des Be-
lagsteifigkeitsmodells bei hohen Bremsdriicken verwenden. Aus Versuchen mit weniger
ausgeglichenen Versuchsprogammen ist ein Einfluss der Gesamt-Belagsteifigkeit d. h.
auch ein Kontakteinfluss, wahrscheinlich, der aber im vorliegenden Modell nur statisch
abgebildet wird. Bei einer Verbesserung des Belagsteifigkeitsmodells das eine z. B. durch
Bremsdruck- oder Vorgeschichtenédnderung bedingte Kontaktanderung (wie von Kemmer
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[58] beobachtet) berlcksichtigt, ist zu erwarten, dass auch Kontakt- bzw. Gesamtsteifig-
keitskennwerte bei kleineren Driicken zu guten ST-Modellen beitragen konnen.

C.3.4. Zusammenfassung und Schlussfolgerungen

Die wichtigsten Ergebnisse der Datenanalysen kdnnen folgendermalien zusammengefasst
werden:

» Wiéhrend der Versuche wurden Quietschgerdausche bei fast allen Frequenzen zwi-
schen 2 kHz und 20 kHz registriert. Gerdusche bei manchen Frequenzen waren
deutlich haufiger. Da kein Zusammenhang zwischen der Quietschfrequenz und den
untersuchten Parametern des Tribosystems gefunden werden konnte ist es wahr-
scheinlich, dass die Quietschfrequenz hauptséachlich von anderen Parametern (z. B.
der Strukturmechanik) beeinflusst wird. Fir weitere Untersuchungen (und Modelle)
wurde aus diesem Grund das Quietschen frequenzunabhéngig betrachtet.

» Der Reibwert ist der dominanteste Einzeleinfluss-Parameter auf die Quietschwahr-
scheinlichkeit, obwohl auch die Belagsteifigkeit einen Einfluss hat. Es ist zu erwar-
ten, dass bei einem verbesserten Belagsteifigkeitsmodell dieser Einfluss deutlicher
zu sehen sein wird. Trotzdem ist das vorgestellte Belagsteifigkeitsmodell ausrei-
chend, um den grundsatzlichen Einfluss der Belagsteifigkeit auf die Quietschwahr-
scheinlichkeit aufzuzeigen.

e Der Trend zunehmender Quietschwahrscheinlichkeit mit zunehmendem Reibwert
wird fur Reibwerte Uber 0,55 nur von Versuchen unterstitzt, die mit Reibmate-
rialien eines Typs (,,European-Metallic*) durchgefiihrt wurden. Da der Reibwert
nicht (komplett) kontrollierbar ist kann keine Aussage Uber das Verhalten der meis-
ten Reibpaarungen bei solch hohen Reibwerten gemacht werden. Zusatzlich bilden
mehrere statistisch signifikant abweichende SI-Trends einzelner Versuche Gegen-
beispiele zum globalen Trend.

 Fir die Mehrheit der Versuche steigt die Quietschwahrscheinlichkeit ST mit dem
Produkt aus Reibwert ;. und Belagsteifigkeit ¢ und auch die Gesamt-SI zeigt diesen
Trend. Allerdings weichen auch hier manche Einzeltrends vom Gesamttrend derart
ab, dass man sie als Gegenbeispiele bezeichnen kann. Es kann gefolgert werden,
dass lokale Trends zunehmender SI mit zunehmendem . - ¢ existieren, diese aber
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von mindestens einem weiteren, nicht Tribosystem-Parameter Uberdeckt werden,
der innerhalb der Versuchsreihe nicht konstant gehalten oder vernachléssigt werden
konnte.

In Bezug auf Datenreduktion und die Berechnung von Kennwerten pro Bremsung bzw.
Versuch konnen folgende Ergebnisse zusammengefasst werden:

» Die Auswahl eines aussagefdahigen Kennwertes, der gemessene SI-Trends wieder-
gibt, ist abhéngig von der Zeitskala. D. h. es wurde kein einzelner Kennwert gefun-
den, der die besten Modelle sowohl auf der Bremsungs-, als auch auf der \ersuch-
Zeitskala liefert, obwohl der Prozentsatz der Reibwerte tber 0,5 auf beiden Zeits-
kalen zu guten Modellen beitragt. Neben der Lage der Reibwertverteilung ist der
Maximalwert pro Bremsung ein guter Kennwert auf der Bremsung-Zeitskala, dieser
ist jedoch anféllig gegeniiber Fehimessungen oder einzelnen ,,Ausreiller“-Werten.
Zusétzlich hangt die Quietschwahrscheinlichkeit von der Belagsteifigkeit ab. Trotz
der Einfachheit des Modells ist die mittlere Steifigkeit durchaus ein guter Kenn-
wert. Folglich ist es moglich, die Trends der Quietschwahrscheinlichkeit durch die
Datenreduktion nicht zu verlieren. Es ist dabei zu beachten, dass hierfiir nicht alle
vorgestellten Kennwerte in selbem Mafe geeignet sind.

o Auf der Bremsung-Zeitskala sind die SI-Trends nur beobachtbar, sofern die
Quietschwahrscheinlichkeit aufgrund von ausreichend vielen Echtzeit-Datenpunk-
ten berechnet wird. Eine Datenreduktion auf einen Wert pro Bremsung ohne die
Kennwerte in Intervallen zusammenzufassen, liefert keine aussagefahigen Quietsch-
wahrscheinlichkeiten. D. h. die Anzahl der Datenpunkte einer Bremsung genugt
nicht fur eine prézise SI-“Messung*.

 Da bei der Kennwertberechnung auch die Messfehler und Modellunzulénglichkei-
ten nicht so stark zum Tragen kommen, sind Versuch-Zeitskala-Kennwerte bes-
ser zur Beschreibung von SI-Trends geeignet als Kennwerte von der Bremsung-
Zeitskala. Im vorliegenden Fall scheinen die Versuch-Zeitskala-Kennwerte sogar
robuster gegenuber Streuungen und Fehlern zu sein, als die Echtzeit-Daten.
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Die wichtigsten Ergebnisse der ﬁ-RegressionsmodelI-Untersuchungen sind:

» Auf allen Zeitskalen sind Einparamter-f?\l -Modelle mit Reibwert-Kennwerten bes-
ser, d. h. haben geringere ASI7-Werte als Modelle, die mit Belagsteifigkeitskenn-
werten berechnet wurden. Die besten Modelle beriicksichen jedoch stets einen reib-
wertbezogenen und einen steifigkeitsbezogenen Kennwert.

« Bei SI-Modellen mit Kennwerten der Bremsung- oder Versuch-Zeitskala ist ein
aussagefahiger Kennwert wichtiger als gutes Modell mit hohem Bestimmtheitsmaf
R?, um Modelle mit geringen A ST-Werten zu erhalten.

* In Tabelle C.1 sind die Daten der besten 5/*\[(% c)-Modelle aller drei Zeitskalen
aufgelistet. Das S1-Modell Nummer vier, basierend auf den Versuch-Zeitskalen-
Kennwerten der Belagsteifigkeit bei 80 bar Bremsdruck « 37 und dem Prozentsatz
der Reibwerte tber 0,5 o, 1,12, ist das beste aller Modelle. ST-Modell Nummer fnf,
basierend auf o, 11, und der mittleren Kompressibilitat beider Bremsbelage a2
ist &hnlich gut. Diese Modelle haben A S 7-Standardabweichungen von weniger als
der Halfte des konstanten (,,worst case®) Modells und unterstreichen den Einfluss
des Reibwertes und der Belagsteifigkeit auf die Quietschwahrscheinlichkeit. Das
beste Modell aufgrund von Bremsung-Zeitskala-Kennwerten basiert auf dem ma-
ximalen Reibwert o, a2 Uund dem Mittelwert einer Gausskurve acpa 6, die tber die
Steifigkeitsverteilung gelegt wurde. Die beiden Echtzeit-S1-Modelle unterscheiden
sich aufgrund der berticksichtigten p-c-Intervalle sowie der Datengewichtung: Das
erste Modell bertcksichtigt nur Intervalle, bei denen S, 1 und c groRer als Null sind
und das Intervall mindestens 50 Datenpunkte enthalt, wahrend das zweite Modell
alle Intervalle mit der Anzahl der darin enthaltenen Datenpunke gewichtet.

* In Abbildung C.4 sind die AST7-Werte aller in Tabelle C.1 gezeigten ST-Modelle
grafisch dargestellt (a), sowie die von den Modellen berechneten Quietschwahr-
scheinlichkeiten gegenuber den gemessenen Sl aufgetragen (b) - (f). Bei einem
perfekten S1-Modell wiirden alle Datenpunkte auf der gestrichelten Linie liegen.
Die vertikale Abweichung zwischen einem Datenpunkt und der Linie zeigt den
AST-Wert fur den betreffenden Versuch (und das betreffende Modell). Aus Tabel-
le C.1 und Abbildung C.4 ist ersichtlich, dass die Modelle dhnliche AST-Trends
fur dieselben Versuche zeigen. Alle Modelle berechnen eine zu niedrige Quietsch-
wahrscheinlichkeit fir den Versuch mit Reibmaterial A und eine zu hohe Sl im Fall
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Tabelle C.1.: Ausgewahlte S1-Modelle basierend auf Reibwert- und Belagsteifigkeits-
kennwerten auf allen drei Zeitskalen

| Modelle |
Zeitskala Echtzeit Bremsung Versuch
Nummer 1 2 3 4 5
Parameter 1 Frt frt Qy1ba,2 QU tt, 12 QU it 12
Parameter 2 Crt Crt Q'c.ba,6 Qe it,37 Qe it,26
¢ [1077] 46.8 | 33.3 -13.3 -15.5 48.4
¢y [M/TN] or [um 1] 0 53.2 -961.3 63.8 |-4.2-10~*
C3 [M/TN] or [um 1] 517.8 | 710.3 | 2646.8 | 880.1 |-5.2-1073
¢4 [1077] -17.4 | -14.6 7.7 0.9 6.4
R, [%] 50.6 | 57.7 (22.0) [76.6] [76.6]
| S Inodenn Abweichungen |

Reibmaterial | Gemessene S| [%] AST [Prozentpunkte]

A 18.21 5.69 | 7.29 7.00 4.08 4.38

B 10.35 -5.29 | -3.48 -5.64 -0.54 -3.88

C 7.07 -5.1 | -2.66 -1.43 -2.39 0.51

D 7.36 -1.66 | -0.27 -0.77 0.61 -1.82

E 7.10 -1.55 | 0.11 -0.03 -0.33 1.20

F 2.85 -3.74 | -3.74 -4.82 -2.95 -3.01

G 0.11 -5.61 | -5.29 -5.77 -3.24 -3.81

H 15.20 2.29 | 1.47 -0.34 -1.94 0.22

I 0.06 -2.59 | -1.53 -3.55 -2.15 -1.13

J 8.79 1.03 | -0.21 -1.43 3.93 3.30

K 0.24 -1.76 | -1.09 -3.66 -2.19 -1.81

L 3.54 0.70 | 1.18 -1.36 0.98 0.79

M 3.04 0.65 | 1.15 -0.86 0.22 0.14

N 5.07 0.97 | 0.97 -0.6 1.96 1.25

@) 4.56 347 | 391 0.79 2.40 2.94

P 1.44 -3.43 | -3.82 -4.11 -2.37 -2.81

Q 0.01 -2.78 | -1.74 -4.19 -2.08 -0.86

R 5.39 1.14 | 0.87 -1.69 2.45 1.66

S 4.44 -0.12 | 0.57 -2.02 1.14 1.01

T 531 059 | 0.76 -1.41 1.87 1.21

Charakeristische AST7-Werte [Prozentpunkte]

Minimum AST -5.61 | -5.29 -5.77 -3.24 -3.88
Maximum AST 569 | 7.29 7.00 4.08 4.38
OASI 3.02 | 2.87 2.82 2.32 2.33
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Abbildung C.4.: Diagramme der Quietschwahrscheinlichkeitsmodelle aus Tabelle C.1
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von Reibmaterial B, obwohl Modell vier die Quietschwahrscheinlichkeit relativ gut
wiedergibt. In gleicher Weise sind die berechneten ST fur die Versuche der Reibma-
terialien F, G und P zu hoch und nur Modell drei ist in der Lage, die Quietschwahr-
scheinlichkeit des Reibwert-O-Versuchs ausreichend genau zu berechnen. Dies al-
les deutet auf mindestens einen weiteren Parameter hin, der flr ein gutes Modell zu
berticksichtigen ware.

Bezogen auf die Zielsetzung der Arbeit wurde somit folgendes festgestellt:

» Es ist moglich das Quietschverhalten, genauer: die Auftretenswahrscheinlichkeit

des Bremsenquietschens bis zu einem gewissen MaR durch den Reibwert und die
Belagsteifigkeit (oder durch daraus berechnete Kennwerte) zu beschreiben, da diese
Parameter die Quietschwahrscheinlichkeit beeinflussen.

Hochstwahrscheinlich existieren weitere Einfluss-Parameter auf das Bremsenquiet-
schen, die wahrscheinlich nicht Teil des Tribosystem sind und zwischen bzw. wah-
rend der durchgefiihrten Versuche nicht konstant gehalten werden konnten. Es ist
unbekannt aber unwahrscheinlich, dass es maglich ist diese Parameter generell kon-
stant zu lassen um die Quietschwahrscheinlichkeit ausschlieBlich mit x und c be-
schreiben zu kénnen.

Es ist moglich eine Datenreduktion der gemessenen Echtzeit-Daten durchzufih-
ren, um pro Parameter einen Kennwert pro Bremsung bzw. pro Versuch zu berech-
nen ohne gemessene SI-Trends zu verlieren. Die besten S1-Modelle wurden mit
Versuch-Zeitskala-Kennwerten berechnet, moglicherweise weil diese Kennwerte
weniger anféllig fir Messfehler oder Unzuldnglichkeiten des Belagsteifigkeitsmo-
dells sind.

Die experimentellen Ergebnisse legen nahe, dass das Phanomen des Bremsenquiet-
schens nur komplett verstanden werden kann, wenn sowohl Tribosystem- wie auch
strukturmechanische Parameter in Betracht gezogen werden. Da die Methode der
Finiten Elemente ein weit entwickeltes Hilfsmittel zur Untersuchung des Bremsen-
quietschens darstellt, sollte dartiber nachgedacht werden, wie tribologische Kon-
zepte darin verankert werden kénnen. Auflerdem sollten weitere Anstrengungen
unternommen werden, die elastischen Eigenschaften von Bremsbelédgen im quiet-
schrelevanten Frequenzbereich zu messen und simulationstechnisch abzubilden.
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